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Experimental investigation on surge
phenomena in small centrifugal

compressors

S. Marelli, V. Usai

University of Genoa, Genoa, Italy

ABSTRACT

Centrifugal compressors are key components in propulsion and energy production
systems. They are commonly adopted in fuel cells, internal combustion engines, small
cogeneration plants and many other systems. The main limitation to obtaining high
performance and high boost pressures in centrifugal compressors is due to the
instability phenomenon that occurs at low mass flow rates. A better knowledge of this
phenomenon can consistently improve the performance of the systems in which cen-
trifugal compressors are installed. The analysis of compressor instabilities, i.e., surge,
is an important topic: during surge occurrence the operating flow can assume a highly
unsteady behaviour with large fluctuations in pressure and mass flow rate. The com-
pressor can be seriously damaged by phenomena of surge instability due to vibrations
and thermal stress. In standard application it is common practice to reduce the oper-
ating area of the turbomachinery working away from the surge line to avoid any risk of
damage. Usually, to avoid the surge occurrence, the maximum boost pressure is con-
trolled with a by-pass valve commonly called dump valve, it is clear that this solution
reduces the mass flow rate provided by the machine and therefore its performance.

A better understanding of surge, which can be achieved through dedicated experimental
investigations, is essential to develop simulation models capable of accurately predict
compressor behaviour and surge occurrence. An in-depth experimental investigation was
carried out on a small centrifugal compressor for automotive application at the test rig for
components of propulsion system of the University of Genoa. A specific circuit
adaptable in length and volume was set up to analyse the effect of different layout con-
figurations on compressor performance with special reference to the low mass flow rate
region. The instantaneous value of pressure and mass flow rate are measured in different
sections upstream and downstream the compressor and along the circuit. Particular
attention was paid in the transition from the steady to the unsteady operation of the
compressor, considering different conditions and circuit configurations. Furthermore, the
present work describes a methodology to analyse surge cycles, showing their variations
with compressor speed and system configuration, applying time synchronous average of
a large number of consecutive cycles to evaluate shapes and sizes of surge cycles. Then,
this paper highlights the energy content of pressure and mass flow rate fluctuations
considering the hysteresis loop during deep surge operations. Finally, a preliminary ana-
lysis on the surge precursor is performed by analysing the low and high frequency domain
of the pressure fluctuations during the transition from the stable to the unstable zone.

1 INTRODUCTION

Turbochargers composed of a centrifugal compressor and a centripetal turbine are
widespread all over the world and find applications in many sectors from energy gen-
eration systems to propulsion systems. The main technology that adopts turbochargers
are internal combustion engines [1], fuel cells [2], small cogeneration plants [3] and
refrigeration systems [4]. The main limit of dynamic compressors is related to the
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instability region at low mass flow rate. This unstable phenomenon causes large pres-
sure fluctuations that cause large vibrations and uncontrolled rise in temperature at the
compressor inlet: a long period in this condition can lead to the failure of the com-
pressor or of the entire plant [5]. One of the first scientific work on this topic was pro-
posed by Emmons et al. [6] in 1955. It was found that the surge consists of two different
types of phenomena and their interaction. The whole system could be unstable in the
manner of a self-excited Helmholtz resonator and, moreover, these phenomena interact
with the stalling of the flow through the rows of blades, which is usually assumed to be
the origin of pulsations. 20 years later Greitzer in [7,8] developed a non-linear model to
predict the transient response of a compression system subsequent to a perturbation
from steady operating conditions. It was found that, for the system investigated, there
is an important nondimensional parameter on which this response depends. Whether
this parameter is above or below a critical value determines which type of compressor
instability, rotating stall or surge, will be encountered. The experimental procedure was
developed to evaluate pressure and mass flow rate during a compressor transient
operation in the unstable zone. Then, the experimental data are compared to the results
of the theoretical model showing a very high degree of accuracy. Following studies by
Hansen et al. [9] confirmed the validity of Greitzer’s model for centrifugal compressors.
Hansen conducted a detailed experimental investigation on a small centrifugal com-
pressor and compared the experimental data to the model calculations, validating
Greitzer’s model. Fink et al. [10] studied the turbocharger surge in a radial impeller-
vaneless diffuser free spool-system considering two very different layout downstream
the compressor. Experimental measurements shown that the impeller stall at the
inducer tips is a key phenomenon in surge inception and it is more severe near the
volute tongue. Another experimental and modelling work by Schleer et al. [11] ana-
lysed the effect of clearance effects on the onset of instability. Time-resolved mea-
surements of the static pressures are performed by installing pressure sensors along
the flow to detect clearance vortices and stall precursors. The work also analysed the
sequence of events leading to rotating stall in the diffuser. A stability analysis revealed
that inlet tip recirculation is triggered when the leakage vortex approaches the adjacent
blade. This leads to a sudden increase of random pressure fluctuation in the inducer
section and a change in the loading distribution. Instead, Galindo et al. [12] analysed
the effect of the inlet circuit geometry on the performance of an automotive compressor
with special reference to the surge line position. Four different compressor inlet circuit
configurations were designed and tested showing a clear sensitivity of the compressor
characteristic curves to the circuit geometry at the inlet.

Nowadays, many researchers adopt 3D high-fidelity compressor simulations to better
understand phenomena leading to the unstable operation of centrifugal compressors.
CFD models are universally used to study the inception and the development of stall
[13,14]. For example, Cravero et al. [15] used an unsteady simulation with a complete
3D model to confirm that the adoption of ported shroud can effectively extend the
operating range of the compressor. Miura et al. [16] develop a CFD model to predict the
inception of rotating stall and its effects on shaft vibration. The model was experimen-
tally validated, and two types of rotating stall are measured: one is a multiple-cell
induced in the vaneless diffuser, the other is a one-cell induced in the impeller.

In this paper, an extensive experimental campaign developed at the test bench for
components of propulsion system of the University of Genoa is described in order to
analyse the behaviour of a radial centrifugal compressor during surge operation.
Pressure and mass flow rate signals measured in different sections of the system are
analysed and used to describe the phenomena that occur during deep surge behaviour
not only in the compressor, but in the whole system. In order to highlight the behaviour
that characterizes the interactions between the system and the compressor, a circuit
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with modular volume and length is adopted. In particular, the energy content related to
pressure and mass flow rate fluctuations is analysed considering the hysteresis cycle
during the deep surge operation. All this information can be used to find precursors of
surge occurrence to be set as control data (i.e., an on/off signal for a bleed valve)
implemented in an on board engine control system.

2 EXPERIMENTAL SET-UP AND MEASURING EQUIPMENT

The experimental activity was developed on a small turbocharger fitted with an
unshrouded vaneless centrifugal compressor (diameter of 40 mm) and a single-entry
nozzle-less waste-gated centripetal turbine, used in automotive application on down-
sized 4-cylinder spark ignition engines.

The experimental campaign was developed at the test bench for components of propulsion
system of the University of Genoa (fully described in [17,18]). The test rig, particularly
suited to test turbochargers in a wide operative range thanks to two independent feeding
lines, is schematically shown in Figure 1. Three electric screw compressors deliver a
maximum of 0.85 kg/s of dry air at 8 bar allowing tests on turbochargers for light and
heavy-duty vehicles. Turbocharges can be tested in “cold” and “hot” conditions by con-
trolling the thermal power of electrical air heaters capable of raising the turbine inlet
temperature up to 750�C. Moreover, the test rig allows turbochargers to be tested under
steady, transient and pulsating flow operation [19–21].

Figure 1. Test bench for components of propulsion system of the University of

Genoa.
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Since the aim of the experimental campaign is related to the analysis of the surge
phenomenon, a modular circuit (red box in Figure 1) is installed downstream the com-
pressor to evaluate the impact of different circuits on surge dynamics. The length of the
pipe can be varied between 0, 2 and 4 metres, while the volume of the plenum can be
varied between 2 and 6 litres. The variable volume plenum is followed by a motorized
throttle valve used to change the pressure losses and control the external characteristic
of the circuit. Figure 2 shows an overview of the test bench layout highlighting the
position of the compressor and the modular circuit. In this paper, the nomenclature
adopted refers to the configuration called VxLy, where x denotes the volume of the
plenum expressed in litres and y refers to the length of the circuit expressed in metres.
Table 1 shows the downstream configurations analysed.

In each measuring section, reported in red in Figure 1, the thermodynamic quantities
are recorded through an automatic data acquisition system developed in LabVIEW�
environment.

Average and instantaneous values of static pressure were measured with piezo-
resistive probes (accuracy of �0.10% of full scale). The air temperature was mea-
sured with K type thermocouples (accuracy �1.5�C), and with platinum resistance
thermometers Pt 100 class A (accuracy of �0.15�C and �0.2% of measured value).
The turbocharger rotational speed was recorded through an eddy current probe
mounted close to the compressor wheel (accuracy of �0.009% of full scale).
The average compressor mass flow rate is evaluated using a thermal mass flowmeter

Figure 2. Overview of the test circuit layout.

Table 1. Downstream configurations.

Layout V2L0 V2L2 V2L4 V6L0 V6L2 V6L4

Total Volume [litres] 3,7 5,8 7,9 7,7 9,8 11,9

Vpipes/Vplenum 0,84 1,89 2,95 0,28 0,63 0,98
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(accuracy of �0.9% of the measured value and �0.05% of the full scale). High-
frequency response piezoresistive probes are adopted to measure instantaneous
values of pressure. Dynamic pressure transducers were installed in different sections
of the compressor circuit, and in the compressor volute. To detect the onset of surge
and determine the transition from stable to unstable operation, i.e. the surge line
position, the compressor outlet pressure signal was used as the reference. By ana-
lysing the low-frequency component of the spectrum, the transition to
unstable operation was then established when the amplitude of the peak crosses 0.6%
of the mean value for each operating condition.

The instantaneous mass flow rate was recorded with a constant temperature anemo-
metric systemwith a fibre film probe calibrated under steady flow conditions against the
thermal mass flowmeter. Since the air temperature influences the output voltage of the
probe, calibration curves were measured at four different temperature levels (20, 50,
75 and 100�C), selected to cover the field of interest of the experimental tests, as
shown in Figure 3.

The fibre film probe was installed in themeasuring section at the compressor outlet with
its axis perpendicular to the flow direction. During deep surge operation, the flow
direction reverses. This phenomenon cannot be captured by the unidirectional single
fibre film probe, so the mass flow rate signal had to be properly post-processed. All the
details on the post processing technique are reported in [22]. In Figure 4 the recorded
signal (in orange) and the post-processed signal (in blue) are compared.

Figure 3. Hot fiber film probe calibration surface.
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The Fast Fourier Transform analysis applied on pressure and mass flow rate signals
confirms the quality of this technique. Before the post-processing, the surge frequency
of mass flow rate signal was double the frequency of pressure signal. After the post-
processing technique, the surge frequency of mass flow rate and pressure signals
matches.

In Figure 5 the FFTof themass flow rate signal before (in orange), and after (in blue) the
post-processing technique is reported, highlighting the energy contents located
at 12 Hz.

Figure 4. Mass flow rate signal before (in orange) and after (in blue) the post-

processing technique.

Figure 5. FFT analysis of mass flow rate signal in deep surge operation

referring to raw data (in orange) and post processed data (in blue).
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Furthermore, the significance of this approach can be observed in Figure 6 where a
comparison between the cycle average hysteresis loop recorded (in orange) and post-
processed (in blue) is reported for 118000 rpm in V2L0 configuration. It is clear that the
shape of the curve is totally different in the extension of the area used here to evaluate
the energy content of the surge cycles.

In surge operation, all signals are processed calculating the time synchronous average
over different complete cycles. As a slight pulse period variation was detected during
the observation window, the real pulse period length was estimated cycle by cycle.
Consequently, the calculation of the point-by-point average signal was referred to fixed
relative positions in the pulse cycle. Finally, a low-pass filter was applied to
reduce noise.

3 EXPERIMENTAL RESULTS

The first step of the experimental analysis is the evaluation of the compressor
characteristic curves for each configuration reported in Table 1. In particular, the
pressure ratio characteristic curves are shown in Figure 7a and 7b, respectively for a
plenum volume of 2 and 6 litres with different circuit lengths (0, 2 and 4 metres). It
can be observed that the position of the surge lines differs from each other with a
maximum deviation of 5%, which is more evident at higher rotational speed levels
due to higher inertial effects. In particular, the surge line position seems to be
moderately affected by the different dumping effects related to the length and
volume of the circuit [23].

Figure 6. Deep surge hysteresis loop with mass flow rate signal before (in

orange) and after (in blue) the post-processing technique.
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Focusing on the unstable behaviour of the compressor, Figure 8 shows the cycle aver-
age hysteresis loop in surge operation for all the configurations analysed together with
the corresponding steady state condition referring to static-to-static pressure ratio.

Figure 7. Compressor pressure ratio maps with reference to outlet plenum

volume of 2 litres (left side) and 6 litres (right side).

Figure 8. Unstable compressor performance compared with steady state for

all arrangements.
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Based on Figure 8, it can be observed that the area of the surge cycles increases as the
turbocharger rotational speed increases for each configuration. In order to better
understand the relationship between the surge cycle area and circuit volume and
length, the analysis in the following section relates the experimental results with the
Greitzer compressor surge theory [7,8].The Greitzer B parameter increases with
the rotational speed and/or the volume rise, as shown in Equation 1. When B increases,
the variation in mass flow rate increases (Equation 2), while the variation in pressure
decreases (Equation 3).

B ¼
u

2ap

ffiffiffiffiffiffiffi

Vp

AL

r

(1)

d _m�
c

dt�
¼ B p�c � p�p

� �

(2)

dp�c
dt�

¼
1

B
_m�
c � _m�

v

� �

(3)

Where:

– u is the tangential speed of the rotor;
– ap is the speed of sound in the plenum;
– Vp, A and L are the plenum volume and the area and length of the pipe system;
– _m�

c and _m�
v are the dimensionless compressor and throttle valve mass flow rates;

– p�c and p�p are the dimensionless compressor outlet and plenum pressures.

The circuit configuration affects the position and the shape of each cycle. With the
increase in circuit volume, the cycles tend to get thinner and the negative portion of the
cycle deviates less from the steady state characteristic. At higher speed, length or
volume, the mass in the system increases, making the system slower during transi-
tions. This behaviour moves the system to operate closer to the steady state char-
acteristic also in the negative mass flow rate region. The shape of the steady state
characteristic in the negative area has been measured and calculated by many
researchers [24,25]: the pressure ratio, approximated as a third order polynomial,
decreases moving from the minimum mass flow rate until the mass flow rate becomes
zero. Therefore, in the negative flow rate region, the surge cycle tends to the steady
state characteristic when the volume or length of the system increases.

The position of the cycle is also affected by inertial effects. When circuit volume and
rotational speed increase, the delays in the propagation of mass flow rate and pres-
sure waves from the point where instability generates to the measuring station
increase. This delay affects the shift between the maximum value of mass flow rate
and the maximum value of pressure. For this reason, the cycles at higher rotational
speed and for higher configuration volumes shift below the steady state compressor
characteristic.

In the following analysis, the area of each surge cycle is adopted as a method to eval-
uate the energy content of pressure and mass flow signals during surge operation.
Figure 9 shows the surge cycle area for different rotational speed levels referring to
each volume, while Figure 10 reports a comparison between each length.
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The cycles area rises with the rotational speed, with a more significant deviation at
higher rotational speed; as a matter of fact, the amplitude of the oscillations of pressure
and mass flow rate signals increases with the turbocharger rotational speed due to the
higher energy content in the system. The effect of the circuit lengths on the cycles area
becomes more apparent at lower volume values, while inertial effects are less affected
by circuit lengths at higher plenum volumes. In addition, the pressure oscillation
amplitude is damped by the friction which rises with the pipe length increase. The same
considerations can be addressed to Figure 10, where the energy content of the surge
cycles is less significant due to the greater volume.

The pressure and mass flow rate oscillation amplitude becomes more important as the
volume decreases. This aspect could be confirmed by the fundamental frequency of the
mass flow and pressure signals in surge operation, evaluated through a Fast Fourier
Transform analysis. In Figure 11 it is reported the fundamental frequency of surge
operation for two different circuit configurations: V2L2 and V6L2. For the high volume
configuration, the time required to complete a cycle is longer due to themore prominent
inertial effects, causing a decrease of the surge frequency.

Figure 9. Effects of turbocharger rotational speed and piping lengths on surge

cycles area for 2 litres volume (on the left) and 6 litres (on the right).

Figure 10. Effects of turbocharger rotational speed and volumes on surge

cycles area for circuit lengths of 0, 2 and 4 metres.
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Moreover, an analysis of the main frequency is conducted comparing the last
stable point with the corresponding unstable operation to evaluate the presence of
surge precursors. In Figure 12 a comparison between the spectra of the compressor
outlet pressure in the last stable point (in blue) and in surge operation (in orange) is
reported. As expected, the oscillations in unstable operation are consistently higher
than the last stable points and, as previously stated, the amplitude increases with the
turbocharger rotational speed. The surge frequency appears to be independent by
rotational speed, while an opposite behaviour is highlighted in the last stable point
where higher frequencies components can be observed. It was observed that, if the
working point of the compressor gradually moves towards the surge operation, the
unstable behaviour can be detected by the occurrence of not negligible components at
low frequency [26].

Besides, the high-frequency domain is analysed to study the surge precursors. In
Figure 13 the auto-power spectra of the pressure measured in the compressor volute
are shown as a function of time in the high frequency domain. The stable part of the
transient ends at second 35, which is the instant when surge occurs. To identify
the blade passing frequency, the frequency of the auto-power spectra is divided by the

Figure 11. Main frequency in surge operation.

Figure 12. Pressure spectra in the last stable point (blue line) and in surge

operation (orange line) for different turbocharger rotational speed

(V6L0 layout).
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turbocharger rotational frequency. The normalized value of the blade passing fre-
quency is 10, which is the number of blades in the compressor. During the transient,
the amplitude of the blade passing frequency component increases when moving
towards the surge line. In proximity to the surge limit, two other components appear
at lower normalized frequencies. These components can be attributed to stall occur-
rence in the compressor, a phenomenon characterized by a frequency lower than the
blade pass frequency. This behaviour can be detected only by the pressure transducer
in the volute. When the flow reaches the compressor outlet pressure transducer, these
components have been damped and are no longer detectable. The components that
appear when moving closer to surge are caused by modulation effects. The modula-
tion of the blade passing frequency component appears with the rotating stall com-
ponent. These components occur when the operating point is close to the
stability limit.

4 CONCLUSION

In this paper an experimental campaign developed at the test bench for components of
propulsion system of the University of Genoa on a small centrifugal compressor of an
automotive turbocharger is presented. A specific circuit with flexible length and volume
was installed downstream the compressor to investigate the impact of different layouts.
To evaluate the behaviour in the unstable region of the compressor, instantaneous
signals of pressure and mass flow rate are recorded.

The behaviour of the compressor was investigated both in stable and unstable opera-
tion. At first, the characteristic curves of the compressor are analysed considering dif-
ferent circuit arrangements highlighting a deviation in surge line position, more
prominent at higher rotational speed levels. Then, the cycle average hysteresis loops
are measured in surge operation for each layout considered and compared to the cor-
responding steady state. It was observed that the circuit configuration strongly affects

Figure 13. High frequency detail of the auto-power spectra evaluated in the

compressor volute at 162000 rpm in V6L4 layout.
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the position and the shape of the cycles. Particular attention was paid to the energy
content of the cycle average hysteresis loops considering the pressure and mass flow
oscillation amplitude. Then, a preliminary analysis on the pressure signal in the low and
in the high frequency domain was performed to highlight surge precursors during the
transition from stable to unstable condition. A comparison between the spectra of the
compressor outlet pressure in the last stable point and in surge is analysed. It seems
that the last stable point and the surge operation do not share the same main fre-
quency, but surge occurrence could be expected if an increase in the amplitude of the
compressor outlet pressure spectrum is detected at low frequency domain. Besides,
analysing the high frequency domain of a pressure signal in the compressor volute, a
modulation effect, probably related to rotating stall, in the instants before the transition
from stable to unstable operation can be detected.

The insight provided by the analysis of surge cycles can be adopted to validate CFD
models for the analysis of surge occurrence and to develop physic-based control-
oriented models to prevent surge occurrence.
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ABSTRACT

The energy conservation and emission reduction requirements of internal combustion
engines push turbochargers towards high efficiency and high compression ratio.
Centrifugal compressors with vaned diffuser have significant efficiency advantages at
high pressure ratio. Due to the compactness demand of internal combustion engine, the
compressor inlet often has a prominent elbow structure. In this paper, the influence of
inlet elbow on the performance of centrifugal compressor with vaned diffuser is studied.
Firstly, the influence of elbow on compressor efficiency, pressure ratio and operating
range is analyzed. The flow loss distribution differences of several inlet pipe geometries
are compared and analyzed based on entropy generation method. The results show
that the inlet elbow causes strong circumferential and radial flow distortion at the inlet
of the impeller, which can lead to a significant deterioration of the performance of the
centrifugal compressor. Furthermore, the influence of the elbow is highly dependent on
its location relative to the volute, because the elbow-induce flow distortion is strongly
coupled with the volute-induce flow distortion in the impeller and diffuser. Specifically,
compared with the straight pipe, the efficiency reduces notably by 1.3% at inlet bending
direction of 270 degree clockwise with the volute tongue, but increases by 0.6% at 180
degrees. Moreover, the operational range is also notably influenced by the location of
the elbow. This study provides guidance for the layout and optimization of compressor
inlet pipe geometry.

Keywords: Centrifugal compressor, Vaned diffuser, Flow distortion, Loss mechanism

*Corresponding Author

15th International Conference on Turbochargers and Turbocharging
Institution of Mechanical Engineers, ISBN: 978-1-032-55154-8

18 DOI: 10.1201/9781003429746-2



1 INTRODUCTION

Centrifugal compressor is one of the core components of internal combustion engine
turbocharger. With increasingly strict emission regulations and pursuit of higher pres-
sure ratio and higher efficiency, centrifugal compressor with vaned diffuser has attrac-
ted more and more attention due to its high single stage efficiency with high pressure
ratio [1–2]. As the compact layout of internal combustion engine structures, com-
pressor inlet will be constrained by other components, which will inevitably lead to
bending and twisting of inlet.

The influence of inlet distortion on compressor performance has been studied. Total
pressure distortion and velocity distortion in impeller inlet is studied by Ariga et al.
[3–5] on the performance characteristics and surge margin of centrifugal compressor.
As for the use of bent inlet, Kim[6] confirmed that inlet bent will cause upstream flow
deformation of the compressor and non-uniformly enhanced flow angle, resulting in a
reduction in compressor stage efficiency compared with straight intakes. Yamada et al.
[7–8] use experiment find that at low mass flow point, inlet bend will cause the inlet of
the compressor impeller to become a pre-eddy current, which inhibits the separation of
the leading edge of the impeller tip side and improves the flow field inside the impeller.

Braembussche et al. [9] have made a remarkable study on the mechanism of the flow
field in volute. The results show that the flow in the volute is negatively blocked and the
pressure gradually increases in circumferential direction under low flow condition, while
the result is opposite under high flow condition. Ceyrowsky and Zheng [10,11] further
studied the influence mechanism of volute distortion on compressor performance. The
propagationmode of circumferential distortion and its influence on impeller and diffuser
are analyzed. The experimental work of Hagelstein [12] shows how the circumferential
pressure distortion affect the discharge flow of the impeller under off-design conditions,
and then lead to the impeller operating point changes in total pressure, temperature
and flow angle. Niu et al. [13,14] reveal the rotating stall mechanism of vaneless dif-
fuser compressor induced by volute and suggest to reduce pressure distortion along the
circumferential direction in vaneless diffuser.

At the same time, several researches have been focused on changing compressor inlet
geometry. Wang [15] studied the influence of the distance between bent pipe outlet and
leading edge of impeller. In the case of large mass flow rate, longer bent inlet changes
the distribution of blade load more obvious resulting in reduced efficiency. Yang [16]
studied the influence of bent inlet of vaneless centrifugal compressor and get to the
conclusion that bent inlet pipe enhances the sizes and ranges of the unsteady pressure
fluctuation. The interaction between inlet vortex direction and impeller rotation direc-
tion is also studied by Hou [17]. The result confirmed that the influence is greatest when
the direction of rotation between block vortex and impeller is the same.

In summary, there are some researches focusing on the influence of inlet piping on the
compressor performance in recent years. And the influence has already been experi-
mentally and numerically confirmed. However, most of these studies are based on
centrifugal compressor with vaneless diffuser. In the centrifugal compressor with vaned
diffuser, due to the existence of blade in diffuser, the volute-induce flow distortion has to
penetrate the vaned diffuser before imposing on the impeller. Therefore, the flow dis-
tortion in the impeller is expected to be somewhat different from that of vaneless one.
Furthermore, the rotor-stator interaction between the impeller and the vaned diffuser
will be much strongly, and hence the flow distortion induced by both the volute and the
inlet elbow can have more profound influence on the flow field and hence the perfor-
mance. Therefore, it is necessary to study the coupling effect of volute distortion and
inlet circumferential distortion in centrifugal compressor with vaned diffuser.

In this paper, the 3D simulation model of centrifugal compressor with vaned diffuser is
established and verified. On this basis, the stability of compressor at low mass flow rate
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and the entropy increase distribution are analyzed. Finally, according to the inlet flow
distortion and the volute circumferential distortion, the influence of different inlet pipe
bending directions on the overall performance of the compressor and the coupling effect
with the volute circumferential distortion are analyzed.

2 THE CENTRIFUGAL COMPRESSOR AND NUMERICAL METHOD

2.1 Centrifugal compressor configurations

In this research, a centrifugal compressor with vaned diffuser is adopted. Geometries of
impeller, diffuser and volute are shown in Figure 1-a. The angle when inlet bending
direction coincides with volute tongue is defined as 0 degree, and four typical different
angles of 0, 90, 180, 270 are taken clockwise, as shown in Figure 1-b. The bending
angle and bending radius of inlet pipe is designed by engineering, which are 120 degree
and 85mm separately, and keep constant in different orientations. Other parameters of
the compressor and inlet model are shown in Table 1.

Figure 1. Centrifugal compressor and inlet elbow.

Table 1. Main geometries of the compressor.

Geometrical parameters Values

Number of impeller blades 7

Number of diffuser blades 13

Bending angle of elbow 120deg

Bending radius of elbow 85mm

Inlet diameter of elbow 91.7mm

Inlet diameter of impeller 65.1mm

Outlet diameter of impeller 100mm

Outlet width of impeller 5.5mm
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The centrifugal compressor has the characteristics of high single-stage pressure ratio
and high efficiency. The operating speed range of this type of centrifugal compressor is
between 87000 and 112000 RPM. Compressor speed when internal combustion engine
is at optimum fuel economy is about 95500 RPM through experiment, which is selected
in simulation study as rotating speed. The outlet pipe adopts straight shape in order to
minimize the influence of outlet distortion effect as well as study coupling effect
between volute and inlet bend more independently.

2.2 Numerical method and validations

In order to better study the performance and structural details of internal flow field of
vaned diffuser compressor with inlet elbow, it is very necessary to use three-
dimensional steady CFD simulation techniques. The three-dimensional fluid simula-
tion software adopted in this paper is ANSYS-CFX. The model flow field needs to be
meshed before simulation by different domains. The flow domains of the centrifugal
compressor are shown in Figure 2-a, which are divided into five parts: inlet bend,
impeller, vaned diffuser, volute and outlet straight pipe. Among them, impeller and
diffuser use structured grid and are completed by Ansys TurboGrid module. Near-wall
surface with high flow velocity gradient is specially encrypted in order to guarantee a
relatively small y+, as shown in Figure 2-b and 2-c, the first layer thickness can reach
2.5 � 10-5m. The inlet bend, volute and outlet pipe are made of unstructured mesh,
which is completed by Ansys Mesh module. After grid independence verification, total
grid number of five parts reaches 7.73 million, among which the impeller grid number is
3.8 million and diffuser grid number is 3.2 million.

Figure 2. Computational domain and mesh.
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Among the above five parts, the impeller is rotating while the rest are fixed. So, there is
a problem of rotation and static conversion between grids. In this paper, Frozen Rotor
method is adopted to deal with the interface of inlet – impeller and impeller – diffuser.
Spalart-Allmaras turbulence model (S-A model), which is a one equation model, has
high calculation accuracy for free shear turbulence, attached boundary layer turbulence
and moderately separated turbulence flow, which can meet the requirements of engi-
neering calculation accuracy. Meanwhile, it is faster than two-dimensional model,
therefore it has been widely used in aerodynamics. In terms of inlet and outlet bound-
ary, total pressure outlet is adopted in large flow condition because of the
stable working condition. When flow rate is low and close to compressor stall, mass flow
outlet is used to ensure convergence.

For purpose of ensuring reliability of simulation results, experimental results are com-
pared with simulation results. Due to the confidentiality requirements of the enterprise,
the pressure ratio and efficiency are processed in a normalized way which are shown in
Figure 3. The results illustrate that pressure ratio and efficiency of simulation results fit
well with the data measured by actual experiment. It is worth mentioning that the pres-
sure ratio measured by simulation is slightly higher while the efficiency is perfectly mat-
ched with the experimental map line. This result proves the reliability and stability of
simulation model and gives us confidence to use simulation data to predict actual com-
pressor working conditions. Subsequent work will be carried out based on this model.

3 PERFORMANCE OF INLET STRAIGHT PIPE AND DIFFERENT BENDING

DIRECTIONS

Due to the compactness demand of internal combustion engine, compressor inlet pipe
is usually not an ideal straight structure but may bend in any directions, which is bound
to cause flow field distortion at impeller inlet. This distortion spreads downstream with
incoming flow, and then affects flow field structure inside impeller and diffuser. At the
same time, due to the influence of asymmetric structure of volute, the flow field dis-
tortion caused by volute will also propagate upstream, they two distortions are tightly
coupled, resulting in changes in flow range, performance and pressure ratio of the
compressor. However, the coupling mechanism between the two has not been studied
in centrifugal compressor with vaned diffuser yet. Therefore, it is very necessary to
analyze the performance variation mechanism of inlet elbow distortion and volute dis-
tortion of centrifugal compressor with vaned diffuser and the coupling mechanism of
flow field.

Figure 3. Experimental normalized PR and mass flow rate via CFD results.
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3.1 Compressor performance at different inlet bending directions

In order to analyze the inlet elbow influence, three points, normalized mass flow rate at
0.871, 0.913 and 0.934, with the smallest difference between their simulation perfor-
mance and actual compressor experimental parameters in straight inlet condition are
selected. The flow conditions of inlet elbow are analyzed based on these three points. In
order to check the application scope of elbow model, two points at relatively large mass
flow rate with low pressure ratio are also simulated as auxiliary verification, and results
were shown in Figure 4.

The variation curves of efficiency in different bending directions are analyzed, as shown
in Figure 4 upper part. In order to more significantly display and analyze the differences
between various angles, three relatively lower mass flow rate points are selected to
make Figure 4 lower part.

As is shown in Figure 4, when normalized mass flow rate is greater than 0.913, the
straight pipe is superior. When flow is less than or equal to 0.913, the performance of
elbow in 0 degree direction and 180 degree is better than other cases, the 90 degree
direction is similar to straight pipe. The performance of elbow in 270 degree direction,
however, is much lower than others under any kind of flow case. For example, compared
with 0 degree condition at normalized mass flow point 0.87, the 270 degree condition is
1.9% lower in normalized efficiency, and in position 0.913 the 270 degree condition is
2.1% lower.

Figure 4. Efficiency in different bending directions.
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In addition, there are also significant differences in compressor stability. Point 1 and
point 2 at 90 degree and 270 degree working conditions have fluctuated in the steady-
state simulation, while the remaining 0 degree, 180 degree and straight pipe converge
very smoothly. In fact, mesh model and time step used between different bending
directions are the same and just orientations are different.

To facilitate the analysis in next section, it is necessary to determine the unstable parts
of the compressor. In fact, the instability of compressor can be judged by the following
stability parameter (SP) indicators [18]:

SPi ¼ �
1

PRi

@PRi

@m
(1)

The overall condition for stability is:

SPtot ¼ SPcomp þ SPdiff (2)

Here the subscript tot means the whole compressor stability, comp and diff represent
compressor and vaned diffuser respectively. The SP formula indicates compressor’s
stability, and the larger the value, the more stable it is. Parameters such as pressure
ratio and flow rate in straight pipe are selected as input conditions. By inputting each
parameter and calculating partial derivative, the stability parameter table of centrifugal
compressor with vaned diffuser of this type can be obtained as shown in Figure 5.
According to the data, the position of instability and the unstable components can be
easily judged. It can be seen that fluctuation of diffuser’s SP parameter is almost above
the 0 line, and only the left-most point is a little below 0. It can be inferred that the
diffuser is basically in stable working range, while the impeller is unstable near nor-
malized mass flow rate of 0.84. This corresponds to the fact that straight pipe shown by
black line in Figure 4 is still stable near normalized mass flow rate of 0.87. In fact, it
does become difficult for straight pipe to converge near relative flow rate of 0.83, which
will inevitably bring in error. This is also the reason why steady-state simulation has a
little numerical difference with experimental value at this point. Unsteady simulation
can be used in later study to expand calculation accuracy of these unsteady points in
order to obtain more reliable calculation results.

Figure 5. SP for vaned centrifugal compressor.
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3.2 Coupling mechanism

According to the SP parameter in the previous section, it can be found that the impeller
firstly becomes unstable when the mass flow is small. In this section, the causes of
impeller instability are analyzed from the perspective of flow field. The working condi-
tions under different bending directions are also compared.

The volute of compressor is generally designed according to the optimal performance
point, thus at the optimal performance, the change in cross-sectional area of volute is
exactly consistent with the flow increment it can withstand. However, this is not the
case at lower mass flow point and higher mass flow conditions far from optimal per-
formance. In the case of high mass flow, the mass flow increment is greater than the
ideal design load of volute. Leading to the condition that the volute is equivalent to a
gradually shrinking nozzle. The static pressure of volute decreases gradually from
volute tongue along circumference. However, the lower mass flow condition is exactly
the opposite, the flow increment is smaller than the incremental change in cross-
sectional area of volute, which makes the volute equal to a gradually expanding
nozzle, and static pressure increases gradually from the volute tongue to the outlet of
volute in circumferential direction. This is also verified by the section pressure dis-
tribution in Figure 6, which takes the flow field with a normalized mass flow rate of
0.87 as the analysis object. The flow field analyzed below is also based on the small
flow point of 0.87. In a clockwise sequence, eight volute sections as shown in
Figure 6-a are placed clockwise starting from the volute tongue, and the average
static pressure distribution on the obtained sections is shown in Figure 6-b. It can be
seen that compared with ideal pressure distribution, there is an obvious area of static
pressure uplift, namely section 3 to section 6. The corresponding circumferential
degree ranges from 90� to 225�. In this case, although the diffuser as a whole does not
become unstable, flow separation phenomenon still occurs in some areas. As shown in
Figure 6-c, large separation vorticity is generated in the blade of the diffuser with a
blade near 180� while the air flow is very smooth at Point 2. The two different phe-
nomena are mainly caused by the change of pressure in diffuser outlet. The diffuser
outlet pressure is relatively constant when volute pressure remains uniform, ensuring
that the pressure side (PS) and suction side (SS) in the vaned diffuser are in normal
design state, as shown in Figure 6-f (point 2). When the pressure inside the volute has
the divergent nozzle effect caused by small mass flow, the outlet pressure of diffuser
tends to increase circumferentially, resulting in a large pressure increase at original
suction side, and even resulting in the phenomenon that the pressure at suction side
is higher than pressure side as shown in Figure 6-e. The positions of suction side and
pressure side are switched and unloaded, and fluid cannot cling to the blade. Then
flow separation occurs.
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It is well known that the compressor efficiency is closely related to irreversible flow loss.
This key indicator can be quantitatively analyzed by the entropy generation rate, which
is a good way to measure the heat loss and the viscous dissipation.

The entropy generation is expressed by the thermodynamic parameters of the inlet and
outlet of different components:

DSI ¼ m cpln
T2

T1

� �

�Rln
P2

P1

� �� �

(3)

Figure 6. Distortion area of volute.
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And the parameters are made with normalized processing. As can be seen from
Figure 7, the straight inlet pipe and inlet elbow with bending direction of 180 degree
have small entropy generation rate. The total entropy generation of 270 degree is the
largest, 0 degree and 90 degree cases have the generation rate between maximum and
minimum. In terms of the constituent structure of entropy generation, the main parts
are impeller, vaned diffuser and volute, and the entropy generation in both inlet pipe
and outlet pipe are small. Due to the existence of inlet elbow, the entropy generated by
inlet elbow is greater than that in straight pipe section, and the partial distortion will
continue to be transmitted downstream. The impeller region occupies a dominant
position of entropy increase, among which, when the inlet bending direction is 270
degree, the entropy increase in impeller is much larger than other cases, indicating that
the internal flow field is rapidly deteriorating at this time.

In addition, the distortion caused by volute can also be displayed through the pressure
distribution at the inlet of impeller, as shown in the left half of Figure 8. It can be seen
from the figure that the flow field at the inlet of the impeller distributes relatively
evenly in the circumferential direction, but the static pressure increases at opposite
angle to the volute tongue direction. After inlet elbow is applied, the pressure dis-
tribution at inlet of the impeller is obviously different, as shown in the right half of
Figure 8. The dual vortices caused by elbow can be clearly observed, which are located
in the blue area with low static pressure. At bending direction of 180 degree, the
strength of the dual vortices are obviously weakened and become different sizes. In
other three bending angles, strength of the two vortices is similar. After the elbow is
applied, the region of high static pressure is located on the other side of the dual
vortex as a whole. However, due to the influence of the pressure change caused by the
circumferential distortion of volute, the region of high static pressure at 0� and 270� is
obviously expanded. But the phase is off by about 30�

� 90�. It is worth mentioning
that although the volute and inlet bend bring some parts of the impeller inlet static
pressure increase, the mechanism is different. The volute increases inlet static pres-
sure mainly because the volute pressure distribution leads to increase of inverse
pressure gradient. The static pressure of the inlet bend is increased because of the
stagnation effect caused by the bend.

Figure 7. Static entropy increase in different parts.
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Therefore, it is necessary to further explore the relationship between distortion caused
by inlet and flow field distortion of diffuser. Figure 9 shows the comparison between
straight pipe inlet and bending direction of 0 degree,180 degree and 270 degree. The
counter at inlet of impeller is static pressure while the counter at constant span 0.9 in
impeller and diffuser domain are set to Mach counter. The two different counters are
distinguished by a black circle. Figure 9-a compares straight pipe inlet and inlet at
bending direction of 180 degree which has the maximum efficiency. In the straight pipe
condition, the high static pressure area of inlet and diffuser distortion position are at the
same angle. In condition where bending direction is 180�, there is still a low Mach
number area inside diffuser. However, the low Mach number area is located in different
position with the straight one, and the low static pressure region at impeller inlet
counteract the origin high pressure position. In Figure 9-b, the expansion of the high
static pressure area appears at inlet of the impeller in both 0 degree and 270 degree
inlet bending direction. Due to the phase difference, when the bending direction of inlet
elbow is 0 degree, the area caused by the circumferential distortion of the volute is
“exactly” avoided. However, when the bending direction of the inlet elbow is 270
degree, the superposition of the distortion is realized, which leads to great decrease of
efficiency and advance of surge.

Figure 8. Impeller inlet pressure distortion.
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The flow field inside the impeller and diffuser is further analyzed. As shown in
Figure 10-a, the flow field inside the impeller is relatively stable when the inlet is a
straight pipe section, and no obvious stall phenomenon or large eddy current mass is
observed. The low mach number area inside the diffuser is mainly concentrated
around 120� to 180�, and the diverting field in the rest parts is relatively stable. When
the inlet bending direction is 180�, as shown in Figure 10-b, the low mach number
area inside the diffuser changes to 60� to 120�, and the flow field inside the impeller
and diffuser remains stable. When the bending direction is 270�, as shown in
Figure 10-c, the distortion position at the inlet of the impeller overlaps with the cir-
cumferential distortion position of the volute, and obvious stall phenomenon appears
inside the impeller, and the stall channel is not only one, but extends to three channels
counterclockwise, making all the flows in the three channels unstable, resulting in a
substantial decrease in efficiency. That’s why the entropy inside the impeller generats
so much at 270 degree.

Figure 9. Relationship between inlet pressure distortion and vaned diffuser

distortion.
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When the bending direction is 270�, the distortion position of inlet is exactly consistent
with the distortion position of straight pipe inlet, resulting in the effect of distortion
superposition, which makes the area with negative flow angle difference of inlet at 270�

much larger than the other three bending directions. At other angles, the inlet distortion
position is different from circumferential distortion position of volute, which ensures the
stability of flow field inside impeller.

The impeller stall is mainly caused by inlet flow angle. With decrease of incidence angle,
there is no longer enough air sticking to the blade surface, and the boundary layer
begins to separate prematurely from blade surface.

As has been mentioned above, the volute distortion will not only affect the inside of
vaned diffuser, but also affect the upstream of impeller blade due to the change of
pressure. Without the influence of volute, the angle of impeller inlet will be relatively
periodic and uniform. However, due to the existence of volute, the flow angle of the
leading edge of impeller inlet will also change. As shown in Figure 11, it is the flow angle
of inlet at the height of 0.9 blade. At this time, it can be judged that the impeller and
diffuser are in a stable working range through SP diagram. The upper part of Figure 11-a
shows the flow angle at 0.9 blade height in the working condition of inlet straight pipe.

Figure 10. Mach number in straight inlet and bending direction 180� & 270�.
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Due to the distortion caused by volute, the inlet angle decreases at 60� to 240� in cir-
cumferential direction, making it easier for instability to occur. But most places of inlet
flow angle are above the incidence angle shown by red dotted line. However, the
working condition with inlet bending direction of 270 degree is completely different.
Due to the superposition of the volute circumferential distortion and the inlet bend area,
the flow angle near 180 degree is greatly reduced, and the flow angle is even less than
the blade incidence angle as shown in lower part of Figure 11-a, thus causing the
compressor instability. The same conditions at 0.9 blade height are calculated respec-
tively in bending directions of 0 degree, 90 degree, 180 degree and 270 degree and are
shown in Figure 11-b. The figure can reflect difference in direction and magnitude
between inlet elbow and straight inlet. It can be seen from figure that the position of
airflow angle distortion caused by four inlet elbows of 0 degree, 90 degree, 180 degree
and 270 degree is totally different. The bending direction of 180 degree has the lowest
distortion even less than straight pipe inlet.

Figure 11. Impeller inlet flow angle at span 0.9.
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Figure 12 further illustrates a sketch of the interpretation of the flow interaction
between the elbow and the volute. The distortion caused by the volute is to reduce the
incidence angle at entrance, as shown by black line.

The distortion caused by inlet bend includes both the area of incidence angle increasing
and decreasing area, which are shown by dashed lines in the figure. Due to different
orientations of inlet bend, the distortion caused by inlet bend also has phase difference.
The red and blue dashed lines in the figure represent two typical inlet distortions with
phase change due to different bent directions.

When the area of the inlet distortion reduces incidence angle coincides with volute
distortion (as shown in solid red line), the distortion will be greatly enhanced. On the
contrary, if the area where inlet distortion increases the incidence coincides with the
volute distortion (as shown in solid blue line), the distortion will weaken and the flow
field will be homogenized.

4 CONCLUSIONS

The vaned centrifugal compressor has become an important part of the internal com-
bustion engine supercharger because of its high efficiency and high single stage pres-
sure ratio. In this paper, the compressor performance characteristics and flow
mechanism of centrifugal compressor with inlet elbow in compact structure are studied,
and the coupling mechanism of inlet distortion and volute distortion is analyzed. Three
main conclusions are drawn as following:

1. Inlet elbow has a great influence on the efficiency of centrifugal compressor with
vaned diffuser, and it varies with different bending directions. Specifically, the effi-
ciency in small mass flow situation is much lower than straight tube when the angle
is 270� while at 180� the efficiency will be higher than straight pipe.

2. According to the entropy generation method, the specific loss domain is analyzed.
Compared with straight pipe inlet in small mass flow situation, the inlet bend at 180
degree will lead to a decrease in entropy generation in vaned diffuser, while the inlet

Figure 12. Practical coupling effect and theoretical mechanism.
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bend at 270 degree significantly increases the entropy generation in impeller, indi-
cating that the internal flow field is rapidly deteriorating here.

3. The coupling relationship between the flow field distortion caused by inlet elbow and
the circumferential distortion caused by volute is studied in small mass flow situa-
tion. The research shows that the existence of volute will lead to a distortion of
impeller and result in high static pressure area, which is located in the opposite
direction of the volute tongue. When the area of high static pressure generated by
volute overlaps the area of high static pressure generated by the stagnation effect of
inlet bend, the incidence angle is greatly reduced, resulting in deterioration of per-
formance and advance of surge, as in the 270 degree inlet bend case in this paper.
When the large flow and low static pressure area caused by inlet bend overlaps the
high static pressure area caused by volute, the inlet flow angle will be more uniform
and the performance will be improved.

According to the results of this research, it is confirmed that the configuration of the
inlet pipe has notable influence on the performance of centrifugal compressor. The
influence is resulted from the interaction between the flow distortion induced by volute
and the inlet pipe. However, these results are based on the steady simulation. Further
simulation will be carried out in an unsteady way for follow-up research and get more
accurate relationships between the flow field distortion caused by inlet elbow and the
circumferential distortion caused by volute.

NOMENCLATURES

CFD Computational Fluid Dynamic

Cp Specific heat J/(kg��C)

m Mass flow rate kg/s

P Pressure Pa

PR Pressure ratio -

SS Suction side

PS Pressure side

SP Stability parameter -

T Temperature K

DS Entropy generation J/(kg�K)

Subscripts

comp Compressor

diff Vaned diffuser

tot Total
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ABSTRACT

This paper discusses ways of deploying electrical machines (EM) on a turbocharged
internal combustion engine and assesses their energy effectiveness. Inspired by the
2026 Formula OneTM regulations, the simulation software AVL BoostTM is used to
investigate the use of an EM attached to the turbocharger rotor (eTC) and that of a
powerful EM at the engine crankshaft (MGU-K). Both improve powertrain performance,
with the 350kW MGU-K achieving the best transient performance despite its limited
impact on the responsiveness of a non-eTC turbocharger (turbo lag), while the eTC
yields the best engine efficiency control and is the most energy efficient solution.

1 INTRODUCTION

From fully the electric to the electric-hybrid vehicle, electric motors have already been
used to power cars and race cars, nevertheless fully electric race cars do not yet have
the energy capacity for extended distance racing at the speeds expected from elite
racing series. Early ‘push-to-pass’ hybrid motorsport powertrains, such as KERS [1],
have been replaced with ‘torque-fill’ architectures where the power output of the elec-
tric motor (EM) is sufficient to significantly enhance the acceleration of the vehicle at a
range of road and internal combustion engine (ICE) speeds. However, electrical storage
on such vehicles is limited by weight, and package considerations or by regulations
meaning that the ICE and EM must work as an inter-dependent system in order to be
competitive in a race.

In order to assess how ICE and EM combine best to improve race car acceleration, this
paper examines two alternative uses of the EM. Firstly, on the end of the turbocharger
(TC) rotor to minimise turbo lag and secondly as a P1 hybrid architecture [2] to torque-
fill, namely propel the car using electric power when the engine does not produce
enough torque to meet the driver’s demand. The obvious combination of both e-turbo
(eTC) and P1 hybrid are not included for brevity, but comments are offered on how the
assessments reported here extend to those systems.

This paper is inspired by the publication of the proposed changes in Formula OneTM

power unit technical regulations in 2026 [3]. Looking back to the 1980s, the first turbo
era in Formula OneTM featured engines with conventional turbochargers which were air-
limited by intake manifold pressure regulators and reliant on high-octane fuels. After
regulations excluded turbocharged engines for several decades, turbocharging
returned to Formula OneTM in 2014 [4] under a different form. The engine was now part
of hybrid-powertrain alongside two motor-generator units (MGU), one linked to the
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crankshaft of the engine (MGU-K – P1 position) and the second connected to the tur-
bocharger (MGU-H) allowing for complex energy management. In addition, the 2014
regulations introduced a fuel mass flow limit which changed the engine design philo-
sophy. Previously, efficiency was of secondary importance and if engine power output
could be increased by usingmore fuel and could overcome the addition weight handicap
caused by a bigger tank, the solution was viable. However, as the fuel flow is now lim-
ited, engine designers must make the most out of the limited energy available which
makes fuel conversion efficiency a primary target. Even if the engine geometry and
power output will stay the same, 2026 will see several major changes, namely the
switch to 100% sustainable fuel (thereby changing the combustion characteristics), a
change in thermal/electric power balance by increased MGU-K power and reducing fuel
flow limit, leading to reduced local tailpipe emissions, and the removal of the MGU-H.

The latter change is the inspiration for this study. By removing the MGU-H, the 2026
engine will feature a conventional turbocharger, not electrically assisted. In the 2014
regulations, the turbocharger rotor speed was controllable with the MGU-H and any
imbalance between the compressor work requirements and turbine supply could be
supported by this EM. Furthermore, any excess turbine work could be used to charge
the electrical system. In 2026, the turbocharger rotor speed will only be a function of
the exhaust enthalpy, turbocharger design and wastegate strategy, meaning that the
engine will again be subject to turbo lag making rapid changes in power (load) demand
challenging.

Turbo lag refers to the delay between driver’s load demand and engine delivery [5].
Typically, when the engine is operated at part-throttle / part-load, exhaust enthalpy is
low leading to a reduction in turbocharger rotor speed. As turbocharged engine power
output relies on high intake boost pressure, when the driver suddenly demands max-
imum torque, it takes time for the engine to increase exhaust enthalpy, speed up the
turbine and to build up appropriate boost pressure in the intake manifold and hence
increased engine performances. The longer the delay, the higher the turbo lag, with
obvious impact on racing performance.

To reduce turbo lag asmuch as possible, the aim is tominimise the change in turbocharger
rotor speed over time or at least to be able to speed up the turbocharger rotor rapidly. This
phenomenon is very well known, and the literature proposes a range of solutions. These
solutions can be classified in four different categories as shown in Table 1:

Table 1. Categorisation of turbo lag reduction solutions.

Category Solutions Description

Minimise turbo-
charger
moment of
inertia

Reduce turbocharger rotor
mass and size (inertia) (5),
(6), (7)

Reduce turbocharger rotating
dimensions and use of low-
density material (ceramic for
instance) to reduce the rotor
moment of inertia

Reduce turbocharger
friction losses (5)

Modify turbocharger bearings to
reduce friction loses

Use of axial turbine (6) Use axial turbine rather than
radial to benefit from their inher-
ent lower moment of inertia (only
featured in research engines to
date)

(Continued )
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Table 1. (Continued )

Category Solutions Description

Turbochargers in parallel
(5)

If the engine architecture allows
it, use several turbochargers in
parallel (for example one for each
bank of a V-shaped engine)
leading to smaller and more
responsive turbocharges than if
only one was used

Turbine aspect
ratio

Reduce turbine aspect ratio
(5), (8)

Reduce the capacity of the
turbine to increase the pressure
drop and thus the energy recov-
ered providing that the turbine is
not choked, and that the engine
back-pressure does not exceed
reasonable limits

Variable turbine geometry
(5), (8)

Modifying the inclination of tur-
bine nozzle vanes to modify the
effective turbine aspect ratio and
improve the turbine efficiency
over a range of operating
conditions

Twin-scroll or twin-entry
turbine (9)

Use multi-entry turbine to make
better use of the interacting pulse
flow of the engine cylinders

Multiple stage turbocharger
(5)

Use several turbochargers in
series, each adapted to different
operating conditions

Increased
exhaust
enthalpy

Late combustion or Early
exhaust valve opening (10)

Retard ignition or early exhaust
gas release so that most of the
fuel energy is not used for work
production but is sent in the
exhaust system as high-
temperature gas

Exhaust manifold fuel
injection

Fuel injection in the exhaust
manifold. Due to the very high
temperature, the mixture ignites
with the whole fuel energy dedi-
cated to increase exhaust
enthalpy (no work production)

Mixture fuel enrichment Reduce the mixture air/fuel ratio
to increase exhaust enthalpy

Appropriate exhaust pipes
material and insulation

Reduce thermal inertia of
exhaust manifold and reduce
heat loss upstream of the turbine

(Continued )
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In addition to the above, and linked at least indirectly, are the turbocharger matching
techniques commonly employed such as internal or external wastegates and pressure-
release valves in the intake manifold.

However, several of the above technical solutions are not allowed under the published
2026 Formula OneTM regulations, either because of the regulations (variable turbine
geometry and e-turbo not permitted [3]) or engine philosophy as the engine is fuel-
energy limited.

This paper is investigating how the use of an EM can help the engine to mitigate turbo
lag effect.

2 ENGINE MODEL, SIMULATION SETTINGS AND PERFORMANCE

INDICATOR

2.1 Engine model and simulation settings

The engine model used for this study has been developed using AVL BoostTM, a 1D
internal combustion engine simulation software. For this work, AVL Boost is used in
transient mode, the engine state is computed cycle by cycle with a user-defined crank
angle step for each cycle and the results reported are the average values of each
parameter over the cycle. The model is based on the 2026 Formula OneTM Power Unit
Regulations published on the FIA website on the 16th of August 2022 [3].

The data used for the creation of the 2026 engine model comes from the Cranfield F1
Design Sprint, an extra-curricular project run every year by students of the Advanced
Motorsport Engineering / Mechatronics MSc at Cranfield University. Advanced simula-
tion is used to provide an independent assessment of the performance capabilities of
current and future Formula OneTM powertrains. The students receive no engine data
from the industry and therefore remain free to talk about their learning openly.
However, the simulated performance results are scrutinised by people within the
industry and through successive rounds of presentation, comment and improvement,
confidence in the authenticity of the models is generated. In addition, sensitivity

Table 1. (Continued )

Category Solutions Description

External assist Electrically assisted turbo-
charged (8)

Control the turbocharger rotor
speed with an electric motor

Hydraulic assisted turbo-
charged (7)

Control the turbocharger rotor
speed using high pressure oil
using hydraulic turbine and pump
mounted on the turbocharger
rotor

Compressed air assist (5) High-pressure air injected either
in the compressor wheel, turbine
wheel or exhaust manifold

Reduce compressor load
during gear changes and
off-throttle operation

Deliberately reduce compressor
aerodynamic load using
upstream throttle valves and use
compressor/turbine momentary
imbalance to speed up the rotor
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analyses have been conducted on the parameters which values have been estimated in
the above manner to assess their impact on engine performance and be confident that
any difference with industry-used values would not significantly change the conclusions
drawn in this paper.

The main characteristics of the engine are summarized in Table 2 and the model initi-
alisation is done using results from constant speed simulation:

To run transient simulations, an energy consumer is required, in this case a vehicle
representing Formula OneTM type car that isn’t being limited by a lack of tyre grip. The
settings of this notional vehicle can be found in Table 3:

The turbocharger moment of inertia has been estimated via a self-created CADmodel of
the rotor based on the dimensions of the Garrett G30-770-58mm turbocharger [11]
using nickel for the rotor and turbine wheel and titanium for the compressor wheel. The
engine and drivetrain moments of inertia have been determined using methods pub-
lished in the literature [12].

Table 2. Engine model parameters.

Parameter Unit Value

Bore mm 80

Stroke mm 53.052

Number of cylinders – 6

Engine moment of inertia kg.m2 0.034

Turbocharger moment of inertia kg.m2 6.55e-5

Table 3. Vehicle model parameters.

Parameter Unit Value

Mass kg 936

Rolling radius mm 360

Vehicle load N 578.5 + 0.76*V2

Drivetrain moment of
inertia

kg.m2 0.1

Gear ratios – 2.65/2.29/1.975/1.7/1.46/1.255/1.08/
0.93:1

Final gear ratio – 5.35:1

Gear upshift/downshift
RPM

RPM 9000/12000

Gear shifting time ms 12
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The turbocharger is also equipped with wastegates whose opening is defined via an ECU
model by a user-defined map which is a function of turbocharger rotor speed and
compressor intake mass flow. The aim to is open the wastegate when the turbine is
about to reach its maximum swallowing capacity to avoid excessive back-pressure
build-up and to control turbocharger rotor speed.

The vehicle load considers simplified rolling resistance (not vehicle speed dependent)
and drag [13].

As the model is set to run transient simulation, it is controlled via an ECU model. The
ECU dictates the load demand and accordingly controls fuel injection, waste gate and
throttle position, using user-defined maps.

To model a situation in which turbo lag occurs, the engine is kept at 10% load for 0.9s at
the beginning of the simulation with an initial speed of 10,000 RPM in 3rd gear before
switching from 10% to 100% in 0.1s and maintaining 100% for the rest of the simu-
lation. The simulation is set to run for 250 engine cycles which is equivalent to around
2.9s (depending on how engine speed evolves through the length of the simulation).

The engine is first assessed without any electric assistance, meaning that turbo lag will
not be deliberately compensated for to provide the baseline assessment case.

Then the engine will feature one electric motor either linked to the turbocharger
(referred later as eTC case) or later to the engine crankshaft (MGU-K case). Details of
both electric motors deployed in the models are shown in Tables 4 and 5 respectively.

Table 5. MGU-K model parameters.

Parameter Unit Value

Maximum power kW 350

Maximum torque Nm 500

Peak electrical efficiency – 0.98

Moment of inertia kg.m2 0.042

Mechanical connection mechanical efficiency – 0.97

Mechanical connection gear ratio – 4:1

Table 4. eTC electric motor model parameters.

Parameter Unit Value

Maximum power kW 30

Peak electrical efficiency – 0.98

Moment of inertia kg.m2 0.005

Mechanical connection mechanical efficiency – 0.97

Mechanical connection gear ratio – 1:1
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The MGU-K settings have been derived for the CTSM242 electric motor developed by
Helix [14] while the eTC EM values are also derived from this motor.

For the eTC case, the EM power is controlled by a virtual ECU throughout the entire
simulation with the target to keep the turbocharger rotor speed at 125,000 RPM what-
ever the engine load demand. The MGU-K is only activated during full-throttle operation
and then at its maximum available power.

2.2 Performance indicators

Turbo lag can be a feature in two distinct scenarios: during acceleration following a
period of part-throttle operation or during gear shifting at full load. This study only
focuses on the first scenario which has the most impact of competitive advantage in
motorsport as current Formula OneTM shifting delay are very short and that race car lap
times are mostly sensible to low-speed power variation.

Each of the three models used in this study (reference non eTC, eTC, MGU-K) will be
assessed in terms of acceleration capability of the vehicle between the moment 100%
load is demanded (t = 0.9s) and the first gear shift. For more accurate comparison,
vehicle acceleration in g divided by energy consumed in MJ (electric + fuel), as defined
below:

Iperformaces g=MJð Þ ¼

Vgearshift � Vt¼0:9

tgearshift � 0:9

� �

� 1
g

Ð tgearshift
t¼0:9s

dEelectric þ Qlvh�dmfuel

dt

� �

� dt
(1)

Considering the time taken to reach the first gearshift as the performance indicator was
another possibility. Nevertheless, as the Formula One powertrain is energy limited,
efficiently using the limited available energy is key, the fastest solution might not allow
the car to reach the end of the race if it consumes too much energy, that is why the
energy consumed by the powertrain is integrated into the performance indicator for this
study. However, manoeuvre times are also considered.

3 SIMULATION RESULTS – HOW DOES AN ETC IMPROVE ENGINE

EFFICIENCY?

As seen in Figure 1, for the first 0.9s of the simulation, the engine speed decreases
because of the total engine friction losses (including pumping losses) being higher than
the torque produced by the engine at 10% load. It can be noted that the engine speed
drops less for the eTC than for the reference. This is one of the effects of the eTC being
kept spinning at high rotor speed where the compressor provides the engine with more
mass flow, leading to higher in-cylinder pressure and thus more power produce by the
engine. This, of course, may need compensation from the driver using brakes or MGU-K
to regulate vehicle speed.

After the 75th cycle, the engine speed starts increasing in response to the load
change from 0 to 100% until reaching 12,000 RPM where the model simulates a gear
change.
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As previously mentioned, and as seen in Figure 2, the electric motor in the eTC case is
controlled to keep the turbocharger rotor speed at a 125,000 RPM target (top graph –

green line).

One can notice in Figure 2 that the compressor mass flow and boost pressure for the
eTC case is very erratic at the beginning of the simulation suggesting that the
compressor is operating around the surge line. This is due to the compressor spinning at
high speed while the engine mass flow is limited by the throttle. To avoid this, the
throttle angle could be increased to let more air flow through the compressor and the
excess air could be recirculated using a dedicated valve.

On the other hand, looking at the red lines (top graph in Figure 2), it can be noted that
turbo lag is being modelled realistically. All values are dropping during the first cycles as
the turbine is supplied with very little exhaust enthalpy. Then, when full load is
demanded (at the 75th cycle), it takes time to build up rotor speed and thus boost
pressure and air mass flow.

Figure 1. Engine speed evolution for the reference and eTC cases.

Figure 2. Reference vs eTC cases – Turbocharger rotor speed (top – solid

lines), absolute boost pressure (middle – dashed lines) and compressor air

mass flow (bottom – dotted lines).

46



As the turbocharger is made to spin at optimal speed during part-throttle operation in
the eTC case, when the throttle is fully opened and 100% load is demanded, Figure 2
shows that the turbocharger is nearly immediately capable of supplying the engine with
the requisite mass flow at the required pressure. As a result, the engine can maintain a
higher air/fuel ratio than with a conventional turbocharger and reach higher efficiency.

In both the reference and the eTC cases, when 100% load is demanded, the model uses
the maximum amount of fuel it is allowed to use under the published 2026 regulations
(3000MJ/h above 10,500RPM [3]), but because the eTC engine operation yields higher
efficiency, the engine can accelerate faster than in the reference case.

In addition to being useful when the engine ‘tips in’ to full load, the eTC also brings
advantages during gear shifts. Fuel injection is cut during gear shift in these models
meaning that the exhaust enthalpy briefly drops as there is no combustion to release
fuel energy. The turbine is thus not able to recover sufficient energy and the turbo-
charger rotor slows down. Because of the higher moment of inertia of the eTC compared
to a regular turbocharger, a smaller reduction in rotor speed is observed, i.e. less turbo
lag during gear shift. Plus, the electric motor is capable of momentarily modify its power
supply to ensure constant speed operation, as can be seen in Figure 2.

Nevertheless, it is important to highlight that current Formula OneTM shifting time are
very short, taken here to be 12 ms, compared to more conventional manual gearboxes
meaning that turbo lag is less of a concern as the exhaust enthalpy is not reduced over a
long period of time.

4 SIMULATION RESULTS – IMPACT OF THE MGU-K ON TRANSIENT

BEHAVIOUR OF THE ENGINE AND TURBOCHARGER

As seen in Figure 3, the MGU-K case offers the shortest manoeuvre time despite a
higher drop in engine speed than the eTC case for the opening segment of part throttle
operation. In the MGU-K case, as the turbocharger is not electrically assisted, its speed
will decrease during part-throttle operation due to low exhaust enthalpy (Figure 4)
leading to lower air/fuel ratios and hence lower fuel conversion efficiency (Figure 5) and
thus lower torque produced to counter total engine friction and pumping losses. As
evident in Figures 4 and 5, the evolution of the turbocharger behaviour is very similar
for the reference and MGU-K cases.

Figure 3. Reference vs eTC vs MGU-K cases – Engine speed evolution.
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However, the engine speed drop in the MGU-K case is lower than that of the reference
one because of the higher moment of inertia of the engine/electric motor assembly.

The higher inertia could also be a disadvantage for acceleration performance but thanks
to the high MGU-K power (350 kW [3]), this configuration yields the faster manoeuvre
time. The other big impact of the MGU-K added moment of inertia, as observable in
Figure 3, is that the engine speed drop during gear shift is reduced compared to the
other cases.

Inspecting Figure 4, it is interesting to note that the reference (red lines) and MGU-K
(blue lines) cases are nearly identical when displaying the number of engine cycles as x-
axis. However, as the engine is accelerating faster in the MGU-K case, it means that the
engine cycle durations are shorter than that of the reference therefore in actuality the
turbocharger rotor speed is increasing faster.

This can be explained by looking at Figure 5 on the right-hand side graph, the MGU-K
case has the lowest excess air ratio values between 90 and 120 engines cycles. As seen
in Figure 4, for these cycles, the turbocharger is spinning at the same speed for both the
reference and MGU-K cases meaning that the boost pressures and compressor mass
flow are also similar. However, as the engine is spinning faster in the MGU-K case due to
the additional torque brought by the EM, the fuel mass flow increases at a faster rate
than the air mass flow leading to momentarily lower air/fuel ratio and efficiency values
(Figure 5).

Figure 4. Reference vs eTC vs MGU-K cases – Turbocharger rotor speed

(top – solid lines), absolute boost pressure (middle – dashed lines) and

compressor air mass flow (bottom – dotted lines).
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However, because of this faster increase in fuel flow rate, the exhaust enthalpy is higher
in the MGU-K case than that in the reference. And in consequence of the higher exhaust
enthalpy, the turbine can achievemore work and thus spin the turbocharger rotor faster
with the drawback of operating momentarily the engine at lower efficiency (Figure 5).

In the strategy chosen in this study, the fuel enrichment discussed above is not delib-
erate, it is a consequence of determining the fuel mass flow only based on the load
demand and not considering compressor air mass flow supply. When the ECU instructs
full load from the engine, the fuel supply is thus automatically set to the maximum. This
strategy works very well with the eTC which is capable of immediately supplying the
engine the right air mass flow and thus allows to operate at maximum efficiency most of
the time as shown in Figure 5.

Even though it results in lower fuel conversion efficiency at the beginning of the accel-
eration, this strategy in the MGU-K case leads to shorter acceleration time for the tur-
bocharger rotor, enabled by the higher exhaust enthalpy, which then allows for higher
fuel conversion efficiencies to be subsequently achieved faster thanks to the turbo-
charger delivering high boost pressure and mass flow earlier. As shown in Figure 5, both
the reference and MGU-K cases achieve 40% efficiency around the 130th engine cycle
but in the time domain, because of the difference in engine speed evolution, the MGU-K
achieves it faster than the reference case by 20ms (at t = 1.528s vs t = 1.549s).

Despite this behaviour, the MGU-K case remains less efficient than the eTC during this
specific manoeuvre as seen in Figure 5. As the turbocharger rotor speed is kept con-
stant, when 100% load is demanded, the eTC immediately provides the engine with the
right air mass flow leading to lean operation and an efficiency advantage over more
than 75 engine cycles compared to the MGU-K case.

5 DISCUSSION

As discussed, the MGU-K option is the fastest route to increased engine speed com-
pared to the other cases (Figure 3) and this is obviously also the case when considering
vehicle speed, see Figure 6, as the gear ratios are the same for all cases. The vehicle
model used for these simulations assumes that the tyres can transmit all torque pro-
duced by the power unit without breaking traction. To test this assumption, the average
acceleration for the MGU-K case from t = 0.9s to the end of the simulation is of 10.63m/
s2 (1.08g) which is commonplace for current Formula OneTM cars and therefore the
assumption is taken as robust.

Figure 5. Reference vs eTC vs MGU-K cases – Fuel conversion efficiency and

excess air ratio (lambda) evolution.
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Note in Figure 6 the very sudden increase in vehicle speed when the clutch is reenga-
ging after a gear change for the MGU-K case. This behaviour is unrealistic and due to the
way the clutch was modelled in AVL BoostTM. The higher the moment of inertia, the
bigger the step, explaining why this phenomenon is particularly visible for the MGU-K
case and not the two others. But, because the period of interest for this study stops right
before the gear change, this phenomenon does not influence the results
presented here.

Regarding powertrain performance, because of the difference in power between the
electric motor of the eTC and the MGU-K, the vehicle performance comparison can be
biased. As visible in Figure 6 (dashed lines), the difference between the MGU-K and
the eTC’s EM power is very large with respective peak power of 350kW and 7.7kW.
Table 6 shows how much energy is consumed in each case and the manoeuvre
time.

For the eTC case, keeping the turbocharger rotor speed constant during the part throttle
operation is a fundamental control goal so, in Table 6, the electric energy used in this
period is also accounted whereas for the MGU-K and for fuel energy, only the period
between full load demand (t = 0.9s) and the first gear shift is considered.

Importantly, even though it is the fastest solution, the MGU-K case also consumes
more energy than the eTC which a consequence of the very high-power output of
the MGU-K.

The reference case is only relying on fuel to accelerate the engine and because of the
initial drop in air/fuel ratio and efficiency, it requires the most time and total energy to
reach 12,000 RPM. It must also be highlighted that at t = 0.9s, this is the case for which
the engine speed is the lowest, so the delta in engine speed is greater than for the
other cases.

Table 6. Reference vs eTC vs MGU-K cases – Energy consumption during

acceleration.

Case

Time between full load

demand and first gear shift

(s)

Fuel

energy

(kJ)

Electric

energy

(kJ)

Total

energy

(kJ)

Reference 1.293 1,020 0 1,020

eTC 1.019 799 10.8 809.8

MGU-K 0.896 696 291.7 987.7
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For the eTC case, the fuel energy is the only source of propulsion for the vehicle with the
electric energy being solely used to control the turbocharger speed. However, thanks to
the constant speed control regime, the fuel energy is more efficiently converted into
work as demonstrated in Figure 5, leading to lower manoeuvre time compared to the
reference case. However, even though the eTC case requires more fuel energy than the
MGU-K case, the huge difference in electrical energy consumption must be highlighted,
the MGU-K requiring nearly thirty times more electrical energy than the eTC for a 0.12s
gain in manoeuvre time.

In addition, the 2026 Formula OneTM Power Unit Regulations [3] states that a maximum
of 9MJ can be recovered each lap and that the difference between themaximum and the
minimum state of charge of the battery cannot be greater than 4MJ at any time the car
is on track meaning that the vehicle can deploy a maximum of 13MJ for a given lap. In
the general and simplified case where the acceleration manoeuvre studied in this paper
is repeated on subsequent segments of the track, the MGU-K can only operate for 39.9s
within the 13MJ limit against 1226.6s for the eTC before consuming all the energy
available for a lap (considering the data in Table 6). Or put another way, the MGU-K
manoeuvre can be undertaken around a dozen times.

As defined in section 2.2, the performance indicators have been calculated for each
case and are shown in Figure 7. The performance of the reference case is much lower
than the two others showing how impacting turbo lag is on vehicle performance.

The performance of the eTC and MGU-K cases are very close. However, using the
vehicle acceleration effectiveness indicator (Equation 1), the eTC solution makes better
use of the energy. Even when accounting for the energy required to keep the turbo-
charger spinning during the part-throttle operation, the fact that the engine efficiency is
kept high any time during full load demand makes a big difference, allowing the pow-
ertrain to accelerate the car only using a small amount of electric energy and making
the most of the available fuel energy.

Figure 6. Reference vs eTC vs MGU-K cases – Vehicle speed (solid lines) and

electric motor power (dashed lines) evolutions.
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6 CONCLUSIONS

The simulations reported here demonstrate that coupling a single electric motor to a
turbocharged internal combustion engine, either by connecting it to the crankshaft or to
the turbocharger rotor, helps to improve the transient behaviour of the powertrain and
vehicle and more importantly for motorsport applications, enhances vehicle accelera-
tion performance. The reference case, which does not feature any electric motor, is
subject to turbo lag without any compensation and yields the highest time and total
energy consumption for the sudden acceleration manoeuvre studied.

The electrically assisted turbocharger (eTC) enables the direct control of the rotating
speed of the turbocharger rotor independently of the conditions at the turbine and thus
to effectively eliminate turbo lag. As demonstrated in this study, this method is very
effective as it maintains air/fuel ratio and engine fuel conversion efficiency high allowing
to make the most of the limited amount of fuel available and that only by using a small
amount of electric energy. This device is without doubt a contributor to the 50% effi-
ciency reportedly achieved by the current Formula OneTM power units [15] and seen in
the Cranfield F1 Design Sprint.

On the other hand, the 350kWMGU-K proved to be the most useful device to accelerate
the vehicle. Even though the engine simulations showed that the engine suffers from
turbo lag during the first phase of acceleration, the ‘torque-to-fill’ capacity of the MGU-K
allows rapid acceleration of the vehicle despite delay in the turbocharger response, but
this is at the expense of low fuel conversion efficiency at the beginning of the man-
oeuvre. However, the MGU-K can also be used during braking events to recover kinetic
energy, which is not investigated and considered in this study.

In addition, it was demonstrated that the non-deliberate fuel enrichment allowed by the
applied fuel strategy and the engine speed increase due to the MGU-K leads to higher
exhaust enthalpy and thus a more responsive behaviour of the turbocharger. However,
to operate, the MGU-K requires a significant amount of electric energy meaning that
given the electric consumption dictated by the regulations, it can only be used for circa
30s per lap for the specific manoeuvre studied here. Furthermore, when comparing the

Figure 7. Energy normalised performance indicators.
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acceleration performance normalised by the total amount of energy used, the MGU-K is
less efficient than the eTC.

Even though, the MGU-K will be of high-importance for vehicle performances in 2026,
the Formula OneTM engine manufacturers will have to implement additional solutions to
mitigate the effect of turbo lag considering the quantum of energy that must be drawn
out of the battery to power the MGU-K in the case studied.

The fuel strategy implemented in this study was interesting to compare the eTC and
MGU-K cases but will not be viable for 2026 because of the significant drop in air/fuel
ratio and efficiency at the manoeuvre. Engine manufacturers need to find a balance
between achieving high fuel conversion efficiency and rapidly accelerating the turbo-
charger rotor. For instance, it can be useful to briefly sacrifice fuel conversion efficiency,
to a less extend than what observed in thus study, to speed up the turbocharger and
achieving high efficiencies faster.

Energy management strategies are not discussed in this paper but due to their hybrid
nature, the Formula OneTM powertrain must be developed as a system to maximise the
efficiency of the overall system tomake the best use of the limited energy. For example,
the MGU-K can be used to ‘torque-to-fill’ as investigated in this paper but also to ‘tor-
que-consume’ during low torque demand from the driver. The idea of ‘torque consum-
ing’ is to run the engine at higher load than demanded by the driver or acceptable at the
tyre contact patch. This keeps exhaust enthalpy, turbocharger speed and fuel conver-
sion efficiency high and the excess energy is recovered using the MGU-K. In this way,
the MGU-K is used ‘against’ the engine when the battery is not fully charged, or the
vehicle is grip limited preventing more torque from the engine to be used for propulsion
and/or the MGU-K is not already recovering energy at full power. This is a way to
recharge the battery and to nearly eliminate turbo lag when the driver demands full load
as the engine is already operating at optimal condition. However, there is a circa 10%
energy conversion penalty to pay each time heat energy is transferred to electrical
energy and vice versa.

In a more general context, coupling the ICE with an electric motor helps to improve
performances. If the aim of the power unit is to maximise efficiency, the electric assis-
ted turbocharger is the solution to select, and it only requires modest electric energy
supply. If the objective is highest vehicle acceleration performance, high-power MGU-K
is preferred, but at the cost of high electric energy consumption and lower average fuel
conversion efficiency than with an eTC. Obviously, if allowed, the best solution for effi-
ciency and vehicle performance is to combine both solutions with a simple electrically
assisted turbocharger which is not able to re-charge the battery for simplicity reasons.
Any of the electrical hybrid solutions outperform the powertrain that has no electrical
assistance.

NOMENCLATURE

V Vehicle speed (m/s)

Iperformance Acceleration performance indicator: acceleration/energy con-
sumption (g/MJ)

Vgearshift+ Vehicle speed at which the first gear upshift occurs (m/s)

Vt = 0.9 Vehicle speed at t = 0.9s (m/s)

(Continued)
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(Continued )

tgearshift Simulation time at which the first gear upshift occurs (s)

g Earth’s gravity acceleration taken as 9.81 (m/s2)

Eelectric Electric energy consumption (MJ)

Qlvh Fuel lower heating value taken as 41 (MJ/kg)

mfuel Consumed fuel mass (kg)

dt Differential of time (s)

tfinal Total simulation time (s)

treference – Eff =

40%

Simulation time at which 40% efficiency is reached in the refer-
ence case (s)

tMGU-K – Eff =

40%

Simulation time at which 40% efficiency is reached in the MGU-K
case (s)
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Benefits of a driven-turbo for hydrogen
internal combustion engines

T. Waldron, J. Brin

SuperTurboTM Technologies, USA

ABSTRACT

Restrictive future CO2 emission regulations are incentivizing evaluation of carbon-free
fuels. This is particularly true in the difficult to electrify heavy commercial vehicle seg-
ment. The reemergence of hydrogen internal combustion (H2 ICE) for large displace-
ment engines can both expedite hydrogen adoption and reduce total cost of
ownership. This paper will cover how the application of a Driven-Turbo can address
challenges unique to H2 ICE. The research being presented is joint simulation con-
ducted by AVL List GmbH and SuperTurbo Technologies on a 13L H2 ICE. The GT Power
model is calibrated from dyno testing at AVL of an operational engine and then modified
with known and tested data from a mechanically variable Driven-Turbo. The first H2 ICE
challenge that will be addressed is the requirement for the engine to maintain a lean-
burn combustion strategy. Maintaining H2 lean-burn is key to controlling NOx formation
and minimizing aftertreatment requirements. The high lambda requirement can create
challenges for turbocharges when available turbine power is insufficient for the desired
compressor power. The on-demand air functionality of the Driven-Turbo negates this
problem and can be used to optimize air-fuel ratio in steady-state and transient cycles.
The simulation will show low NOx formation through combustion optimization and time
to torque transients equivalent to diesel. The second H2 ICE challenge that will be
addressed is how to maintain highest BMEP and BTE for hydrogen internal combustion
engines with a Driven-Turbo in order to close the gap to diesel and FCEV respectively.
The availability of Driven-Turbo enabled exhaust energy recovery through turbo-
compounding, in combination with combustion optimization, will demonstrate an abil-
ity to improve H2 ICE BMEP/BTE/BSFC. SuperTurbo and AVL have completed full WHTC
cycle comparisons for the mechanically Driven-Turbo versus both VGT and Two-Stage
Turbo configurations, and those results will be highlighted. The WHTC cycle results will
show the compromises between engine response (total cycle work) versus engine-out
NOx (both peak transient NOx and accumulated cycle NOx). The Driven-Turbo is
showing the potential to eliminate NOx peaks and reach Euro6 compliance levels
without aftertreatment. The engine being evaluated through the WHTC is port injected
with no EGR, and applicability to other engine configurations will be discussed. Physical
engine testing to validate all of these findings is upcoming. Inclusion of the dyno test
results will be made available via this paper and/or conference presentation, depending
on test completion and material submission deadlines.

15th International Conference on Turbochargers and Turbocharging
Institution of Mechanical Engineers, ISBN: 978-1-032-55154-8
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1 INTRODUCTION

The SuperTurbo is a mechanically driven turbocharger that has been developed for
commercial diesel engines to improve efficiency, emissions and performance. When
presented with the unique challenges for hydrogen as an engine fuel, it became
apparent that the Driven-Turbo could specifically address several of the challenges
seen on these engines. Rapid response and precise delivery of airflow can allow a H2

ICE to maintain a desired air fuel ratio (AFR) throughout dynamic operating
conditions.

This paper will primarily focus on a study of the 13L engine operating with port fuel
injection (PFI) and zero exhaust gas recirculation (EGR). Understanding the perfor-
mance and limitations with this architecture is a key starting point, as it represents the
most expedient and cost-effective approach to early implementation of H2 ICE. This
paper will cover the WHTC cycle analysis and then more specific studies related to
steady-state maps and load step transients. The effects of adding EGR will also be dis-
cussed. The baseline evaluated for the study is a VGT, however ongoing analysis of
alternative boosting systems will also be discussed.

High excess Air Ratio (or Lambda) is critically necessary to prevent an exponential rise
in engine NOx emissions for hydrogen engines [5]. Figure 1 below shows this relation as
tested on the 13L engine. Holding an optimal Lambda prevents NOx creation and also
can prevent unwanted hydrogen slip conditions often seen with excessively high
Lambda. The Driven-Turbo, by design, is an on-demand air system that is well suited to
consistently control ideal Lamba conditions. This paper will show the challenges faced
by traditional turbochargers when exhaust enthalpy is not adequate to maintain high
compressor power, especially in transient cycles.

In addition to the problems created by the necessity to maintain lean-burn operation,
there are several other areas that must be addressed for H2 ICE. Reaching high BMEP
levels is important for truck and equipment engines that require high relative power

Figure 1. NOx vs Lambda from 13L H2 ICE testing.
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versus displacement. Maximizing BTE and BSFC to lower operating costs and extend
vehicle range is also important.

2 BACKGROUND

2.1 Engine and model

AVL has successfully demonstrated the possibility to convert a 13L CNG heavy duty
engine into a hydrogen engine [4]. The demonstrator has proved the feasibility to reach
a BMEP of 21bar with BTE of 42% and single stage turbocharger. To achieve more
flexibility on engine tests in view of boost pressure demands a turbocharger with vari-
able turbine geometry was used.

Table 1. 13L baseline engine specification.

Base Engine HD IL6 CNG Application

Properties Unit Value

Bore mm 130,0

Stroke mm 161,0

Volume/cylinder ltr 2,14

Swept volume ltr 12,82

Charging System – Single Stage TC/Intercooled

EGR System – Cooled high pressure

Figure 2. AVL 13L + SuperTurbo engine model.
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In order to show the benefits of the Driven-Turbo technology on a hydrogen engine,
investigations by means of 1D simulation were performed. A GT-Power (GTP) engine
model with H2 combustion (MPI gas injection) was created and calibrated to AVL’s
hydrogen engine test results. This simulation model was the baseline for the investi-
gations with the Driven-Turbo charging technology. The model can calculate a complete
engine map (from full load to low engine load of 4bar BMEP) for the investigation of
different charging concepts. The hydrogen combustion is modelled based on test data
and AVL experience. An engine data based NOx emission prediction is applied in place of
GT Power NOx prediction for accuracy.

2.2 SuperTurbo

The SuperTurbo designed for commercial vehicles covers an engine displacement range
from 7L to 15L. It combines and improves upon the capabilities of a supercharger, tur-
bocharger and turbo-compounder. The internal components are common across this
range while the turbine and compressor designs are changed based upon the individual
engine requirements. With 90% part commonality, the device is designed to econom-
ically scale and cover most of the heavy commercial industry. In order to maximize
benefits, this large SuperTurbo is specified with a continuous power limit of 30 kW
(primarily for compounding) and an instantaneous power limit of 50kW (primarily for
supercharging). The SuperTurbo is designed to mechanically integrate with the engine
through connections at either the PTO or FEAD. The mechanical connection includes a
controlled clutch and torsional damper. The core components or subassemblies are
designed as cartridge-like units that are contained in a common housing. The two core
components are the speed reducing fixed ratio planetary which controls the turbo shaft
and the CVTwhich allows for overall ratio adjustment [8]. The primary control centers
around delivering precise boost pressure and MAF. While following air commands the
SuperTurbo will be supercharging when turbine power is less than compressor power
(example: transient) and likewise compounding when turbine power exceeds com-
pressor power (example: highway cruise or higher engine power).

Figure 3. SuperTurbo cross section.
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3 WHTC SIMULATION RESULTS

With future regulations focused on cycle-based compliance, the most important simu-
lation result from this study is the comparative World Harmonized Transient Cycle
(WHTC). Figure 4 shows a comparison of the VGT (from both engine test and calibrated
simulation) with two different Driven-Turbo control strategies. Future NOx regulations
(Euro7, China7, CARB, EPA) [1,3] are focused on ultra-low NOx emissions and hydro-
gen engines will need to meet or exceed the most stringent standards.

The peaks of instantaneous NOx output during WHTC transient sections with the VGT
highlight a fundamental challenge. Holding high Lambda during transient sections is
difficult given available turbine power in comparison to desired compressor power. This
results in large peaks of NOx creation as shown in Figure 4. The accumulated NOx is also
shown in total grams through the cycle.

The Driven-Turbo was simulated with two different control strategies. The ‘recovery’
cycle as shown in blue emphasizes turbo-compounding and has less aggressive Lambda
targets and supercharging response. The ‘boosting’ control strategy emphasizes
aggressive supercharging response and higher Lambda targets to eliminate cycle NOx
peaks. These strategies were controlled by adjusting minimum Lambda constraints as
well as targets with the Driven-Turbo controller.

Also shown in Figure 4 is the total WHTC cycle work performed by the VGTand the two
different Driven-Turbo control strategies. This metric will translate to vehicle drive-
ability. As could be expected, access to supercharging power will increase cycle work for
a given Lambda. For an H2 ICE equipped with a Driven-Turbo this increase in cycle work
does not come with a correlating NOx penalty, as high Lambda values are maintained
through the cycle. If the VGTwas pushed to increase cycle work, it would require a drop
in Lambda and correlating rise in NOx.
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Access to supercharging power has demonstrated the ability to lower NOx and
increase transient response + engine work. It could be assumed that pulling
supercharging power from the engine would have a negative net effect on engine
efficiency. However, this simulation, and subsequent OEM analysis has shown that
efficiency actually improves when utilizing the Driven-Turbo in the more aggressive
‘boosting’ mode.

When supercharging the Driven-Turbo is only taking power from the engine to over-
come inertia and compensate for inadequate turbine power. The turbine is still actively
feeding the transient rise and thus the Driven-Turbo is combining exhaust power and
crankshaft power to ‘efficiently’ supercharge.

Table 2 below shows a summary of NOx emissions and fuel consumption through the
WHTC for the different boosting systems and strategies. It is not surprising that more
boosting equates to higher Lambda and thus lower NOx. Interestingly, more boosting
from the Driven-Turbo also equates to the lowest fuel consumption. This higher
efficiency comes from several sources. The Driven-Turbo does turbo-compound
through much of the cycle, which mostly negates the cumulative supercharging
power draw. The maintenance of lean-burn conditions keeps temperatures lower and
reduces heat transfer. Most importantly the control over AFR facilitates improved
combustion and closed cycle efficiency. In cylinder efficiency should be the primary
objective for air handling and is fundamental to on-demand air systems like the
Driven-Turbo.

Figure 4. Comparative WHTC NOx and engine work.
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Table 2 shows that conceptually the ‘boosting’ strategy applied to the Driven-Turbo can
result in Euro6 complaint NOx on the WHTC without aftertreatment. It is still advisable
to consider an SCR for different cycles and real-world driving. Euro7 and similar stan-
dards will require NOx aftertreatment, although they could be significantly simplified
with these low levels of engine out NOx.

To further understand what the Driven-Turbo is doing through the cycle, Figure 5 out-
lines both the power and accumulated work of the device. The ‘recovery’ cycle with a
less aggressive Lambda target has smaller supercharging power peaks and higher
levels of turbo compounding. The net effect is >1 kWh recovered back to the engine
over the cycle. The ‘boosting’ cycle with a higher Lambda target has large super-
charging peaks into the �35kW range and less compounding. Again, the SuperTurbo
mechanical specification is 50kW of instantaneous supercharging power and 30kW of
continuous compounding. The ‘boosting’ control strategy results in a more balanced,
yet slightly negative total Driven-Turbo cycle work. Given the overall results as shown in
Figure 4 and Table 2, this appears to be the optimal strategy despite not having net
positive compounding work, as the benefits to in-cylinder efficiency outweigh the drop
in compounding work.

Figure 5. WHTC SuperTurbo power and work.

Table 2. WHTC BSNOx and BSFC.
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To better understand the full cycle results, it’s also necessary to analyse specific sec-
tions of the cycle in more detail. Figure 6 highlights the 460-488 second section of the
WHTC. This section of the WHTC was chosen to highlight intensive gradient load
increases. The result compares how the VGT and Driven-Turbo respond with different
Lambda limiters applied.

The VGT (as shown in black) has a Lambda lower limit applied at 1.8. Referencing back
to Figure 1, this limit is justified as a minimal value for this engine, given the excessive
NOx production at lower Lambdas. With that limit in place, the VGT struggles to follow
the WHTC demand curve for BMEP. There are also large NOx peaks created when
Lambda drops to that limitation. This result highlights the challenges when there is no
access to external power, other than exhaust power, to increase boost pressure. Thus,
the fundamental trade-off between engine response and NOx creation is more clearly
shown for exhaust driven turbochargers.

The Driven-Turbo (as shown in red) is able to apply a Lambda lower limit at 2.4. This
higher Lambda limit results in near elimination of the NOx peaks in this transient sec-
tion. Additionally, the Driven-Turbo is able to better follow the BMEP demand trace of the
cycle. This section of the WHTC as shown in Figure 6 is demonstrative of the full cycle
results that were previously shown in Figure 4.

Figure 6. WHTC transient section.
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The conclusions drawn from the full WHTC H2 ICE simulation are that having a driven-
turbo like the SuperTurbo can:

– Achieve ultra-low cycle NOx
– Improve total engine work and driveability
– Improve fuel efficiency

4 TRANSIENT SIMULATION ANALYSIS

The project also included a variety of specific transient response evaluations, some of
which will be shared in this paper. Looking at individual transients in more detail can be
helpful to understand the full cycle results. The primary constraints and variables to bal-
ance against each other in transient scenarios are: Lambda limits, NOx creation, and
torque/power response. Figure 7 below shows the VGT sensitivity to Lambda limits from
1.8 to 2.2 and compares themagainst the Driven-Turbo at the highest 2.2 Lambda target.

In these scenarios the Driven-Turbo is able to hold a Lambda target of 2.2 and achieve
time to 90% BMEP in 2.2 seconds. The VGT, with a similar Lambda target is stretched to
an 8 second transient. Decreasing the transient response time of the VGT requires
relaxation of the Lambda limiter which results in the expected rise in NOx creation.
Further reduction of transient response to achieve Driven-Turbo like response would
result in unacceptable NOx levels.

Figure 7. Variable Lambda transients VGT vs Driven-Turbo.
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Another transient sensitivity test was run just on the Driven-Turbo and can be seen in
Figure 8. In this scenario the time to torque/BMEP for the transient was held constant at
�2.8 seconds. For the Driven-Turbo to meet this response time at Lambda 2.2 it
requires �13kW or supercharging draw. To push NOx down to significantly lower levels,
the Driven-Turbo can target a Lambda of 2.6, which would require �32kw of super-
charging draw. As the minimum Lambda limit is increased, the engine transient
response does not suffer, as the Driven-Turbo can simply compensate through
increased supercharging power.

Analysis like these (and others) were completed to show both the flexibility and limits of
a controllable driven-turbo. These results show how one can target a transient response
time and adjust a NOx output within a given power limit (and correlating boost
response) from an on-demand air system.

5 STEADY STATE ANALYSIS

Simulation of steady state conditions is fundamental to building the full drivecycle
analysis and establishing those models. Properly matching turbine and compressor
maps all begin in the steady state environment. The simulation project included several
iterations of different turbine and compressor options. The turbine design balances
compounding power, pumping losses, turbine efficiency and pressure ratio (and ability
to drive EGR if desired). The turbine can be designed to target compounding and effi-
ciency at different engine operating points which then have correlating sacrifices at
other points. Example: a more restrictive turbine will increase compounding power at
lower engine power and speeds, but will have higher pumping losses at rated power. A
more free flowing turbine will perform well at rated power, but not maximize exhaust
power collection for on-highway cruise conditions. Since the Driven-Turbo has reduced
concerns over turbine weight and inertia and no concern for overspeed, it allows a dif-
ferent approach to efficient turbine design [7]. Compressor maps for H2 ICE and their
need for high Lambda operation are uniquely stressed. Single stage compressors need
to maximize pressure ratio and mass flow to facilitate lean-burn along the lug curve,
especially for high BMEP applications [8].

The tuning of the turbine and compressor maps for the 13L engine were focused on the
mid rpm ranges with power in the 75–100% range. Figure 9 below shows a comparison

Figure 8. Utilization of Driven-Turbo power to lower NOx.
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of BTE for the Driven-Turbo vs. baseline VGT. Peak BTE gain aligns with maximum turbo
compounding power, however turbine design was specifically modified to add benefits
to areas central to on-highway vehicle operation. BTE benefits are the result of both
compounded exhaust energy recovery and the ability to tune optimal air flow for com-
bustion efficiency.

Understanding the source of steady state efficiency gains also requires clarity on one of
the unique functions of the Driven-Turbo. The compounding of exhaust power back to
the engine is predictable in the steady state environment, and obviously more dynamic
in a transient cycle. The simulation study has shown that there is available exhaust
enthalpy to create compounding conditions on the 13L hydrogen engine.

Figure 10. Driven-Turbo steady state maps.

Figure 9. BTE comparison of VGT vs Driven-Turbo.
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As noted in section 2.1, the baseline VGTequipped engine had a peak BTE of 42%. The
Driven-Turbo steady state analysis broadened the efficiency region and improved it to
43% while also increasing the full load BTE as seen in Figure 9. Of course, these steady
state results can be adjusted based on a variety of aero changes and specific strategies.
Figure 11 contains steady state maps showing BTE, Lambda, MFB50, and NOx. Steady
state Lambda is well controlled and lug curve NOx is low. However, it is always of note
that steady state NOx is not the fundamental challenge for H2 ICE. Transient cycle NOx
is the paramount problem to be addressed.

All of the simulation results shown up to this point have been based on PFI with no EGR.
MPI is performed through port fuel injection (PFI) and the terms will be used inter-
changeably. By design this simulation project was focused on proven and tested
architectures for H2 ICE which could also translate to expedient implementation and low
total system cost.

6 BOOSTING SYSTEM COMPARISONS

The simulation is now being utilized to map a variety of different boosting archi-
tectures through WHTC analysis. While these results and simulation details will be
discussed more in subsequent publication, a summary is provided in Figure 11. The
results show the compromise between transient response and cycle NOx. The load
step is a 1000rpm time to torque (x axis) and cycle NOx is translated into required EAS
conversion to reach .04 g/kWh. Different power and voltage electrified architectures
are also included.

7 SUMMARY

The results presented here are select portions of current knowledge developed over a
year of joint simulation efforts by SuperTurbo and AVL on hydrogen combustion.

Figure 11. Boosting system cycle NOx vs engine response.
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The conclusions of the work is that a mechanically Driven-Turbo with SuperTurbo spe-
cifications shows:

– Faster, Diesel-like torque build up can be achieved, even at high Lambda
– NOx peaks during acceleration can be fully eliminated
– Significant raw NOx reduction towards EURO VI emission requirements can be

demonstrated
– Simplifications in the EAS system are feasible (single stage SCR, less Urea

consumption)
– Lowest fuel consumption in the WHTC is achieved
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ABSTRACT

Future emission norms will focus on reduced idle and more aggressive driveaway
strategies to further limit the cold start emissions of Gasoline engines in all geo-
graphies. Europe will likely be the first with EU7 RDE and will be followed by China VII
and revisions to SULEV standards in the USA.

One promising solution is the use of Secondary Air Injection (SAI) for “cold start”. The
current industry standard is to use low power secondary air pumps, which are limited to
catalyst heating strategies under engine idling conditions. However, for dynamic
boundary conditions, the SAI source should be controllable precisely to regulate the
exhaust lambda and at the same time be powerful enough to operate against high
exhaust back pressure.

Electric boosting products, E-Compressors & E-Turbos, fulfil the SAI requirements of
future emission regulations comfortably. Once the catalyst heating strategy is com-
pleted, they function as regular electric boosting devices, to improve engine efficiency
and reduce emissions under normal operation.

In this paper, the various layouts of E-Compressors & E-Turbo enabling SAI and electric
boosting are discussed.

1 INTRODUCTION

Hybridization of vehicle powertrains is accelerating due to the increasing pressure on
the automotive industry to introduce greener vehicles, tightening emission limits and
the challenging CO2 fleet average targets. EU7 is expected to be introduced between
2025 & 2027 and as per the current market forecasts and the majority will be hybridized
in some way. Hybridization improves efficiency but also allows an additional degree of
freedom to apply faster catalyst light-off strategies and to tackle cold start emissions.
One way of reducing cold start emissions is by using the E-Machine for electric-assist,
either by reducing the engine load depending upon the type of powertrain layout or also
by completely driving the vehicle electrically with a decoupled engine performing its
cold start strategy. This alone reduces the absolute level of cold start emissions sig-
nificantly, provided that the battery SOC is intelligently managed to cover all possible
driving & environmental scenarios.

Another benefit of hybridized powertrains is the availability of High-Voltage architecture for
auxiliary devices. There is an increasing trend to decouple engine/powertrain auxiliaries
and electrify them for better efficiency & flexibility of operation. (e.g., electrical AC com-
pressor, active vehicle stability control, electric boosting, electrically heated catalysts, etc.)
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2 CHALLENGES & REQUIREMENTS OF NEW EMISSION REGULATIONS

With the introduction of EU7, the proposal is to further tighten the emission limits and to
extend the testing boundary conditions. The latest proposal for EU7 introduced by
European Commission [1] focusses on fuel-neutral emission limits, robustness/dur-
ability of emission compliance, lower emission limits along with the introduction of new
emission species amongst others. For the Real-Driving Emissions (RDE) regulation in
Europe starting from 2017, emission tests are performed on-road with the help of
Portable Emission Measurement Systems (PEMS). There is no fixed driving profile
considered for the test, rather only a few guidelines to define the valid test boundary
conditions. As a result, the vehicle driveaway could occur immediately after engine start
and the engine idling phase could be considerably shorter. It is also a similar case in the
USA with the ongoing discussions of ACCII regulation, where the idling time of the
FPT75 cycle could be shortened from 20 sec to 8 sec. Additionally, CARB has proposed
six special test cycles for High-Power Cold-Starts.

The proposed emission limits can be achieved by breaking down the key requirements
in the following categories:

– Cold start emission reduction
– Faster Catalyst Light-Off

– Emission robustness under normal operation

– Optimized control strategies – Engine & Powertrain
– Advanced After-Treatment Systems

In this paper, faster catalyst light-off measures & emission robustness under normal
operation in combination with E-Boosting devices are addressed. Short urban trips
will pose the biggest challenge for Gasoline powertrains, since most gaseous emis-
sions occur within the first 30 seconds of operation after a cold start, until the cata-
lyst has reached sufficient conversion efficiency. Under warm engine conditions or
normal operation, it is essential for Gasoline powertrains in the future to maintain
stoichiometric combustion throughout the engine operation area to ensure emission
robustness. Electric Boosting devices such as E-Compressor and E-Turbo are key
enablers of Lambda 1 operation, while maintaining or enhancing engine power
density.

Figure 1. Cold start driving cycles/conditions [2].
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Figure 2 shows two alternative layouts of E-Compressor and E-Turbo systems combined
with advanced EATS technologies considered for EU7 applications. In these configura-
tions the E-Machines can provide both E-Boost and Secondary Air Injection
functionality.

Another technology to improve cold start emissions is by using an electrically heated
catalyst (EHC). With the help of an EHC, the catalyst can be brought to light-off
temperature independent of engine operation. In HEV/PHEV architectures, the EHC
can be deployed prior to engine start to heat up the catalyst and also to maintain the
light-off temperature in the catalyst during overrun or long engine stop phases, by
using intelligent operation strategies. The metallic substrate heats up rapidly
achieving light-off after a few seconds. However, an engine start followed by cold
exhaust gas flowing across the electrically heated catalysts would drop their tem-
perature be-low the level needed for sufficient conversion efficiency. Therefore, an
external air supply through the electrically heated catalysts is necessary prior to the
engine start in order to achieve sufficient convective heat transfer to heat up the main
catalyst as well. Since the main catalyst has a higher thermal inertia, it is more robust
against the temperature drop resulting from the cold exhaust gas in the first seconds
of engine operation. At the same time, the higher thermal inertia requires some time
until the catalyst is heated up sufficiently [3]. Therefore, a pre-heating strategy is
mandatory before starting the engine. The duration & intensity of the pre-heating
strategy is strongly dependent on the type of powertrain and OEM driveability strat-
egy. However, for extreme conditions such as cold ambient conditions or low battery
SOC scenarios combined with moderate power request from the driver, the drive-
ability of the vehicle could be heavily restricted.

3 SECONDARY AIR INJECTION WITH E-COMPRESSOR

Garrett’s new generation E-Compressor offers industry-leading motor power & effi-
ciency, speed capability and aerodynamic performance. It is offered in 48 V and will be
available in 400 V. Advanced power electronics design and thermal management
allows the compressor to operate under a wide range of engine operation conditions.
The system adopts a sealed ball bearing design capable of running at 90 kRPM and is
very compact to ease system integration. The high efficiency electric motor and
power electronics are paired with bespoke aerodynamics based on the type of
application.

Figure 2. SAI layouts with E-Boosting components.
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A normal operation strategy for SAI requires low mass flow rates at high pressure
ratios. Especially, under driveaway conditions, the SAI operation points are shifted
towards even higher-pressure ratio compared to a typical 12 V SAI pump operation
range. Advanced development tools are used within Garrett, to design dedicated
aerodynamics for different SAI applications [5]. The typical aerodynamics of the
E-Compressor targeting wide engine operation window for E-Boosting & SAI is called
the ‘Performance’wheel and it is paired with the 7.5 kWDC E-Motor. This wheel covers PR
up to 1.8 and mass flow rates up to 0.17 Kg/s. For dedicated SAI application targeting
high power density or large displacement engines, a special wheel has been developed
which targets pressure ratios up to 2.1. This wheel can also enable E-Boosting up to
medium engine speeds. By adapting the compressor wheel further, the surge margin
can be optimized for EU7 boundary conditions by limiting the flow capacity of the wheel.

3.1 SAI layouts with E-Compressor

The more common SAI layouts use electric pumps in the “p1” position (Figure 3, A)
where inlet to the pump is located downstream the air filter and up-stream the com-
pressor. The pump outlet is connected to the exhaust system, typically to the exhaust
ports. In this layout, both a traditional side channel blower or an E-Compressor can be
utilized. Typically, an on/off valve “a” is used to open or close the SAI channel. The SAI
pump is used to precisely control the amount of SAI flow to the exhaust system to
ensure stable stochiometric (or lean) operation upstream the catalyst. Alternatively, a
fully controllable valve “a” can also be used. Additionally, a reed valve is used to prevent
any potential backflow from the exhaust to the intake system. Valve “b” represents an
engine throttle.

The pressure at SAI pump inlet is slightly lower than ambient pressure, due to the air
filter losses. The pump needs to compress fresh air to a pressure level sufficient to
compensate the pressure drop in the SAI channel & also the higher exhaust pressure.

Figure 3. E-Compressor layouts.
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The “p1” position is therefore only suitable for low engine load applications with open
wastegate. Higher loads and closed wastegate would lead to higher pressures upstream
of the turbine and therefore higher demand on the pump’s power and pressure ratio
capability.

This configuration might not be capable of fulfilling ‘extended’ RDE boundary condi-
tions [1]. Dynamic driveaway events or PHEV engine starts at high loads could be
particularly challenging and SAI could help shorten the time to catalyst light-off, as
well as reduce raw NOx emissions through in-cylinder enrichment. To address such
high engine load scenarios, two-stage compression can be used by including the
turbo-compressor in the SAI path. This is especially convenient when placing the
pump inlet at the turbo-compressor outlet which is named as the “p2” position.
Although this layout imposes new challenges in terms of packaging and bearing
sealing, the performance gain in terms of SAI operation range is significantly
increased by running at higher pressure in the SAI channel. The “p2” layout
(Figure 3, B) does not require additional valves in comparison to “p1” position.
Furthermore, “p2” position can enable electric boosting by adding valve “c” (EB with
one valve). To further optimize both electric boosting and SAI operations, one more
valve “d” (EB with two valves) can be introduced. With this layout, three control
strategies are possible: Electric boosting only (Figure 3, C1), SAI only (Figure 3, C3),
and electric boosting with SAI combined (Figure 3, C2).

For electric boosting, control valve “c” needs to be placed downstream of the branch
point leading to the pump. Valve “c” is an on/off valve that can be either electrically
controlled or more conveniently, it can be a passive valve opened by a positive pressure
difference upstream and downstream the valve. A passive valve is lower cost and is
oftenmore compact since it does not require an actuator. By closing the valve “c”, all the
air compressed in main turbo compressor is forced to the SAI pump for second stage
compression.

Electric boosting can also be used together with SAI, if valve “a” and valve “d” are
opened while valve “c” is closed. In this case, the throttle controlling the engine
power ensures that the compressors can deliver sufficient secondary air flow by
limiting the engine transient response. This may result in increased calibration and
control efforts but on the other hand, valve “d” is not mandatory for electric boosting
nor SAI. The benefit of having valve “d” is to separate SAI channel from the engine
intake manifold. It allows the same operation as “p2” when valve “d” is closed, and
valve “c” is opened. This improves power requirements as well as controllability of the
pump. It also prevents the throttle, charge cooler and intake piping from operating at
relatively high pressure which is needed to drive enough SAI during high engine load
operation.
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4 SECONDARY AIR INJECTION WITH E-TURBO

Garrett’s 48V 5kWDC E-Turbo is a series production proven solution that enables full
engine map lambda 1 at high power density and offers transient performance
improvement. It’s also suitable and beneficial to be used as SAI pump to utilize the full
advantage of the electric machine. Hence, this device was selected for more detailed
SAI capability investigation through 1D simulations in chapter 5. As made reference to
in chapter 2, E-Boosting devices such as the E-Turbo can help heating electrically
heated catalysts heat up quicker. This operation is being investigated by Garrett in the
course of ongoing test campaign within the EU project “PHOENICE” [4].

4.1 SAI layout with E-Turbo

As shown in Figure 4, SAI can be realized with the E-Turbo by adding introducing a valve
‘a’ between the compressor outlet and the SAI path. Upgrading an existing ICE with an
E-Turbo requires to increase turbine size to reduce p3. LET is then maintained by using
the electric machine. This leads to reduced residuals, PMEP and improved SAI flow.
Furthermore, compressor can be updated for high PR which further improves SAI flow,
especially in high engine loads. The Figure 4 shows possible SAI layout with an E-Turbo
as well as comparison of envelopes of the baseline compressor with the E-Turbo com-
pressor optimized for high load SAI operation.

Table 1. Comparison of SAI layouts.

No. Parameter

“p1” “p2”

No

EB

No

EB

EB with one

valve

EB with two

valves

1 Packaging ++ + 0 –

2 Additional Valves + + 0 –

3 Power
Requirement

– ++ + ++

4 SAI Operation
Range

– ++ + ++

5 EB Capable NA NA ++ ++

6 Controllability + + – +

7 Sealing ++ – – –

8 System cost* + + 0 –

*Assumption: SAI pump specification remains unchanged for all layouts.
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4.2 SAI Operation with E-Turbo

E-Turbo SAI layout from the Figure 4 requires 4 controllable parts to control the SAI flow
and engine air flow: Wastegate; Throttle; SAI valve & E-motor.

Control strategy of all these parts need to be adapted during the SAI operation to
prioritize sufficient and stable SAI flow. From previous investigation on SAI with E-
compressor [5], it was discovered that it is beneficial for SAI flow to operate with closed
wastegate. The downside of increased p3 is outweighed by elevated p2. This was also
confirmed in the case of E-Turbo via simulations.

The throttle strategy is to control the engine performance, although the priority during
transient operation needs to be the SAI flow. Therefore, acceleration during engine cold
start which is enhanced by the EB machine must be limited. The full throttle opening
leads to reduced secondary air pressure while p3 increases. This leads to reduced SAI
flow even if SAI valve and E-motor is saturated at their maximum limit. This is also the
case for E-Compressor in “EB plus one valve” layout. The “p1” and “p2” layouts don’t
offer EB functionality and therefore the acceleration is not as fast. But since their SAI
channels are separated from the engine intake system, this allows higher secondary air
pressure than throttle inlet pressure.

The SAI flow itself can be controlled in two ways. If an on/off SAI valve is used, then E-
motor controls the SAI flow through regulating the SAI pressure. If fully variable SAI
valve is used, then the E-motor can be controlled to its maximum power. SAI valve then
regulates the SAI flow.

5 SAI OPERATION – E-COMPRESSOR VS. E-TURBO

The following sections are dedicated to the comparison of SAI performance with E-
Compressor and E-Turbo through 1D simulation results. Chapter 5.1. describes the
simulation model configuration and its boundary conditions. Steady state results in
chapter 5.2. show comparison of expected engine map coverage of SAI with E-
Compressor and E-Turbo, as well as maximum achievable engine power with SAI for
different SAI layouts. Transient SAI performance comparison is simulated on RDE
acceleration to full-load power in section 5.3.

5.1 Boundary conditions – E-Compressor vs. E-Turbo

A 1D gas-exchange simulation model was setup in GT-POWER for comparing Garrett’s
48 V 7.5 kWDC E-Compressor in “EB plus 1 valve” layout with Garrett’s series production
48 V 5 kWDC E-Turbo. The scenario is an upgrade of an existing engine to become EB
capable and high load SAI capable with minimum hardware changes. Therefore, the

Figure 4. E-Turbo with SAI.
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baseline TC was carried over for simulations with E-Compressor, while updated wheels
were used for the E-Turbo. The E-Compressor is capable of 90 krpm and uses high flow
“performance” wheel.

The baseline model for the simulations is a 4 cylinder, 2.0LTGDI engine adapted for SAI
application. The secondary air channels in the cylinder head are connected to the
exhaust ports and the diameter of the secondary air passages is limited, so that the
structural integrity of the cylinder head is not compromised. This leads to a high pres-
sure drop of 650 mbar at 100 kg/h of steady state flow. Standard ambient conditions
and steady-state temperature solver (instead of transient) were used in the simula-
tions, which results in higher temperature in both, intake and exhaust geometry, lead-
ing to higher volumetric flows and therefore higher pressure drops. This can be
considered as a conservative approach for the SAI performance. The 50% burn point is
retarded to 30�ATDC for oxidation stability in the exhaust system [6] as well as to
increase enthalpy to improve catalyst light-off time. However, combustion optimization
on the testbed is required to get a full MFB50% map for SAI operation. Retarded com-
bustion leads to a higher air mass flow requirement for the same load and therefore
higher demand on SAI pump for the same in-cylinder enrichment. The target for
enrichment is lambda = 0.8, which corresponds to secondary air mass flow of 25%
compared to the main engine flow.

All the boundary conditions for the simulations are listed in Table 2.

5.2 Steady state simulations – E-Compressor vs. E-Turbo

The following study is a steady-state comparison of maximum engine load which can be
achieved with 25% of SAI with using E-Compressor and E-Turbo. The Figure 5 shows
maximum achievable BMEP with SAI up to engine speed of 4000 rpm. The E-Turbo is

Table 2. Simulation boundary conditions.

No. Parameter Description

1 Engine 2.0TGDI, 4 cylinders, 20 bar BMEP, 135 kW

2 Temperature solver Steady-state wall temperature solver

3 EATS Secondary oxidation model, TWC model

4 Ambient conditions 1 bar, 25�C

5 SAI channel Dp 650 mbar at 100 kg/h steady flow (flow bench)

6 SAI Layout “EB plus 1 valve” and E-Turbo

7 SAI Valve On/Off

8 SAI Pump E-Compressor and E-Turbo

9 SAI Control Compressor speed, SAI valve fully opened

10 Electrical efficiency 85%

11 Combustion strategy MFB50% = 30�ATDC (retarded)

12 Valve phasing Advanced exhaust valve opening

13 Wastegate strategy Closed

14 Turbocharger(TC) Twin scroll baseline/E-Turbo (optimized wheels)
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capable to support the engine with SAI to full load operation up to �3000 rpm. At 4000
rpm, 25% of SAI can be achieved up to 14.4 bar BMEP. The E-Compressor covers
slightly smaller area by �2 bar BMEP at 3000 rpm and �1 bar BMEP at 4000rpm com-
pared to the E-Turbo, even with the power advantage of 2.5 kW. This is caused by the
difference between baselineTC wheels and E-Turbo wheels. While the baselineTC needs
to start opening the wastegate from 3000rpm to stay within its compressor speed limit,
the E-Turbo keeps the wastegate closed and the p3 is still significantly lower due to the
high permeable turbine.

The Figure 5 also shows all the described SAI layouts in terms of maximum achievable
power with 25% SAI. While the E-Compressors are using 7.5 kWDC peak e-motor and
baseline TC, the E-Turbo uses 5 kWDC peak machine and optimized wheels.

– The layouts “p1” and “p2” use the dedicated SAI wheel as these layouts are not
EB capable.

– The “EB plus 2 valves” also uses the dedicated wheel and therefore offers tran-
sient support only in low engine speeds.

– The results show that “p1” is not a suitable layout if high load SAI operation is
required.

– “p2” benefits from pre-compressed air from the main compressor and achieves
the best SAI performance.

– “EB plus two valves” brings the full benefit of “p2” layout and offers EB capability.
– The E-Turbo and E-Compressor in “EB plus 1 valve” layout offers the best EB

capability but with slightly lower SAI performance, especially at high engine
speeds and loads.

5.3 Transient simulations – E-Compressor vs. E-Turbo

As discussed in chapter 2, SAI operation under RDE conditions is essential. Hence
another part of the comparison of E-Compressor and E-Turbo is a transient driveaway
scenario with SAI operation. The boundary conditions are as in Table 2 with a few
exceptions. The E-Motors are requested to run at peak transient power and the sec-
ondary air mass flow is controlled by an SAI valve. MFB50% is targeted for optimal
combustion and drivability. A transient wall temperature solver to predict the warm-up
behavior was used, with an initial temperature of 25�C. An in-cylinder lambda of 0.8 is
targeted and is switched to stochiometric combustion if lambda upstream catalyst
drops below 1. This condition also triggers SAI operation shut-off. The in-cylinder
lambda behavior in Figure 6 is an indicator of how long E-Compressor and E-Turbo
sustain requested SAI mass flow. The driveaway scenario with SAI can be supported by

Figure 5. Maximum ICE steady-state achievable performance with 25%

of SAI.
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E-Compressor for around 3.2 s, reaching engine power of around 106 kW. This is more
than the steady-state results show and it’s caused by the transient temperature solver
and optimised combustion used for this study.

The E-Compressor can increase the temperature by 100�C by the end of the maneuver
in comparison with acceleration without SAI. The E-Turbo can support SAI operation
0.2 s longer, achieving engine power of around 114 kW and increasing the catalyst
temperature by another 12�C by the end of the maneuver in comparison with the E-
Compressor. During this driveaway event, NOx emissions are reduced by 6 times due to
SAI. Even higher engine powers with SAI are possible by optimizing the pressure drops
in the system, such as in the SAI channel and SAI valves.

6 CONCLUSION

Future emission norms will focus on reduced engine idling times and more aggressive
driveaway scenarios to further limit the cold start emissions of gasoline engines in all
geographies. Europe will likely lead the way with EU7 and RDE (over extended boundary
conditions) and will be followed by China VII and revisions to SULEV standards in
the USA.

Garrett’s simulations suggest that while the current SAI pumps in the power range of
800WDC to 1kWDC do a good job for applications homologated to the current SULEV
norm, where a 20s idle warm up is allowed, this will not be satisfactory in the future.

Both 7.5 kWDC E-Compressor in “EB plus 1 valve” layout with the baseline TC and 5
kWDC E-Turbo with optimized wheels are capable of similarly significant reduction of
catalyst light-off duration by maintaining SAI even at high engine load and speed
operation. The E-Compressor performs very well even with the baseline TC with low PR
compressor and relatively low permeable turbine. We can expect even better SAI per-
formance with optimized baselineTC. The E-Turbo on the other hand takes full benefit of

Figure 6. RDE acceleration to full load with SAI.
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optimized wheels and delivers similar SAI performance as the E-Compressor with lower
maximum power needed.

NB: This paper is based on simulation studies and the findings are being tested in a
vehicle environment at the time of writing this paper. The authors look forward to pre-
senting actual test results at a future date. All simulations presented here were also
performed at sea-level ambient conditions. This study will be extended to high altitude
conditions in the very near future, but logic and initial investigations suggest that the
SAI compressors would have to operate at even higher powers and duty cycles under
such aggravated conditions.
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ABSTRACT

The operation of centrifugal compressors is limited by the surge instability at low
mass flow rates. Being able to predict the surge limit during early compressor design
stages would save manufacturers time and reduce the need for costly experimental
testing. In this paper, we assess the mathematical model by Powers et al. [1] for its
ability to predict the directional change in the surge limit when geometric dimensions
are varied. The model is able to match the predicted directional change in surge
limits from a data-driven model, and so shows good promise for being a useful
tool.

1 INTRODUCTION

Turbochargers are now a common component of many vehicle engine systems. With
the drive towards cleaner technology, turbochargers are being combined with down-
sized engines in order to achieve the latest emissions regulations. Therefore, it is usual
to see turbochargers in a range of applications from large heavy-duty articulated lorries
to small passenger cars.

Turbochargers consist of a turbine and a compressor connected by a shaft. The role
of the compressor is to raise the pressure (and once cooled, the density) of the air
prior to the engine cylinders, thus increasing the amount of oxygen per unit volume.
The turbine uses energy from the vehicle exhaust to drive the compressor.

One of the main limitations of compressor operation is compressor surge. Surge is an
instability that occurs at low mass flow rates. It is characterised by pressure and flow
oscillations that can unbalance the compressor impeller and cause damage to the
compressor and its surrounding installation. Even mild forms of surge are undesirable
because the noise produced would be off-putting to any vehicle operator.

Predicting the surge limit of a compressor is therefore very important for turbocharger
manufacturers and engine designers. Having information about the location of the
surge limit and how it is influenced by geometric changes would be especially useful
during the early design stages. Often, the surge limit of a new compressor design is only
discovered during later design stages, once a prototype has been built and experi-
mentally tested. Therefore, having knowledge of the surge limit to influence design
decisions earlier in the design process would save time and money.
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For a surge model to be useful during early design stages it needs to be fast-running.
The computation efficiency can to some extent take priority over the quantitative
accuracy at this point in the design process; however, it is essential that the model has a
good qualitative predictive ability. For example, an early-design surge tool should be
able to confidently tell designers whether a surge limit improves or worsens between
designs.

Over the past 50 years, there have been many approaches to modelling turbocharger
compressors and predicting surge limits.

Computational Fluid Dynamics (CFD) has been a popular tool for assessing flow
dynamics because of its ability to model complex 3D flow structures with good accuracy.
However, the computational cost of high-fidelity CFD can be extremely high.
Conducting a transient CFD simulation of a compressor near surge is of the order of a
day per revolution using hundreds of cores running in parallel [2].

There are ways to help reduce this cost, for example, Karim et al. [3] reduced the
computational time of a transient CFD surge simulation by ensuring the model pipework
had a small inlet volume so that the surge was high-frequency and less revolutions were
needed to capture it. Also, Righi et al. [2] developed a 3Dmodel for an axial compressor
that used empirical correlations to predict the performance of the blade-row to reduce
the computational cost. However, none of the current approaches would reduce the
computational cost of a CFD surge simulation to the point it could be used as a pre-
dictive tool in early-design stages.

Recently, machine learning has become a popular modelling approach. This approach
means that you train a model on a large data set, then use this model to predict future
events or new cases. For example, Hipple et al. [4] used a Recurrent Neural Network
(RNN) to develop a real-time surge predictor. They trained the model on approximately
60,000 data points to teach it to identify when the turbine rotor speed indicates surge
has been reached.

This modelling approach can also be used to predict compressor performance maps and
the corresponding surge limit. For example, Ghorbanian and Gholamrezaei [5] used a
Rotated General Regression Neural Network (RGRNN) and other machine learning
approaches to predict the performance curves of axial compressors based on geometry.
They stated that the results of the RGRNN prediction were limited to interpolation, so
are not reliable for predicting the performance of a compressor with geometry outside
the range of the training set.

Internally within Cummins Turbo Technologies, a similar study has been done to predict
how the surge limit for radial compressors changes with geometry. An artificial neural
network was trained on a set of more than 600 experimental compressor map data
points, and was able to predict surge limits with good accuracy. However, the main
limitation of the work is that any future design needs to be within the range of the
training dataset to achieve the desired level of accuracy. Also, the model runtime is
under 1 hour for training and less than 1 minute for producing predictions, which is very
good in comparison to CFD but something even faster could be beneficial for early-
design stages.

Often when looking for fast-running models, reduced-order physical models produce
good results. Most reduced-order models are based on the work by Greitzer in 1976 [6].
He developed a quasi-steady 1Dmodel that could simulate surge in an axial compressor
but this type of model has been used for radial compressors too.
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Greitzer’s model has been updated and improved upon over the years. For example,
both De Bellis and Bontempo [7] and Powers et al. [1] have developed 1D models that
can capture compressor surge by simulating experimental facilities. In both cases, an
unsteady model for the pipework is combined with a steady-state model for the com-
pressor applied as a boundary condition.

The steady-state compressor model by De Bellis and Bontempo [7] has several tuning
parameters that are found by minimising the error between the simulated and experi-
mental compressor map for the specific compressor of interest. The full unsteadymodel
is then used to simulate the dynamics of surge, and they get good agreement to
experimental data.

Powers et al. [1] had a different approach. They developed their steady-state com-
pressor model so that it would have a minimal number of parameters that needed
tuning, and attempted to discover universal relations for these so that the compressor
model, and hence the surge model, could be fully predictive. They were also able to
capture both mild and deep surge dynamics which had not been done before using
reduced-order surge models.

Since the model by Powers et al. [1] has been developed with the aim of being a pre-
dictive model for surge, and the runtime for the model is around 15 secs for a quasi-
steady simulation, this is a good candidate for a surge tool for early design stages.

In this paper we will assess the model developed by Powers et al. [1] for its potential as
a tool to predict how the surge line changes with geometry. In Section 2, we will sum-
marise the model and find relations for two unknown parameters and, in Section 3, we
will compare themodel with experimental compressor map data to assess its validity. In
Section 4, we will conduct a study where some geometric parameters are changed to
see the influence this has on the simulated surge limit. These plots are compared with
the results from the internal Cummins Turbo Technologies neural network model to
determine if the model by Powers et al. is capturing the changes in the surge limit
correctly. Finally, in Section 5, we will outline our conclusions and any directions for
future work.

2 MATHEMATICAL MODEL

Powers et al. [1] developed a fast-running model for radial compressors with the cap-
ability of simulating both mild and deep surge. They modelled a gas-stand test facility
via the schematic shown in Figure 1.

Figure 1. Schematic showing how an experimental facility was modelled

mathematically in Powers et al. [1]. The inlet and outlet pipe of the

compressor were modelled with unsteady flow equations, and steady-state

models for the compressor and throttle valve were applied as boundary

conditions at (3) and (4) respectively.
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They simulated air flow through the test facility pipework via two Partial Differential
Equations (PDEs):
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where p is pressure, and _m is the mass flow [1].

The behaviour of the compressor was included by developing a steady-state model and
applying this as a boundary condition to the pipe. This steady-state compressor model
was developed from first-principles. Powers et al. began with the equations for con-
servation of mass, momentum (in a rotating frame), and energy [1]. They then
assumed the flow was adiabatic, an ideal gas (p ¼ rRT), a perfect gas (g ¼const.), had
no dissipation losses apart from skin friction, and had only small variations in the axial
direction, so the equations could be reduced to a single Ordinary Differential Equation
(ODE) for the impeller,
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for the diffuser,
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and for the volute,

@r

@s
¼

_m2rfS � 2r _m2 dA
ds

3� gð Þ _m2 � 2 g� 1ð ÞEVr2A2
;

where r is the density, r is the radial direction through the impeller or diffuser, and s is
the arclength through the volute [1]. Here,

E ¼ uj j2
2

þ g

g� 1

p

r

is the specific total energy,

uq ¼
Wr2tip

r
e�

f
h
r�rtipð Þ;

is the tangential velocity, and q ¼ _m=2p is mass flow per radian [1].

Finally, Powers et al. modified the above formulation in order to simulate some of the
physical phenomenon that couldn’t be captured by the simplified 1D model. In reverse
flow, a shear loss was included at the impeller-diffuser interface to account for the large
sudden change in tangential velocity when the flow makes contact with the impeller
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blades [1,8]. This was included as an instantaneous pressure loss,

pD ¼ pI � n uqI � uqDð Þ2;

where subscripts I and D denote the impeller and diffuser side of the interface respec-
tively [8].

In forward flow, stall functions were included in the definition of mass flow rate

_m ¼ x bð Þh að ÞArur

to account for incidence and recirculation losses [1]. Powers et al. developed an
impeller inlet stall function of

x bð Þ ¼ 1

1
2

tanbB
tanb

þ tanb
tanbB

� �
þ ba 1þ 1

2
tanb
tanbB

� �
tanbB
tanb

� 1
� �2

;

where bB is the average inlet blade angle and b is the flow angle into the impeller [8].
This stall function represents the fraction of the impeller channel available to the flow
[1,8]. For example, x bBð Þ ¼ 1, so when the flow angle perfectly matches the blade angle
(zero incidence), there is no stall and the entire channel is available to the flow.
However, x ! 0 as b ! 90o, so as the flow enters more tangentially, stalling occurs that
effectively blocks the impeller channel, restricting the area available to the flow.

In this paper, we propose an alternative stall function of

x bð Þ ¼ 1

1þ ba 1þ 2 tanb
tanbB

� �
tanbB
tanb

� 1
� �2

:

Mathematically, the difference between the stall function in Powers et al. [8] and the
stall function proposed here is a change from the assumption that the gradient of the
stalled velocity is zero at zero flow (dur=d _m 0ð Þ ¼ 0) to

d2ur

d _m2
0ð Þ ¼ 0:

Since we do not know physically what happens to the stalled velocity as we approach
zero mass flow, both of these assumptions are equally likely to reflect the truth.

The reason behind the suggested change is that now x bð Þ � 1 when ba ¼ 0: This means
that the stall parameter, ba, has a clearer definition because it now directly controls the
level of stalling.

For consistency, we also propose that the diffuser stall function, which accounts for
diffuser flow recirculation, becomes

h að Þ ¼
1

1þ bb 1þ 2 tana
tana�

� �
tana�

tana
� 1

� �2 ;

where a� is the critical angle for recirculation in the diffuser, a is the flow angle into the
diffuser, and stall parameter bb now directly controls the level of stalling.
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2.1 Parameter relations

In the model presented above, there are some parameters that change with different
compressors but do not directly relate to geometry. For example, the friction factor f

also encompasses losses associated with 3D effects that the 1D model cannot capture.
Therefore, the value of the friction factor changes for different compressors and
impeller rotational speeds. Parameters like these need relations so the model can pre-
dict the surge limit accurately with just geometric inputs.

To find these parameter relations we collected geometric data and corresponding
compressor maps for eight different compressors. The model presented above does not
simulate any effects of casing treatments, so compressors selected had no casing
treatments. To try and capture the full range of compressors, we selected a large range
of sizes (wheel diameter ranged from 52mm to 193mm).

To find a relation for the friction factor, the steady-state compressor model was run
using the specified geometry to generate a simulated compressor map. For each speed
line in the compressor map. Figure 2 plots these values for f against the tip-speed of the
impeller as circles. The colours correspond to the size of the compressor.

From this a statistical relation for the friction factor was found

f ¼ f1 f2Wrtip
� �2 þ 1

rtip

� �

where the fitting factors f1 ¼ 0:0022 �m, and f2 ¼ 0:0153 � s �m3=2, which gave an R2 value of
0.9484. Curves showing this relation have been added to Figure 2 to show the fit.

Figure 2. Lines showing curves of predicted values for friction factor, f . Circles

show optimal values of f found via least-squares fits of simulated individual

speed lines and experimental compressor map data. The colour scale shows

how the relation changes with compressor size.
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Similarly, relations need to be found for the impeller and diffuser stall factors, ba and bb, and
the critical angle a�. For the stall factors, Powers et al. [1,9] used the amplitude of mild and
deep transient surge data to find suitable values or relations. Unfortunately, due to
resource and time constraints, we only have access to the steady-state compressor map
data so cannot do the same here. Instead, we choose ba so that theminimumpressure seen
in the deep surge cycle is close to the choked flow limit. Mathematically, this means that

ba ¼ tanbBuchoke

2Wrhub

where uchoke is the radial velocity at the choked flow limit. For the diffuser stall factor, we
know that this is less than the impeller stall factor, and by setting bb ¼ 0:5ba we got good
results.

However, for the critical angle a�, we can use the steady-state compressor map data to
give us an idea of a relation. Again, we run the steady-state compressor model using
the specified geometry to generate a simulated compressor map. We then compare the
surge limit to the surge limit of the experimental compressor map to give an estimate
for the optimal value of the critical angle.

Plots these estimates against the tip-speed of the impeller as circles. The colours cor-
respond to the size of the compressor.

Consider the flow angle entering the diffuser, a. We know that tana ¼ uq=ur at the
impeller tip. This means there is a simple relation between the tangential velocity, uq, at
the impeller tip (the tip-speed) and the flow angle. Therefore, it appears sensible to look
for a relation between tana� and the tip-speed.

Figure 3. Lines showing curves of predicted values for the critical angle, a�, at
which stalling occurs in the diffuser for different impeller wheel sizes. Circles

show estimates for the optional value of a� found by minimising the error

between experimental and simulated surge limits. The colour scale shows

how things change with compressor size.
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After statistical analysis to find the coefficients, the relation we propose is

tana� ¼ f3 f4Wrtip � f5 � 812rtip
� �� �2 þ 3:738� f6rtip

� �

where the fitting factors f3 ¼ 4:432� 10�5 �m�2, f4 ¼ 1 � s , f5 ¼ 487 �m, f6 ¼ 6:69 �m�1,
which gives an R2 value of 0.6933. Curves showing this relation have been added to.
The fit is better for the larger compressors, but this reflects experimental data that
diffuser stall is more significant in larger compressor and at high rotational speeds.

3 MODEL VALIDATION

We can now compare the mathematical model for surge against the compressor map
data of a variety of different compressors to assess its validity.

As shown in Powers et al.’s first paper, the surge limit can be approximated by taking the
local maximum of the compressor characteristics [9]. In their later work, they demon-
strated that this limit might be conservative because the unsteady pipework model
identified a surge limit to the left of the local maxima [1]. However, we are prioritising a
fast-running model and therefore have chosen to run the steady-state compressor
model and locate the local maxima as an approximate surge limit because this is the
quickest approach computationally.

The compressor map data we use in the comparison is all from compressors without any
casing treatments, and for impeller wheel diameters within the range of 52mm
to 193mm.

Figure 4 shows the resulting comparisons between the steady-state mathematical
model and experimental data. It is clear that the fit between the simulated map and
experimental data has some issues. The choke limit is often not approximated well,
especially for the small compressors, and the model struggles to capture the correct
pressure values for the highest speed lines of the largest compressors.

It was stated in Powers et al. [9] that the model had some difficulty when the flow
approaches sonic velocities. The equation for rate of change of density with respect to
radius has an asymptote at sonic velocity when the Mach number of the flow approa-
ches one, so any numerical solver will have problems in accurately resolving the solu-
tion, improved numerical methods are being investigated to address this issue. In
choked flow conditions the radial velocity approaches sonic conditions, and for high
impeller rotational speeds (particularly for large impellers) the tangential velocity
approaches sonic conditions. Therefore, the current version of the model will have
issues matching experimental data in these regions.

However, this is a very simple fast-running model with only two fitted parameters.
Therefore, the fact that the model is able to capture the general shapes of the com-
pressor maps is a good achievement. Moreover, there appears to be a good fit for the
surge limit for all of the compressor sizes, which is the main importance because we are
aiming to use this model as a tool to predict changes in the surge limit as we alter
geometry.
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Figure 4. Comparison between simulated compressor map using steady-state

mathematical model and parameter relations from Section 2 (solid lines) and

experimental data (red circles).
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4 MODEL ASSESSMENT

As stated in the introduction, a data-driven model for predicting how the surge limit
changes with geometric considerations has been developed internally within
Cummins Turbo Technologies. This model was trained by back-propagation of artifi-
cial neural network consisting of five hidden fully connected layers with an Adam
optimizer, using a dataset of more than 600 physical compressor surge points from
gas stand experimental testing. All of the compressors used in the training dataset
had casing treatments, and the impeller wheel diameter ranged from 64mm
to 98mm.

The mean absolute percentage error (MAPE) for the model is 3.7% and 0.5% for mass
flow parameter and pressure ratio, respectively – provided predictions are made within
the training range.

In order to assess the mathematical model presented in this paper for its potential as a
tool for indicating how the surge line shifts with geometric changes, we will vary indi-
vidual geometric inputs and compare the results to the same change in the data-
driven model.

We will use the 85mm compressor from Section 3 as the baseline geometry in both
models, and vary the following five inputs to see the effect on the surge limit: impeller
hub diameter, impeller inlet shroud diameter, impeller tip diameter, diffuser gap, and
diffuser diameter (see Figure 5).

It is important to know that in the development of their mathematical model, Powers
et al. [1,9] made an assumption that the impeller wheel did not turn the flow from axial
to radial but remained fully in the radial direction. Therefore, changing the hub and
shroud diameters in this model is different to a typical impeller. Figure 6 shows this
difference.

Figure 5. Diagram showing the five geometric input that are changed

individually to see the effect of the surge limit.
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The results of varying the five geometric dimensions for the mathematical model and
the data-driven model are shown in Figure 7.

Figure 7. Comparison between data-driven model (left) and

mathematical model (right).

Figure 6. Diagram showing a standard impeller geometry (left) and the

impeller geometry in Powers et al.’s [1] mathematical model. Powers et al.

assume the flow is purely radial instead of turning from axial to radial, so the

geometry is different to account for this.
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Figure 7. (Continued)
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Figure 7. (Continued)
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In all cases, the mathematical model agrees with the data-driven model in terms of the
directional shift in the surge limit as we change individual parameters. Therefore, this
gives us confidence that the model by Powers et al. [1] can be used as a tool to help
designers understand the implications of changing geometry on the surge limit.

As can be seen in Figure 8, the surge limits in the data-driven model are more linear
than the surge limit curves of the mathematical model. However, we believe this is due
to the difference between compressors with and without casing treatments. The
mathematical model predicts the surge limit for a compressor without any casing
treatments, whereas the data-driven model has been trained on data consisting of
compressors that all include casing treatments.

Comparing the plots showing the change in hub diameter, we see that the effect on the
surge limit is relatively small, with a larger shift at higher pressure ratios. The data-
driven model predicts a larger change in surge limit than the mathematical model. Also,
the mathematical model predicts the surge limits crossing, but this doesn’t occur in the
data-driven model.

This is the case where we have the worst match between the data-driven model and the
mathematical model. For the mathematical model, changing of hub diameter will result
in a change in the ‘meridional length’ through the impeller as well as the change in inlet
area. We can see this in Figure 6 because the inlet of the impeller is defined to be at
radius rhub so changing this will change the overall size of the impeller, not just the inlet
area through h rhubð Þ. Therefore, this miss-match is not a surprise because this effect will
not occur in the data driven model.

Figure 8. Comparison between surge limit for the 85mm base case between

the mathematical model (blue) which assumed no casing treatments, and the

data-driven model (black circles) which assumes there is casing treatments.
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When studying the shroud diameter plots, we can see that the directional change of the
surge limits match, but the extent of the change in surge limit is different. In the data-
driven model, the shift in surge limit is pretty constant at all pressure ratios, however, in
the mathematical model, the shift in surge limit is larger at higher pressure ratios.
Again, this could be due to the difference in modelled impeller geometry shown in
Figure 6.

When changing the tip diameter in the mathematical model, the diffuser and volute will
also change in size because the diffuser radius ratio, and the ratio between the radius to
the centroid of the volute and the tip, are kept constant. Also, the tip width was left
unchanged, so the wheel exit area will change with the tip diameter. These conditions
were repeated to obtain the equivalent results for the data-driven model. As can be
seen, we get a good agreement between the two models for this case. Both models
predict that the change in the surge limit is more significant at higher pressure ratios.

We also get good agreement for the variation in diffuser gap. Again, bothmodels predict
that the shift in surge limit is more significant at higher pressure ratios. In the mathe-
matical model, the tip width is set to the same value as the diffuser gap, so the tip width
was changed to replicate this in the data-driven model results.

Finally, for the change in diffuser diameter, both models agree and seem to suggest this
has very little influence on the surge limit on its own. Therefore, any real effects of
changing this would be due to a combination of effects instead.

5 CONCLUSIONS

In this paper we have assessed the mathematical model developed by Powers et al. [1]
for its ability to create a surge tool during early compressor design stages. The idea is
that this tool has the ability to qualitatively predict how the surge limit shifts between
different geometric designs.

To use the model by Powers et al., we first found relations for two unknown parameters
(the friction factor and the critical angle at which stall occurs in the diffuser) and vali-
dated the model against a range of compressors.

We then varied geometric inputs for the model and compared the shift in the resulting
surge limit to equivalent results from a data-driven model. The two models agree with
the directional change of the surge limit within the confidence intervals of the training
dataset for the data-driven model. Therefore, this gives us confidence that the mathe-
matical model is also correctly predicting the expected directional shift in the
surge limit.

The results in this paper have indicated that the model by Powers et al. [1] is a good
candidate for a fast-running, predictive surge tool. However, future work is still neces-
sary to achieve this goal. We have been investigating ways to deal with the numerical
instability of the solvers as we approach sonic flows to improve the compressor model in
regions of choked flow and high impeller rotational speeds. We plan to improve the
model by Powers et al. so that it can capture the effects of backsweep and diffuser
recirculation more accurately. We also plan to include casing treatments and the option
of a vaned diffuser, so that the tool would have more versatility. Finally, we would need
to perform more surge limit investigations to assess validity and improve confidence in
such a tool.
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NOMENCLATURE

A Cross-sectional area

ba Impeller stall parameter

bb Diffuser stall parameter

E Specific total energy

f Friction factor

h Height

_m Mass flow rate

nb Number of blades

p Pressure

q Mass flow per radian

r radius or radial direction

R Specific gas constant

s Arclength

t Time

T Temperature

u Velocity

x Distance

a Flow angle into the diffuser

b Flow angle into the impeller

g Specific heat ratio

h Diffuser stall

k Isentropic constant

n Shear loss coefficient

x Impeller stall

r Density

W Impeller rotational speed

Subscripts:

amb Ambient

B Blade

c Compressor

D Diffuser

hub Impeller hub

(Continued )
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(Continued )

Subscripts:

I Impeller

r radial

T Throttle

tip Impeller tip

V Volute

q Tangential

* Critical value
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ABSTRACT

A turbocharger when operating at low speed and high load has a limitation given by
compressor, due to surge [1–8]. The surge limit of the turbocharger compressor will
limit the minimum flow at which the engine can operate [1,6–8]; therefore, compressor
surge margin is a significant constraint at low-end torque operating area of the engine,
corresponding to full load at very low engine speed. This paper presents a novel turbo-
compressor inlet shroud treatment for surge limit enhancement. This innovative shroud
design aims to “accommodate” the flow when flow-separation happens by
re-conducting the reverse flow back to inflow direction by means of the presence of an
annular cavity in the vicinity of the compressor impeller tip. Numerical results obtained
from the initial computational assessment of this concept suggest that the axial flow
distortion, commonly encountered when compressor stalls, is retarded by the presence
of the annular cavity, which “corrects” the flow direction, and thus retarding stall pro-
pagation when operating at low flow rates, near surge.

Furthermore, an experimental campaign was carried out at Imperial College London
experimental facilities to proof the feasibility of the presented shroud treatment on a
turbocharger centrifugal compressor for automotive application. Experimental results
suggest that the presence of a cavity at compressor inlet facilitates the re-entering of
flow reversal at compressor inlet when compared to equivalent traditional compressor
shroud design.

1 INTRODUCTION

The operating range of a centrifugal compressor is generally restricted by the inception
of surge and rotating stall [1,2,5–7]. The main difference between rotating stall and
surge lies in the severity of the disruption occurring to the flow. Compressor stall is a
two-dimensional (2-D) or three-dimensional (3-D) instability characterized by pressure
distortions and circumferential mass flow that revolve around the compressor [2,6,7].
However, during stall, the distorted flow remains in the forward direction at all times;
and the averaged flow through the compressor is steady. Moreover, surge is a one-
dimensional instability characterized by oscillations in area-averaged mass ow and
pressure rise, resulting in a complete flow disruption through the compressor. During
surge, the mass flow variations and the flow passing through the compressor pulses,
therefore the compressor is no longer under stable operation. Surge and stall lead to
flow and pressure oscillations in the centrifugal compressor and consequently the
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aerodynamic performance and efficiency of the centrifugal compressor are negatively
affected [6–8]. During the last decades, many studies have been conducted to improve
the operating stability of centrifugal compressors. Both passive and active methods
have been suggested to enhance compressor stability, mainly focused on surge margin
enhancement.

As a passive method for stall control, casing treatment is usually applied by changing
the shape of the shroud or the inlet duct, generating a recirculation area that
reduces the blockage close to the shroud wall. This approach is known to considerably
extend the operating range of compressors by controlling the trajectory of the tip
leakage flow. Passive methods are usually quite efficient in improving the operating
stability of centrifugal compressors but reduce the efficiency by inducing additional
aerodynamic losses. The ported shroud concepts presented in this study propose to
minimize the reduction in efficiency of a centrifugal compressor by a recirculation of the
flow in the normal direction of the main flow stream.

This study presents a new shroud design concepts linked to an annular cavity, to
achieve better surge margin. To assess the effects of the new designs on the com-
pressor performance, four different concepts were evaluated. The angle and width of
the cavity port and the location of the ported shroud were selected as the design
variables. The aerodynamic performance of a compressor with ported shroud is
analysed by using 3-D Reynolds-averaged Navier Stokes (RANS) equations.

1.1 Hypothesis behind the idea – Annular shroud treatment

This novel compressor ported shroud design arose from the analysis of the CFD
simulation carried out on the reference compressor used in this study. The numerical
analysis was focused on near surge operation operating condition when flow reversal
is prompt to occur. When analysing the streamlines at the vicinity of impeller inlet at
near surge operation, two main flow separation regions were identified – near blade
tip and near splitter tip. It is based on this observation that the authors suggested that
the presence of an annular cavity located near impeller tip region around the com-
pressor shroud casing might “accommodate” the flow when flow-separation happens
by re-directing the reverse flow back to inflow by means of the “annular shroud
treatment”.

As a result, axial flow distortion, commonly encountered when compressor stalls, is
retarded by the presence of this ported shroud, thus retarding stall propagation
when operating at low flow rates, near surge. Therefore, this hypothesis suggests
that the presence of a ported shroud at compressor inlet facilitates the re-entrance of
possible flow reversal prior compressor inlet by reducing the incidence angle at the
impeller blade leading edge due to the ported shroud. This “surge enhancement”
concept idea arose from the analysis of the results of the CFD simulation carried out
using the original MHI centrifugal compressor geometry and with a pulsating outlet
boundary condition of 66.67Hz pulse frequency, being the reference operating con-
dition in the current study. When analysing the unsteady CFD results for the refer-
ence case original compressor and pulsating outlet boundary, two main areas of flow
separation were identified blade tip and splitter tip. Figure 1 shows a sketch of these
flow-separation locations based on the obtained streamlines for the reference
condition.

Based on the streamlines and the general flow behaviour when stall inception occurs
(low flow rates), this research led to an innovative passive solution/new shroud concept
for compressor surge enhancement – “Compressor Cavity Treatment”.
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In a previous work on vaneless centrifugal compressor surge, Uchida et al [11] devel-
oped a casing treatment that featured a curved wall cavity. The aims of the investigation
were to study the surge characteristic of a turbocharger compressor, and how different
dimensions of the casing treatment cavity effects on the compressor efficiency and the
surge limit. As a result, it was found that the optimum casing treatment configuration
reduced the surge flow rate by 30 % relative to a conventional compressor. Observing
the fluid dynamics in more detail, it was identified the existence of a big vortex region in
the shroud side after and before the impeller leading edge in operating points close to
surge, Figure 2. Based on this, it was concluded that it is important to control these
vortices to improve both, the surge limit and the efficiency of the compressor. The
casing treatment suggested on this research aimed to reduce the low-pressure region
(the recirculating region) created after the leading edge.

Uchida et al. [11] designed a casing treatment concept with six cavities delimited by
spoon-like curved wall, and two slits located in the shroud of the compressor housing,
see Figure 3. The shape of the cavities was designed to smoothly change the

Figure 1. Reference compressor rotor - Streamlines at near surge operation.

Figure 2. Streamlines and Mach

number at one compressor passage

at near surge point [11].

Figure 3. Geometry for a casing

treatment concept with six cavities

develop by [11].

Figure 4. Compressor map and

efficiency plotted for no casing

treatment case (in black) and best

case with casing treatment (in blue)

[11].
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recirculation flow velocity from the circumferential to the axial direction. The location
and the width of the two slits in the casing treatment were investigated experimentally
to improve the surge margin of the compressor. Compared to a conventional com-
pressor, with no casing treatment, they found an improvement on the surge limit over
the entire range of pressure ratios. They did not observe any decrease in efficiency. In
fact, efficiency increased for all four-line speeds studied. These correlations can be seen
in Figure 4 where the compressor map and its efficiency lines are plotted for the case
without casing treatment (in black) and the case where the best of the casing treatment
geometries studied is included (in blue).

By analysing the flow field at the impeller channel, one can see how the vortex created
upstream of the suction slit disappears. However, the large vortex that occurs down-
stream of the suction slit cannot be controlled with the casing treatment, see Figure 2.
For that reason, in this work the cavities are studied in two different locations, the
impeller leading edge and the splitter blade leading edge.

Halawa et al. [10] presented a numerical study of a casing treatment grooves focused
on optimizing the parameters which can enhance the centrifugal compressor perfor-
mance during stall. The authors considered three parameters defining the casing
grooves, cross section aspect ratio (the groove height to width ratio), groove location
and number of grooves. They found that the best location for the groove is at the full
blades leading edge because the stall area can be minimized and controlled. Also, it was
found that by increasing the number of grooves, the surge margin (SM) increases and
the isentropic efficiency decreases, but the stall area at the shroud surface decreases in
size and its location is shifted toward the blades trailing edge. The values of the com-
pressor performance can be seen in Figure 5 where in the left is shown the pressure
ratio again the mass flow, and on the right side the efficiency for each case.

To prove the hypothesis behind the ported shroud concept considered in this study –

“soothing” axial flow distortion (incidence angle) by accommodating/redirecting the
reverse flow back to main inflow - four different ported shroud designs (cavities) have
been prototyped and tested at Imperial College facilities. The four cavity designs
(shape) and locations were defined based on the analysis of the flow structure and
streamlines obtained from CFD simulation. Figure 6 shows a sketch of the four tested
concepts:

Looking at Figure 6, one can observe that the cavity design/shape is slightly different
when comparing “Blade Cavity” cases to “Splitter Cavity” cases. The reason behind

Figure 5. Compressor performance in PR (left) and efficiency (right) [10].
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these different cavity shapes at the different locations is based on the analysis of the
streamlines showing the behaviour of the flow within the impeller passage when com-
pressor operates near surge.

Figure 7 summarise the key differences, in terms of cavity location and shape, among
the four tested cavity concepts – Blade cavity and Splitter cavity designs. The names
“Tip” and “Mach” have been used to give the reader a reference to the location of the
cavity, those with Tip in their name are located at the height of the blade and splitter
tip. On the other hand, those with Mach in the name refer to cavities located at the rear
of the blade tip and splitter. The nameMach refers to the low Mach number region that is
created due to the flow separation in the tips.

Figure 7. Details on blade (left) and splitter (right) cavity locations and

resulting flow streamlines.

Figure 6. Location and shape for the four tested cavities tested.
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2 EXPERIMENTAL FACILITY AND TEST MATRIX

To prove the surge enhancement potential of the cavity concept, an experimental
campaign was carried out. This experimental benchmark considers four different cavity
concepts under steady conditions and at five different pulse frequencies (unsteady exit
state). The different test cases and pulse frequencies carried out are summarized in
Table 1.

In this experimental campaign, the onset of surge was identified by the increase in
compressor inlet temperature as well as by the sudden change in volume flow rate
measured by the hot wire. Additionally the typical buffeting sound when surge occurs
was noticed.

To compare the performance of the different conditions and configurations, one para-
meter is introduced: Surge Margin Improvement (SMI), defined as follows:

l Surge Margin Improvement – It is assumed cavity surge flow to be lower (better)
than original surge flow. Thus, a negative value indicates surge margin is
deteriorated.

SMI %ð Þ ¼ Qsurge; original �Qsurge; cavity

Qsurge; original
� 100

Where Q(surge, original) and Q(surge, cavity) indicates the resulting surge flow with original
compressor and cavity compressor, respectively.

SMI parameter is evaluated for each cavity concept to assess the effectiveness of this
novel compressor shroud treatment (“cavity”) on surge margin enhancement, when
compared to original (reference) compressor under same operating conditions–steady
and unsteady scenarios. For the unsteady evaluation (induced outlet pulsing condition),
a range of pulse frequencies have been tested and are described in Table 1, ranging
from low pulse frequencies (30Hz) to high pulse frequency values (100Hz, in this
study).

Table 1. Experimental benchmark for the four tested cases.
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2.1 Experimental facility

The compressor test facility used in this study was designed to include effects that
can be observed under real engine conditions, such as pulsating effects and system
volume effects. Both are generated in the compressor exhaust stream caused by the
engine inlet valve train motion, and they alter the inertia of the system, a parameter
which is closely related to the stability of the compressor and surge triggering [9].
The pulse can be defined by its frequency and amplitude and the volume effect is
defined by vessel reproducing the piston volume of the engine. A schematic diagram
of the centrifugal compressor test facility developed in this study is shown in
Figure 8.

In this facility, air is drawn into the compressor through a bell mouth from ambient
conditions, it then flows through a straight pipe (L/D = 6.076) ahead the com-
pressor. After leaving the compressor, the airflow encounters the pulsating flow
device. The airflow leaving the pulsating flow device encounters a 90-degree elbow
followed by a pipe with an L/D = 8.267 ratio leading to the throttle system at exit
(shown here as two exit valves). The compressor rig is driven at a constant speed by
an 110kW ABB electric motor through a 27:1 step-up double epicycle gearbox
designed and manufactured by Compact Orbital Gears. For a more detailed
description of the compressor test bench, please refer to Dr. Barrera Medrano’s
thesis [9]. It describes in detail the instrumentation of the rig and the different
components that compose it.

2.2 “Cavity” inserts

For the experimental phase of this work, four different cavity inserts have been proto-
typed in high temperature resin (Somos PerFORM resin) and fitted into a metallic
modular compressor provided by MHI (Figure 9). This plastic resin printing allows a
quick and reliable solution to get an idea of the potential that each cavity location had on
the performance of the compressor. As can be seen in Figures 9 and 10, the different
ported shroud models (cavities) were attached to the modular casing by means of eight
short screws. In addition, adhesive tape was used in four regions of the connection in
order to verify the tip clearance measurement at the junction of the two pieces, as can
be seen in the marked area of the picture.

Based on the “coefficient of linear thermal expansion” (CTE, Table 2) and the location of
the inserts, and assuming a maximum temperature of 100�C at the end of the insert
(diffuser inlet), it was assumed thematerial thermal expansion was small enough to not
be considered as an issue in its own.

Figure 8. Experimental test bench at Imperial College London [9].
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This design and manufacturing strategy was fast, and it combines different materials can
lead to changes in the geometry due to surface continuity and temperature effects. The
transition between resin inserts and metallic components was smooth, however the pre-
sence of flat screws and the additional metallic ring to fit compressor on bearing housing
might affect the flow.

The modular compressor required a metallic ring to be fitted between compressor back-
face and bearing housing in order to ensure the correct diffuser height. The cavity size
was rather big, therefore affecting the compressor efficiency at low flow regions due to
extra losses generated within the large cavity. All the above effects can contribute to the
measured reduction in efficiency.

3 EXPERIMENTAL RESULTS – UNSTEADY AND STEADY OUTLET

CONDITIONS

3.1 Analysis of unsteady experimental results – Surge margin

enhancement with cavity treatment under pulsating conditions

This section presents the analysis of the unsteady experimental results for each cavity
concept. The resulting surge margin and calculated efficiency at surge (based on
experimental measurement) for each cavity concept are compared to the experimental
results of the original compressor at the same operating condition.

The analysis below is focused on SMI parameter, defined in the previous section.
Figure 11 shows the Surge Margin Improvement (SMI) for all cavity concepts – Blade
Mach/Tip and Splitter Mach/Tip; at all frequencies – 30Hz, 43Hz, 66.67Hz, 80Hz and
100Hz. From these figures it can be observed that the location of the cavity impacts the

Figure 10. Metallic modular casing

and cavity. Insert connection.

Figure 9. Modular metal casing with

cavity insert.

Table 2. Thermal properties for the cavity insert material.
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SMI. The Blade cavity cases (blade Mach and blade tip) shows the largest SMI when
compared to original case for all tested frequencies. Among the blade cavity concepts,
Blade Mach cavity is the best option when looking onto SMI potential. At the typical
engine speed range (43–80Hz), the SMI for the Blade Mach cavity improves in the range
6–12%, showing the potential of this innovative surge enhancement concept. In the
case of the splitter cavity cases (splitter tip and splitter Mach), there is a surge margin
penalty when compared to original case under the same operating condition as pre-
sented by the splitter Mach (green) and splitter tip (pink) cases in Figure 11.

Table 3 summarizes the results for SMI of each cavity concept at each tested frequency.
For SMI, it is assumed cavity surge flow to be lower (better) than original surge flow,
thus, a negative value indicates surge margin deteriorates.

Figure 11. Surge margin improvement (SMI) at all frequencies.

Table 3. Results for SMI and ED of each cavity concept

at each tested frequency.

Cavity Case Pulse Frequency SMI [%]

BLADE MACH 30 Hz 13.4

BLADE TIP 30 Hz 9.3

SPLITTER MACH 30 Hz 6.2

SPLITTER TIP 30 Hz 4.4

BLADE MACH 43 Hz 8.4

BLADE TIP 43 Hz 7.4

SPLITTER MACH 43 Hz 0.7

SPLITTER TIP 43 Hz �0.7

BLADE MACH 66.67 Hz 6.1

(Continued )
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Based on these results and to understand the physics behind these concepts, it was
decided to investigate the cases numerically for the best cavity case in steady state
(Blade Mach).

3.2 Performance maps for all pulse frequencies

Figures 12 to 16 show both the performance map and the isentropic efficiency for the
four cavity models and the original, at all frequencies studied.

Figure 12. Compressor performance with unsteady outlet boundary

condition–30Hz.

Table 3. (Continued)

Cavity Case Pulse Frequency SMI [%]

BLADE TIP 66.67 Hz 5.2

SPLITTER MACH 66.67 Hz �0.6

SPLITTER TIP 66.67 Hz 0.7

BLADE MACH 80 Hz 11.7

BLADE TIP 80 Hz 10.9

SPLITTER MACH 80 Hz 1.6

SPLITTER TIP 80 Hz 1.5

BLADE MACH 100 Hz 8.4

BLADE TIP 100 Hz 7.1

SPLITTER MACH 100 Hz 0.1

SPLITTER TIP 100 Hz 1.9
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Figure 14. Compressor performance with unsteady boundary condition–

66.67Hz.

Figure 15. Compressor performancewith unsteady boundary condition–80Hz.

Figure 13. Compressor performancewith unsteady boundary condition–43Hz.

110



All cavity designs show an improvement in surge margin when compared to the original
compressor (reference), under the same operating conditions. When looking at com-
pressor performance trends for the four tested cavity concepts, one can observe a
similarity in the performance curves among the following pairs: (i) Blade Mach and
Splitter Tip cavity concepts; (ii) BladeTip and Splitter Mach cavity concepts. These pairs
seem to follow the same behaviour for all operating points.

3.3 Analysis of steady experimental results – Surge margin

enhancement with cavity treatment under steady conditions

Even though the focus of the “cavity” concept relates to compressor surge enhance-
ment under pulsating outlet conditions, an experimental evaluation of the concepts
under steady flow was carried out. Table 4 summarizes the results for SMI of each cavity
concept under steady conditions. Looking into SMI, it is seen that the Blade Tip cavity
case shows the highest potential for compressor surge enhancement with an 8% when
compared to original compressor (no cavity), under steady conditions. The second-best
SMI is achieved by Blade Mach Cavity case, presenting a surge margin enhancement of
3.5% when compared to reference (original) case. Generally, all tested cavity concepts
show a surge margin improvement apart from Splitter Tip concept.

Figure 16. Compressor performance with unsteady boundary

condition–100Hz.

Table 4. SMI for the four cavity concepts

when compared to original compressor.

Cavity Case SMI [%]

BLADE MACH 3.5

BLADE TIP 8.1

SPLITTER MACH 1.45

SPLITTER TIP �0.24
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To understand the flow mechanism behind the observed improvement on surge margin
during the experimental campaign, the original compressor design and the best two
cavity cases – Blade Tip and Blade Mach designs have been explored computationally.
The key findings from this numerical assessment are presented in the next section.

4 CFD ASSESSMENT OF THE CAVITY CONCEPT – LOOKING INTO THE FLOW

MECHANISM

To characterise compressor behaviour and flow instabilities developed under off-design
conditions, it is necessary to build up data for a high number of operating conditions.
This requires creating a mesh capable of reproducing the fluid field under these cir-
cumstances. Figure 17 shows the domain of the compressor. The compressor inlet
consists of a straight pipe of 250 mm in length to ensure a fully developed flow prior
impeller inlet. Figure 18 shows a summary of the computational domain as well as a
sectional view of the inlet mesh. The number of mesh elements was 1,93 million
approx. with an orthogonal quality parameter of 0.85 (0 being a poor-quality mesh and
1 being a high-quality mesh).

The boundary conditions at the inlet in the analysis correspond to total pressure and
total temperature (T0 = 293.15K, P0 = 1 atm), with an angle normal to the surface and
turbulence intensity of 5%. Area-averaged static pressure was imposed as outlet
boundary condition. A Frozen-rotor interface was used for the rotor/stator region
located between the diffuser and the impeller. In this method, the relative location of
the rotor to volute tongue is assumed to be “frozen” and calculations at two sides of the
interface are carried out in different frames. The flow distortion at either side can be
passed through the interface without being circumferentially averaged. Smooth solid
walls were set to be no-slip and adiabatic. The fluid was set as ideal gas. k � Epsilon

turbulence model was used. the average dimensionless near-wall distance y+ was also
nearly constant for each mesh with values of y+> 30, using the scalable wall function.

To validate the model, the steady-state simulations were run until a converged solution
was achieved. Thereby, the numerical results can give an accurate performance pre-
diction from choke to points near surge. The operation point which achieved the lowest
mass flow rate while still converging is taken to be the numerical surge point [11]. The
appearance of oscillations in the flow patterns indicate an unstable operating point.
These unstable fluctuations cannot be resolved with the steady-state approach by this
model and were therefore not part of this simulation. Therefore, the lower mass flow
limit is referred to as the surge limit of the CFD calculations, a procedure common for
the investigation of surge limit [12,13]. The solution convergence was evaluated by
calculating the total pressure ratio, isentropic efficiency, and the imbalances for each
component of the compressor at each iteration. The simulation was considered as
converged if:

l The RMS residuals were lower than 10�4.

l All imbalances were less than 1% for each compressor component.

l The mass flow rate fluctuations were lower than 0.5% at the inlet and outlet of the
compressor.

l Isentropic efficiency fluctuated by less than 0.5\%.

To improve the quality of the simulation, a mesh refinement near the walls has been
implemented using the inflation technique. This inflation has been carried out by using
“First Layer Thickness”, with number of layers of 10 with a growth ratio of 1.7.

The diffuser is a vaneless diffuser with an inlet diameter of 152mm and an outlet dia-
meter of 200mm. The channel height is 8.06 mm at the inlet and 8.24 mm at the outlet.

112



This configuration in which the channel is gaining height enhances the static pressure
gain of the diffuser. Figure 18 shows a sectional view of the diffuser mesh. The number
of mesh elements was 1,3million approx. with an orthogonal quality parameter of 0.88.
A refinement of themesh near the walls has been implemented with several layers of 10
with a growth ratio of 1.7.

Figure 19 shows the geometrical design of the volute used in this study. The number
of mesh elements was 5,41 million approx. with an orthogonal quality parameter
of 0.85.

For the impeller domain, three different configurations were created, the first of which
corresponds to the original compressor, i.e., without ported shroud. The other config-
urations correspond to the experimental model that has shown the best potential on the
experimental phase. These are Blade Tip and Blade Mach. Figure 19 shows the CAD
domain of the original and both cavity cases, respectively.

In the CFD analysis for the best cavity cases, no downstream volume is included in the
simulation. Bearing this in mind, one can expect differences among experimental and
numerical results, as the compression system volumes/lengths play a key role in stall
inception. Nevertheless, the aim of this numerical analysis is to understand how the
presence of a cavity in the compressor shroud affects flow physics and resulting stall
inception.

A validation study of the mesh and its dependence on the number of cells in the solution
presented here. The validation of the meshes has been conducted on the impeller
component, as this is the one in charge of capturing the effects caused by the new
shroud design. For this purpose, three meshes were created with an increasing number
of cells, as well as with a different treatment in the approximation of the mesh to the
walls. Table 5 shows the number of elements that each of the meshes has for the rotor
and for the complete compressor domain. These figures vary from approximately
14 million elements for what can be considered a coarse mesh to 22 million for a
fine mesh.

Figure 17. Fluid domain for numerical analysis (left) and inlet pipe mesh

details (right) of the numerical assessment.
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Table 5. Number of elements for each compressor component.

Mesh

Rotor Cell

no.

Compressor

Cell no. Description

Mesh1 4,108,696 14,935,662 No inflation layer close to impeller blades
(poor accuracy near the impeller blade,
Hub and shroud walls)

Mesh2 7,140,161 17,925,872 Course inflation layers close to impeller
blades (the inflation improve the accu-
racy near the impeller blade, hub and
shroud walls)

Mesh3 13,988,723 22,632,094 Fine inflation layers close to impeller
blades (the inflation improve the accu-
racy near the impeller blade, hub and
shroud walls)

Figure 19. Scroll mesh details.Figure 18. Diffuser mesh details.

Figure 20. CAD domain comparison for 3 configurations: (a) original, (b)

Blade Mach, (c) Blade tip.
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In addition to the information presented in Table 5, the differences of the meshes can be
seen in detail in Figure 21. Figures 22 shows the results on predicted performance and
efficiency of the three meshes described in Table 5. The results suggest thatMesh3 (red
line) can reproduce the behaviour of the compressor in the tested performance range
(black line) for both, thus, it will be used for the numerical assessment of this study. The
same parameters of inflation and mesh density were used to create the mesh for the
Blade Mach and Blade Tip cases.

Figure 21. Comparison of different mesh densities.
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4.1 CFD analysis and flow-field assessment for blade Mach and

original compressor – Comparison at near surge and peak

efficiency conditions

Figure 23 shows the obtained pressure ratio from CFD results for the three simulated
cases – Original no cavity (red), Blade Tip Cavity (green) and Blade Mach cavity
(blue) cases. Figure 24 shows the efficiency results obtained by CFD analysis for the
simulated cases. Performance results (pressure ratio) show the same trends as the
ones obtained in the experimental campaign. Blade Mach cavity case is the best
candidate for compressor surge enhancement followed by Blade Tip cavity case. Both
cavity cases, Blade Tip (green) and Blade Mach (blue) present a surge margin
improvement when compared to original (reference – red) case under steady
condition.

Figure 23. CFD performance results for original compressor, blade Mach and

tip cases at 40krpm.

Figure 22. Pressure ratio comparison for three mesh densities and

experimental results.

116



Looking at the peak pressure ratio point, one can observe that Blade Mach case shows
better performance when compared to original (no cavity) case. Similar results were
observed during experimental campaign. The performance improvement observed in
the Blade Mach case can be explained by the reduction of the vortex created in each
channel after the compressor blade tip.

Both graphs presented above follow the trend shown in the experimental results and
demonstrate the potential of the Blade Mach case. It improves surge limit and efficiency
(the latter, based on CFD results). To understand what effects this cavity has on the fluid
field, a comparative study of the fluid field between the original case and the Blade Mach
case was conducted. This analysis will mainly be conducted under two operating condi-
tions where cavities potentially improve compressor performance. These conditions of
analysis will be points close to surge and points in areas of maximum efficiency. Figures 25
and 26 show a mid-plane of the inlet and the impeller at a point near stall and peak effi-
ciency point, respectively. In this evaluation, high values of static entropy indicate the
areas of vortex formation that results in flow instability initiation or stall inception.

Looking at the static entropy results presented in Figure 25 (low mass flow rate), one
can observe that the presence of a cavity near the leading edge of the blade has an
influence on the resulting vortex formation. For the Blade Mach cavity case (right fig-
ure), the region affected by the vortex created at the impeller inlet extends further
upstream than for the original case (left figure), as shown by the plotted streamlines.
This larger vortex increases the entropy creation, which increases losses. These con-
clusions on the fluid field agree with the data obtained both experimentally and
numerically, where, although the Blade Mach cavity model extends the surge limit, it
does so with a compressor efficiency penalty. The isentropic efficiency at the impeller
outlet was calculated for both geometries, with the Blade Mach case showing a dete-
rioration of 0.5%. However, when analysing the operating point in the most efficient
area, the scenario changes completely, see Figure 26. In both cases, the static entropy
generated decreases substantially, which is a likely scenario in the high efficiency region
of the compressor. Considering the differences shown between the two cases, it can be
seen that Blade Mach reduces the vortex created behind the blade tip of the impeller at
the leading edge to a greater extent. In fact, the cavity is able to move the vortex to its
interior thus leaving more passage area to the fluid in each impeller channel. In this
way, the impeller is able to be more loaded, which improves performance.

Figure 24. CFD efficiency results for original compressor, blade Mach and tip

cases at 40krpm.
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To gain a better understanding of the impact of the cavity on the impeller, a fluid field
analysis for the Original and Blade Mach cases was conducted, Figure 27 shows the
three inlet planes chosen for this analysis. The aim is to study the effect that the cavity
has on the fluid at the inlet and the modifications that the change of geometry intro-
duces in the fluid. Figure 28 shows planes along the impeller. These planes will give a
view of how the fluid flows through the impeller channels.

Figure 26. Inlet and impeller mid plane with static entropy and streamlines at

peak efficiency point.

Figure 25. Inlet and impeller mid plane with static entropy and streamlines at

point near stall.

Figure 27. Planes at the inlet of the

impeller.
Figure 28. Planes along the impeller

channels.
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Figure 29 shows the static entropy in the planes introduced above, under low mass.
Each of these planes are detailed separately in Figure 30 and Figure 31. Figure 30
shows the first three planes, corresponding to the impeller inlet, in the upper part of
which the contours of the original casing can be seen, while the bottom part shows the
Blade Mach case. In general, blade Mach has higher values of static entropy, which
indicates that the intensity of the vortex created is greater, and with it the energy loss
in the fluid. Both cases show a uniform distribution of entropy in a ring-shaped
manner. Looking at plane 4, in Figure 30 it can be seen how the cavity increases the
area of loss creation inside its volume. It can also be seen that from the cavity
the downstream static pressure contour more closely resembles those presented for
the original case.

A very different scenario is seen when the compressor operates at higher flows, in peak
efficiency regions. In Figure 32 one can see the static entropy contours are for original
(left) and Blade Mach (right) at peak efficiency point. In general, the static entropy
generated is lower for all planes at peak efficiency point.

Figure 33 shows a considerable reduction of entropy for the Blade Mach case for the 3
planes under consideration. In fact, for plane 3, the closest to the impeller, the original
case starts to develop secondary flows at the impeller tip, the red contour area. These
vortices extend in an annular way covering the entire circumference of the tip clear-
ance. For the same plane, the cavity can suppress this generation by accommodating
and recirculating the fluid, as seen in plane 4.

This inlet cavity action improves the performance of each impeller channel, see con-
tours 5–7 in Figure 34, and allows for greater impeller loading. This increase in load is
translated into an increase in the efficiency of the component. It is relevant to observe
how in plane 5 almost all the secondary flows have been accommodated by the cavity,
which thanks to its shape has recirculated the flows and introducing them into the main
flows of the impeller channel.

Looking at the Mach number distribution in the cavity cases, one can observe that the
low Mach number areas are located further away from the rotor tip when compared to
the “no cavity” case. This retards the surge point by allowing a degree of impeller tip
blockage and thus postponing stall inception. It seems that the presence of a cavity
near blade tip relieves the Mach number and therefore allows more inflow at near
surge point.

Figure 29. Static entropy contours for original (left) and Blade Mach (right) at

low mass flow original (top) and Blade Mach (bottom).
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The Mach number study was conducted following the same structure as the one con-
ducted previously for the static entropy. The simulated conditions represent low mass
flows and the point of highest compressor efficiency., where planes 1–3 represent the
fluid distribution at the impeller inlet and planes 4–7 display the impeller channels in
Figure 35. Figure 36 and 37 show the Mach number and static entropy contours,
respectively. The top of the figures represent values for the original case, and those in
the bottom the Blade Cavity case. The blue areas represent regions where the fluid
loses its normal velocity component, initiating vortices that block the normal passage of
the fluid through the impeller channels (Figure 36). These regions are commonly
referred to as lowmomentum areas in the fluid. The propagation of these vortices leads
to the creation of instabilities in the impeller that leading to the trigger of surge.

As we have seen previously, the efficiency of the Blade Mach case is lower than the
efficiency of the original case for near surge operating point. However, when looking at
the Mach number, it seems to accommodate the fluid better. If we look at the entry
planes 1–3, the low momentum regions of the fluid near the shroud are diminished by
the cavity effect, which indicates that the intensity and size of the vortex is smaller.
Looking at plane 5, it can be seen how the cavity recirculates part of the separated flow
in the tip. This recirculation of the fluid restores the fluid structure and makes that for
the rest of the downstream planes (5–7), both geometries behave in a very similar way.

Finally, it could be said that at low mass flows the cavity introduces losses in the com-
pressor, since it increases the volume of the tip clearance. But as far as the impeller inlet
zone is concerned, see planes 1–3 in Figure 35, the fluid structure delays the appear-
ance of the annular vortex, a common effect of the inlet recirculation mechanism. This
delay retards the onset of surge, and therefore both experimentally and numerically an
improvement in the surge limit has been observed.

Figure 30. Static entropy at the impeller inlet (Planes 1, 2 and 3) at m˙ and

Blade Mach (bottom) at near surge point.
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Figure 31. Static entropy at the impeller channels (Planes 4, 5, 6 and 7) at m˙

original (top) and Blade Mach (bottom) at near surge operating point.

Figure 32. Static entropy contours for original (left) and Blade Mach (right) at

peak efficiency point.

Figure 33. Static entropy at the impeller inlet (Planes 1, 2 and 3) at m˙ and

Blade Mach (bottom) at peak efficiency point.
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Figure 34. Static entropy at the impeller channels (Planes 4, 5, 6 and 7) at m˙

original (top) and Blade Mach (bottom).

Figure 35. Mach number contours for original (left) and Blade Mach (right) at

near surge point.

Figure 36. Mach number at the impeller inlet (Planes 1, 2 and 3) at m˙ and

Blade Mach (bottom) at near surge point.
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When looking at the Mach number for the maximum efficiency operating point, the
effects of the cavity becomemore evident. It is very interesting to study the evolution of
the secondary flow creation for the original case as we approach the leading edge of the
impeller, Figure 38. Observing the area near the shroud in plane 2 (top middle)
the original casing starts to decrease in Mach Number values. And in plane 3 (top right)
the whole ring is dominated by the vortex created in the tip. However, the Blade Mach
case can maintain high velocities in the region close to the shroud wall. This forces the
flow to maintain its axial component and not detach from the impeller tip in the form of a
vortex.

Analysing the contours 4–7, Figure 40. it becomes very relevant to see how the cavity
effectively removes the secondary flows in the tip clearance compared to the original
geometry (see planes 4 and 5 in more detail). This improvement in turn has an impact
on the fluid flow in the splitter area, where the occurrence of secondary flows in the tip
clearance is also reduced (see planes 6 and 7 in Figure 40).

Figure 38. Mach number contours for original (left) and Blade Mach (right) at

peak efficiency point.

Figure 37. Static entropy at the impeller channels (Planes 4, 5, 6 and 7) at m˙

original (top) and Blade Mach (bottom) at near surge point.
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This CFD analysis has confirmed the data obtained experimentally. The blade Mach cavity
case can delay the appearance of the surge phenomenon, albeit at a loss of efficiency,
when compared to the original case. On the other hand, when analysing the peak effi-
ciency, the Blade Mach case even improves the performance of the original case. The
entropy generation results presented show a significant reduction in static entropy at the
impeller channel for the blade Mach cavity case at peak efficiency point. This indicates
that the blade Mach cavity concept performs more efficiently than the original com-
pressor (no cavity) for the same operating conditions, which will have a direct impact of

Figure 40. Mach number at the impeller channels (Planes 4, 5, 6 and 7)

original (top) and Blade Mach (bottom) at peak efficiency point.

Figure 39. Mach number at the impeller inlet (Planes 1, 2 and 3) and Blade

Mach (bottom) at peak efficiency point.
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resulting compressor efficiency – the calculated efficiency based on experimental results
also showed an efficiency improvement at “peak efficiency” operating point.

The decrease in efficiency in low mass flow regions has also been shown and justified.
However, by analysing the fluid field using the Mach number, it has been shown that the
cavity is able to improve the fluid structure for both simulated conditions, which influ-
ences the surge phenomena when the compressor operates at low mass flow rates.

5 SUMMARY

In this paper a novel idea was presented to delay the onset of surge and thus increase
the operating range of the compressor at lower mass flow rates. To achieve this goal,
four designs of annular cavities were created around the impeller shroud at four dif-
ferent locations. These locations are the blade tip, a region just below the blade tip, the
splitter tip and, again, a region just below the splitter tip. It has been numerically and
experimentally demonstrated that the presence of a cavity near the compressor blade
improves the compressor overloadmargin for all simulated/tested cases, both in steady
and unsteady conditions. By observing the Mach number distribution in the cavity
cases, the low Mach number areas are reduced at the rotor inlet when compared to the
original case. Therefore, the presence of a cavity near the impeller tip allows the com-
pressor to operate more efficiently at higher flow rates because of a more effective
Mach number distribution along the impeller span.

It can therefore be summarised that the Blade Mach cavity is the one that has shown the
best performance, and that thanks to its location and shape it is able to improve the
compressor at low mass flow conditions, with an acceptable loss of efficiency, thus
demonstrating the hypothesis behind the design.
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ABSTRACT

Conventional austenitic stainless steel (ASS) with nickel (Ni) content in the range of 20
to 40 Wt% are primarily used for the Turbine Housing component of turbochargers for
gasoline applications. Due to the increase in cost of the nickel in the global commodity
market, has become imperative to develop alternative cost-effective material solution.
Therefore, few potential options were evaluated, and Nitrogen has been identified as
one of the strong austenitic stabilizers, which can reduce Nickel content while simulta-
neously enhancing mechanical properties and crack resistance under severe Thermo-
Mechanical Fatigue (TMF) loading conditions. The “Integrated Computational Materials
Engineering” (ICME) methodology was developed to explore new options of material
composition for low Ni steel. The optimum chemical composition of low Ni steel was
down selected by performing a wide range of kinetics and thermodynamic studies under
equilibrium & non-equilibrium conditions, and optimum nitrogen solubility limit. The
impact of various undesirable phase formations during solidification was systematically
addressed without compromising the manufacturability of the alloy. The sensitivity of
various casting process parameters was systematically evaluated with the selected
alloy composition. Large casting trials were conducted to minimize casting defects and
achieve optimum microstructure features. The turbine housing component was tested
up to 1050�C gas temperature under severe thermal shock loading conditions and
compared with existing high Ni conventional steels. The overall development of this
new material with a well-integrated development process, encompassing both com-
putational and experimental techniques, proves it is a promising alternative solution
providing both better performance and lower cost for high temperature turbocharger
applications.

Keywords: Low Ni steel, ICME, TMF, Casting Process Parameters

1 INTRODUCTION

During operation, automotive turbocharger components are subjected to elevated
operating temperatures, loading and vibrations. In addition, the Turbine housing must
be able to contain the potential burst of a turbine wheel subjected to extremely high
rotational speeds. These hostile operating conditions represent a significant challenge
for the designer of turbocharger components to achieve the reliability targets that are
today’s standard in the automotive industry. Since high-speed performance improves
with higher exhaust gas temperature (TIT) the tendency has been gradually raise the
upper limits for both continuous operation and peaks. This has contributed to a sig-
nificant increase of the thermal load on turbocharger components in direct contact with
the exhaust gas, such as the exhaust manifold and the turbine housing.

Various failure modes have been encountered in conjunction with the rise of the
exhaust gas temperature. The most relevant examples are the problems of thermally
induced cracks and high-temperature corrosion. At temperatures above approximately
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950�C and depending on the particular alloy employed, oxygen may begin to attack its
metallic elements, causing them to oxidize and thus lose their beneficial physical and
mechanical properties. Over repeated cycles of operation, high-temperature corrosion
can eventually cause a part to fail entirely.

In order to overcome the challenges associated with higher operating temperatures,
turbocharger applications have usually adopted stainless steel alloys of higher chro-
mium and nickel content, such as commercially available high chromium and/or nickel
stainless steel casting alloys. As used herein, the term “operating temperature” refers
to the maximum temperature of exhaust gas (barring the occasional higher transient
temperatures) designed to be experienced by the turbine housing and blade compo-
nents of the turbocharger. These higher chromium and nickel stainless steels are pri-
marily austenitic with a stable austenite phase that exists well above the operating
temperature, as well as minimal to no delta ferrite phase, which promotes corrosion/
oxidation.

Stainless steel alloys are well-known in the industry. Current conventional austenitic
stainless steel materials for turbine housing applications between 1,000�C–1,020�C
have a specification for chromium between 23% and 27% and nickel between 19% and
22% (all percentages by weight). While meeting the high temperature property
requirements for turbocharger housings, stainless steel is quite expensive because of
its high chromium and nickel contents. As the turbocharger housing is generally the
most expensive component of the turbocharger, its choice of material greatly affects the
overall cost of the machine.

Thus, materials that are less expensive, with less manufacturing issues and better
resistance to thermo-mechanical loading and oxidation, would be a suitable alternative
to the currently available options. These materials should have a stable austenite phase
that exists above the operating temperature, as well as minimal to no delta ferrite
phase. Accordingly, there is a strong need for stainless steel alloys useful in turbo-
charger applications that can withstand the higher operating temperatures produced by
modern internal combustion engines, but that minimize the expensive nickel content.

2 NITROGEN ALLOYED STAINLESS STEEL

Nitrogen is an effective andmost economical interstitial solid solution strengthener. The
strengthening effect of nitrogen is due to the clusters of Cr-N, which result in increased
elastic stress in the lattice. Nitrogen increases the creep life significantly due to pre-
cipitation strengthening from Cr-N clusters [3] by reducing the formation and growth of
Cr-rich carbides and Nb-rich carbonitrides during creep. When Boron is added, the
number density of M23C6 along the grain boundaries increases, thus increasing the
creep rupture strength. The composition of this carbide varies depending on the com-
position of the steel. Except in fine intragranular form, the presence of M23C6 is not
desirable for creep properties. The creep rupture life of steel can be improved by addi-
tion of Nb however the ductility is decreased. The decreased ductility is due to increased
intragranular strength, thus concentrated failure at the grain boundaries. Addition of
nitrogen increases the flow stress even at 950�C and reduce the resistance to ductile
crack propagation and increases the tensile strength. The variation of fracture tough-
ness with nitrogen is related to the size of the precipitates. It can act like carbon in
stabilized steels by precipitating in the form of nitrides (Nb-N). Nitrogen remaining in
the solid solution has much greater strengthening effect than carbon. M23C6 is the
main carbide in austenitic stainless steels, formed in an un-stabilized stainless steel [5].
Manganese and chromium increase the solubility of nitrogen in steel [14].
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The formation of NbN or Nb(C,N) is a function of the amount of nitrogen. Increase in
nitrogen concentration shifts the phase stability from Nb(C,N) to NbN. Thus, nitrogen
replaces carbon and releases carbon for formation of M23C6. If nitrogen is increased in
the absence of Nb, it combines with Cr to form Cr2N[4]. At still higher N, Cr2N con-
sumes the Cr, which results in austenite. Carbides of types M23C6, M6C, M7C3 reduce
strength and toughness. Addition of nitrogen increases hardness and hardenability
induced by nitrogen is higher than for carbon. Though nitrogen brings several benefits,
it tends to increase hardness linearly with increasing nitrogen content, which increases
the cost of machining process. Therefore, keeping optimum nitrogen level is extremely
critical to maintain machining cost at an acceptable level when compared to
conventional steel.

A new composition developed by addition of nitrogen enabled a significant reduction of
nickel in the austenitic stainless steel, which is a potential replacement of conventional
stainless steel of 25Cr20Ni category.

3 ICME APPROACH TO DESIGN A NEW MATERIAL COMPOSITION

Integrated Computational Materials Engineering (ICME) refers to the use of computer
simulations that integrate mathematical models of complex metallurgical processes
with computer models used in component and process design. Traditionally, ICME gives
a sort of cradle to grave approach to accelerate materials development, among others
through integration of computational materials engineering tools. In this approach the
characteristics of the material and process are predicted at different scale. For instance,
one should ideally be able to start with chemical composition and predict the following
thermodynamic characteristics, microstructure, microstructure variation during solidi-
fication, thermal properties, mechanical properties, variation of properties in the cast-
ing due to segregation and performance of the component [8].

This integration demands that tools exist that can link the models from each length
scale, such as thermodynamics to microstructure. The primary function of those tools is
to communicate model A from first scale to model B in a different scale. This commu-
nication/integration is achieved by combined effort from model A and model B devel-
opers, who are typically commercial software producers. Such co-development will be
hindered if the integration is not commercially beneficial to both parties. The interests
and needs of these two parties must be independently discussed. A plug-and-play
combination of tools in these workflows is a key feature for successful implementation
of ICME.

Traditional material development from composition to casting at foundry takes years
rather than months and requires an experiment intensive approach. The reason behind
the long cycle time of material development is usually due to lack of optimization of the
material composition and missing interaction with the manufacturing process in the
foundry in the early stages of material development work. ICME approach helps to run
design of experiments across all chemical elements and their ranges. Composition
design using computational method is extensively used with software like Thermo-
Calc� to run with all possible design variables of composition and evaluated parameters
to the critical to quality. Figure 1 shows the representative process map of the material
composition design where the chemical composition ranges were evaluated in a
random composition space by combining with artificial intelligence (AI) approach. This
random composition space will further down select the composition needed to evaluate
its phase fraction analysis under equilibrium and non-equilibrium conditions using
Thermo-Calc� software. Further stage of design optimization involves evaluating the
required properties against composition to down select the potential composition that
can be taken for manufacturing stages.
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Nitrogen alloyed steel was evaluated to down select the potential chemical composition
that fulfils required properties in terms of nitrogen solubility, phase stability, carbide
and nitrides quantification, freezing range and others. Figure 2 shows the interaction
between composition and casting process which leads to optimized microstructure and
intended mechanical properties [13]. The design optimization on nitrogen steel was
also evaluated to understand the nitrogen solubility limits with respect to each chemical
element.

The optimized chemical composition exhibits equilibrium phase fraction as shown in
Figure 3. The presence of stable austenitic phase can be seen in the diagram. Further Cr
carbides and Nb carbides are present which help in improving themechanical properties
along with the complex Cr-N. Evolution of ferrite phase is inevitable and the study was
conducted carefully to reduce the ferrite phase within the mushy zone and at lower
temperatures. Further analysis also conducted to understand the difference in phase
evolution during equilibrium and non-equilibrium condition as shown in Figure 4. The
non-equilibrium phases arises at lower temperature than equilibrium conditions.

Figure 1. ICME approach of material composition design.

Figure 2. Interaction of materials and process, Composition + Process =

Microstructure + Mechanical Properties [13].
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Figure 5 shows the nitrogen solubility in terms of formation of gaseous nitrogen with
respect to nitrogen content and temperature. The design of the new composition needs
to fall within the safe region as shown in Figure 5. Figure 6 shows the random chemical
design space varies with respect to individual elements and its influence on nitrogen
solubility. Cr increases the nitrogen solubility whereas Si decreases nitrogen solubility in
the melt. Other elements like Mn, Nb, Ni and C has marginal impact on increase or
decrease of nitrogen solubility. Therefore, optimized element ranges were frozen
without reaching unsafe region of nitrogen solubility. During casting process, the
nitrogen emits a gaseous form and evaporates from the melt if falls into unsafe region.
This optimum chemical ranges should also satisfy with the intended mechanical prop-
erties and manufacturing process.

Figure 4. Phase evaluation of nitrogen steel under equilibrium and

non-equilibrium condition.

Figure 3. Equilibrium phase diagram of nitrogen steel.
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Figure 5. Typical solubility trend of nitrogen in austenitic stainless steel.

Figure 6. Nitrogen solubility for different chemical elements with random

composition space. Trendline of nitrogen solubility with respect to increased

elements (a) Cr (b) Si (c) Mn (d) Ni (e) C (f) Nb.
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4 INFLUENCE OF MICROSTUCTURE FEATURES

The microstructure has a strong influence on the desired mechanical properties and the
overall component level ability to maintain structural integrity. Figure 7 shows the
component level microstructure after exposure to 150hrs of durability thermal shock
test. Figure 7 (a) and (b) represent the conventional steel and (c) and (d) is nitrogen
steel. Both materials have well retained dendritic arm spacing with the network of Cr
and Nb carbides. In addition to that nitrogen steel shows presence of complex Cr and Nb
nitrides. Secondary phases may be observed between Cr and Nb carbides which is
typical behavior after exposure to high temperature. No presence of detrimental phases
like TCP and Sigma phases was observed after durability test.

5 MATERIAL CHARACTERIZATION OF NITROGEN ALLOYED STEEL

Material characterization was systematically conducted on conventional and nitrogen
alloyed steels using keel blocks casted from the same foundry process as component
level casting. Strain controlled tensile tests were conducted using a 100kN hydraulic
controlled universal testing machine at room temperature and elevated temperature.
Creep tests were conducted using a 50kN creep test machine at 900�C and 1000�C
temperatures where creep is dominant. Strain controlled isothermal fatigue test were
conducted at 800�C and 1000�C. Thermo-mechanical fatigue tests, which is a non-
isothermal loading in nature were conducted using a 100kN hydraulic controlled TMF
test machine from 300�C–1000�C with a heating and cooling rate of 4�C/s using
induction heating system which interfaced with mechanical loads [7].

Figure 7. (a), (b): Microstructure of conventional steel containing network of

Cr and Nb carbide. (c),(d): Microstructure of nitrogen steel containing

network of Cr and Nb carbide along with nitrides.
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Figure 8 shows the tensile results of two steels. The modulus of nitrogen alloyed steel is
showing better results at all temperatures since the material has higher stiffness from
interstitial solid solution of nitrogen element in the FCC crystal structure of austenitic
phase. Yield and ultimate tensile stress show better results than conventional steel up
to 900�C. Beyond 900�C the advantage of strength remains at the reduced level. The
ductility of nitrogen alloyed steel shows a reduction at intermediate temperatures. The
possible cause of reduction in ductility at intermediate temperature is due to ductile to
brittle transition of nitrogen alloyed steel.

As the nitrogen element is positioned as interstitial solid solution within the FCC crystal
structure of the austenitic phase, the creep properties at all temperature given in
Figure 9 show better results than conventional steel. The creep strength increases due
to precipitation strengthening from Cr-N clusters. The strengthening effect of nitrogen
is due to the clusters of Cr-N, which result in increased elastic stress in the lattice.
Therefore, the secondary creep rate for nitrogen alloyed steel is lower leading to longer
creep life. Isothermal fatigue test reveals better fatigue life at 800�C and equivalent
fatigue life at 1000�C for nitrogen alloyed steel as shown in Figure 10 (a) and (b).
Thermo-mechanical fatigue properties undergo non-isothermal mechanical and ther-
mal loading at a particular heating/cooling rate and strain rate. The life of nitrogen
alloyed steel is marginally lower than conventional steel at higher strain ranges.
However, this effect becomes insignificant when strain ranges start going down as
shown in Figure 10 (c) and (d). In general, the alternate stress range induced in nitro-
gen alloyed steel is higher than in conventional steel during the TMF test. The resulting
outcome is a lower TMF life. To achieve the same TMF life in nitrogen alloyed steel as
compared to conventional steel, design optimization of the component using FEA is
needed to reduce the mechanical strain at a given location in the component.

Figure 8. Tensile properties (a) Youngs Modulus (b) Yield stress (c) Ultimate

Tensile Stress (d) Elongation.
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6 OPTIMIZATION OF MANUFACTURING PROCESS PARAMETERS

The casting process is another prime important factor to achieve better cast component
performed by ensuring optimum part quality. Nitrogen steel was initially cast using the
same gating system and casting process parameters as conventional steel. A con-
siderable number of process related issues occurred as the nitrogen steel melt behaved
differently than conventional steel without nitrogen. Nitrogen alloyed steel exhibits
multiple unacceptable surface defects. Metallurgical analysis later revealed that the
defects shown in Figure 11(a) were caused predominantly by the reoxidation of molten
metal reacting with the atmosphere within the mold cavity during pouring. The

Figure 9. Creep properties results for convention and nitrogen alloyed steel

(a) 900�C (d) 1000�C.

Figure 10. Isothermal fatigue test (a) 800�C (b) 1000�C; Thermo-mechanical

fatigue test from 300–1000�C at 4�C/s rate (c) In phase (d) Out of phase.
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reoxidation elements which are coming from material composition and a residual ele-
ment leading to surface porosity in the inner surface. Another contributing factor was
the reaction of the core material with the melt [9–11]. The gating system is optimized
using casting simulation and validated with casting trials, which confirms the absence of
reoxidation traces within the inner surface of the cast part as shown in Figure 11 (b).

A second type of casting issues occurred in locations corresponding to the areas of the
mould that were the last ones to be filled, in the form of cavities with relatively smooth
surface and rounded edges, indicating gas entrapment. It was observed that this failure
only occurred on ladles with the lowest pouring temperature as shown in Figure 12 (a),
and that by maintaining this pouring temperature above a minimum threshold the
problem could be solved permanently. A third type of casting issues shown in Figure 12
(b) occurred in conjunction with the use of one of types of coating for internal cores. The
reaction of the melt with the coating produced multiple gas bubbles, affecting the
casting qualities where this type of coating was used. The switch to a different coating
type eliminated this problem completely. Neither of these defects occurred on com-
parable parts cast with conventional steels and it is conjectured that the reduced sur-
face tension of the Nitrogen steel is a contributor, underlining the necessity to define
restricted limits and maintain a tight control on casting process parameters to ensure
consistent and conforming production.

Figure 11. (a) Nitrogen steel with re-oxidation defect (b) Nitrogen steel

without defect after optimizing the gating system.

Figure 12. (a) SEM image of gas hole in turbine housing inlet (b) SEM image of

gas bubbles in turbine housing outlet.
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The increased hardness of nitrogen steel vs conventional steel poses additional chal-
lenges for machining. During back to back trials with conventional steel parts, using
identical tools and machining process parameters, cutter life was reduced. Therefore, it
requires some amount of optimization of machining parameters to keep cost and
machining tool life within acceptable limit. Though the machining cost of nitrogen
alloyed steel is relatively on the higher side than conventional steel, the overall cost of
the component level is significantly reduced.

7 HOUSING DESIGN AND VALIDATION

Turbine housing is a very critical component of a Turbocharger with complex design
features, which requires a very robust design and simulation capabilities to meet a very
severe thermal shock loading conditions. Turbine housing is optimised for a new com-
position using TMF simulation process comprises of unified visco-plastic material con-
stititutivemodel and damagemechanism based life model, which captures a wide range
of material deformation mechanisms as shown in Figure 13 (a) and (b).

Validation of Nitrogen steel against conventional steel was performed on a component
level test rig to evalute the durability of the new material. Figure 14 shows the thermal
cycle profile which the component was exposed. The thermal cycle comes with dwell
time at highest and lowest temperatures.This test was conducted with the actual engine
environment to assess the risk to the structural component. Both steel material com-
ponents were exposed to very severe operating conditions for longer durations and
both components were evaluted back to back for all critical locaitons. The locations in
FEA are correlating well with actual durability test results as shown in Figure 15 in
location 1.

Figures 16 and 17 further show the locations 2 & 3 features of the components between
conventional and nitrogen steels. While visual observation shows the surface cracks for
nitrogen steel to be marginally wider, propogation is in fact reduced compare to con-
ventional steel. Overall it can be concluded that the nitrogen steel is equal or better in
terms of crack resistance or severity at all inspected locations. There were no through
cracks and no gas leaks to the external environment for both materials, indicating their
suitability for the evaluated application and operating conditions.

Figure 13. Localized plastic deformation from thermo-mechanical analysis

[14] (a) Conventional steel (b) Nitrogen steel.
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Figure 14. Thermal shock cycle profile at the component level test.

Figure 15. Component level durability test for 150hrs at location 1 (a)

Conventional steel (b) Nitrogen steel.

Figure 16. Component level durability test for 150hrs at location 2 (a)

Conventional steel (b) Nitrogen steel.
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8 CONCLUSION

Nitrogen is a very strong austenitic phase stabilizing element, which can be used to
replace nickel to reduce cost while enabling better mechanical properties. Addition of
nitrogen element also exhibits better creep resistance, higher fatigue life and fracture
toughness, which is a significant advantage for severe thermal shock loading condi-
tions. An in-house ICME approach was developed and used extensively for composition
design which reduces the overall material development cycle time. An AI based
Analytical model was developed to predict a wide range of compositions and the same
was integrated into the ICME approach. Integration of computational and experimental
techniques enabled to design a low nickel stainless steel material at lower cost and
development cycle time. The new nitrogen alloyed stainless steel showing promising
mechanical properties at coupon level. The same level of benefit is visible at the com-
ponent level validation study under severe loading conditions. Nitrogen alloyed steel is
sensitive with the conventional casting process. Therefore, optimization of casting
process parameters using casting simulation method is critical to minimize the potential
casting defects and reduce the variation of mechanical properties. The overall devel-
opment and validation work reveal that the new material can be used for high tem-
perature applications as an alternative to existing conventional stainless steels.

NOMENCLATURE

AI: Artificial Intelligence

ASS: Austenitic Stainless Steel

BCC: Body-centered cubic

DTMF: Damage mechanism based Thermo-Mechanical Fatigue

FCC: Face-centered cubic

FEA: Finite Element Analysis

ICME: Integrated Computational Materials Engineering

IP: In Phase

(Continued )

Figure 17. Component level durability test for 150hrs at location 3 (a)

Conventional steel (b) Nitrogen steel.
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(Continued )

OP: Out of Phase

SEM: Scanning Electron Microscope

TCP: Topologically Close-Packed

TIT: Turbine Inlet Temperature

TMF: Thermo-mechanical Fatigue

UTS: Ultimate Tensile Strength

YS: Yield Strength
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ABSTRACT

The performance of a turbocharger centrifugal compressor is affected by the opening and
closing of the engine intake manifold and consequently experiences a pulsating back-
pressure. This off-design pulsating environment results in internal losses and affects com-
pressor performance. Previous research on the effect of exit pulsation has demonstrated a
surge margin improvement at low end torque conditions, however the pulsating effect on
instantaneous efficiency is yet unknown; this paper aims to address this lack of knowledge.

Experimental analysis is undertaken on an instrumented centrifugal compressor under
compressor exit pulsating conditions. The instrumented compressor has been manu-
factured to include sensor ports for measurements of static pressure and temperature
at internal locations at the impeller, diffuser and volute. The experiments have been
conducted on steady flow conditions and pulsating outlet conditions at pulse fre-
quencies of 30, 46.7 and 66Hz. These frequencies are critical engine frequencies that
correspond to near surge, peak pressure, and peak efficiency operating points of the
turbocharger compressor under study. Instantaneous static pressure amplitudes for
operating points and the corresponding hysteresis behaviour have been studied for the
volute, diffuser and impeller pulses.

The results show that the pressure amplitude is largest when the flow rate is high and
reduces as the flow rate reduces. The efficiency in pulsating conditions starts to
decrease as the flow rate increases and it is largest at high flow conditions. The volute is
influenced by the pulse amplitude as well as the frequency of pulsation. Within the
volute, the resulting large flow fluctuations have internal disturbances which effect the
propagation of the pressure waves; near the tongue, instantaneous static pressure
measurements show the pressure in that location distinctively does not follow the
pressure wave at the outlet. The region near the volute tongue region has been shown
to be particularly critical due to its vicinity to the outlet changing (pulsating) boundary
condition and reduces the efficiency of the compressor. This initial assessment leads to
interesting insights in the response of the compressor to an unsteady pulsating envir-
onment thus allowing a better understanding on the real turbo-engine system
performance.

1 INTRODUCTION

The rise of greenhouse gases in the atmosphere is a globally important environmental
concern as it leads to drastic changes in the ecosystem and the natural climate. One of
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the ways in which greenhouse gases are minimised is through the reduction of harmful
emissions from the transport industry as this sector is one of the largest emitters of
greenhouse gases [1] Within the transport industry, in 2020 it was found that passen-
ger cars and trucks share 63% of the worldwide CO2 emissions [2], therefore, it is
essential for transport manufacturers to reduce the emissions from their engines to
curb the harmful effects of global warming. Turbochargers are commonplace in internal
combustion engines as they enable a more efficient system.

The role of the turbocharger is to increase the density of the air reaching the engine by
utilising wasted exhaust energy in the process. Turbochargers are made of two compo-
nents; the turbine runs on the exhaust flow and a compressor that compresses the
incoming air. The performance and efficiency of a turbocharger is affected by the opening
and closing of the engine intake valve [3]. The focus of this paper is on the centrifugal
compressor which experiences a pulsating backpressure under engine conditions. The
compressor exit sees a backpressure of different amplitudes and frequencies corre-
sponding to the engine operating conditions. This causes the compressor to operate in
dynamic off-design conditions rather than the steady design conditions. The performance
and efficiency of the compressor is consequently reduced in comparison to the steady
operating conditions [4]. It is important for manufacturers and turbocharger designers to
understand the deviation from steady conditions as knowledge of the operational beha-
viour improves the turbocharger matching process. This research aims to understand the
deviation in performance and efficiency under pulsating flow in selected operating points,
as these correspond to key operating points for the engine.

2 LITERATURE REVIEW

A number of experimental studies in recent literature have shown that the performance
of an automotive turbocharger is affected by pressure pulsations due to the opening
and closing of the engine intake manifold. Even though this effect is much more pro-
minent and more extensively researched in turbines, recent studies have shown a
reduction in performance of the compressor due to the fluctuating backpressure
environment created by the opening and closing of the engine intake manifold. Majority
of this research focusses on the surge regime, the lower limit of stable operation for the
compressor, as the operating range of the compressor is a key parameter in defining the
compressor range. Some of the initial findings by Yano and Nagata [5] and Bensen and
Whitfield [4] show that unsteady environments affect the onset of compressor surge.
Galindo et al. [6] found that at a pulsating flow of 40–67Hz, the surge margin increased
by around 15\% and that increase in surge margin was dependant on the amplitude of
the pulse. Furthering the work of Galindo, Marelli [3] [7] and Barrera-Medrano [8] [9]
also show that that under pulsating backpressure conditions, the lower limit of
stable operation moves further to the left, and the compressor can even instanta-
neously operate on the left of the surge line for a significant period of the pulse [7].
However the extent to which the stability of the system is affected is determined by a
combination of factors, such as the system size [10] and the level of imposed
unsteadiness.

Although pulsating conditions improve the surge margin and enable a
stable operation at lower mass flow rates, there is a performance deficit due to the
unsteady environment. This is due to the pressure wave created by the engine intake
and it has corresponding effects on the mass flow and inertia of the system. Marelli,
Capobianco \& Zamboni noted that the compressor was subjected to the filling and
emptying wave action just as that of a turbine and evaluated the hysteresis loops
under several pulsing conditions [7]. By comparing the instantaneous performance of
the compressor to that of the steady performance, it was found that at the same mass

146



flow rate, the mean pressure ratio is less than that of steady operation. Shu et al. [11]
investigated the performance of a centrifugal compressor experimentally and found
that at the peak efficiency, the performance dropped by around 3–7%. At the differ-
ent speeds, the peak efficiency decreased by 7%, 5% and 3% for 25, 30 and 35kRPM
of the compressor. Other studies have also shown a deficit in the compressor per-
formance. In the hysteresis behaviour of the compressor system at the Genoa facility,
two loops are visible in the performance loop; the main loop is found to be dependent
on the upstream pressure wave and the secondary loop is due to wave reflections in
the exit [7].

The volute and tongue have a significant impact the overall compressor efficiency and
loses [12]. Ayder et al. [13] show that the behaviour of the volute is dependent on key
factors like volute cross section area and position of the tongue inlet. In a study con-
ducted by Gulich [14], blockage around the inlet due to the presence of the tongue
resulted in a deviation of the otherwise uniform pressure distribution at the volute
inlet, leading to flow separation at the outer wall of the volute inlet near the tongue.
Whereas for high flow rates, the flow separation occurs at the pressure side due to a
more radial velocity of the flow. At the tongue, this deviation from design point is
critical, as it affects the overall efficiency of the impeller. Further work is required to
understand how the tongue, volute and impeller behave under off-design pulsating
conditions.

The aforementioned studies show that pulsating conditions affect the performance and
efficiency of the centrifugal compressor. Although there is a surgemargin improvement,
there is also a reduction in performance and efficiency at critical operating points such
as peak efficiency, which reduce the effectiveness of the turbocharger compressor
when placed in engine conditions. Therefore, it is important to explore the extent of
efficiency reduction in the pulsating environment as it has an influence on the com-
pressor design. Experimental internal flow measurements of a compressor under pul-
sating flow could provide further insight on where the efficiency deterioration takes
place and how it consequently affects compressor performance. With this in mind, the
purpose of this study is two-fold. Using an instrumented volute, the internal static
pressure profile of the pulsating environment is to be studied experimentally. An
assessment of efficiency reduction at specific operating points for the compressor is to
be established and insights drawn on the internal flow behaviour at specific regimes. It
is expected that this research provides baseline information for computational studies
and also further helps understand the efficiency and performance reduction of cen-
trifugal compressors in these conditions.

2.1 Experimental set up

The experimental set-up is shown in Figure 1. The compressor is driven by a 110kW
motor and epicyclic gearbox with a 27:1 reduction ratio. A pulse generator is used to
simulate the exit pulsating conditions. The pulse is generated by the rotating action of a
disc which blocks the flow with every rotation. The position, amplitude and location of
the pulse generator has been previously validated for producing pulses that have an
engine likeness [15]. The mass flow rate of the system is calculated with a v-cone
purpose built for this facility. A CTA probe, which acts as the instantaneous mass flow
sensor is also placed at the compressor inlet.

The flow rate through the system is controlled by a butterfly valve at the exit of the pipe-
work. The compressor is directly mounted on a bearing housing with a separate oil-feed
and operates in an open system, drawing in ambient air from the atmosphere. In order to
accuratelymeasure compressor efficiency, the facility has been insulated between the inlet
and outlet measurement planes such that the compressor system behaviour is close to
adiabatic conditions. Minor modifications have also beenmade to the compressor piping to
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move the inlet measurement plane further upstream from the compressor inlet. This has
been important to ensure the instantaneous mass flow rate measurements close to surge
are not affected by inlet recirculation.

The compressor is run at a constant speed of 40,000rpm. The tests are conducted with
steady flow operating conditions and later with pulsating frequencies of 30Hz, 46.7Hz
and 66Hz. The compressor has a large open type impeller with a tip clearance and an
exit diameter of 136mm. These frequencies correspond to the operating conditions of
the engine at near surge, peak pressure, and peak efficiency conditions for the com-
pressor system of interest. The valve is fully open at the beginning of the test and the
compressor is taken to surge to record a full speed line.

For this research, the compressor volute has been re-manufactured and modified for
the detailed internal measurements as shown in Figure 2. This has enabled placement
of static pressure transducers and thermocouples at different locations within the
compressor where possible such as the impeller, diffuser, and volute. The positions of
the sensors have been limited by the manufacturing constraints and sensor ports have
been placed where possible. Instantaneous mass flow is recorded with a DANTEC
10 micron CTA probe. Temperature measurements are taken at the diffuser inlet and
outlet with a k-type beaded thermocouple. Overall inlet and outlet pressure measure-
ments are taken with Omega PX321B transducers. Internal unsteady pressure is taken
with Kulite pressure transducers in the 10 locations shown in Figure 2. All data is
recorded at a sampling rate of 12.5kHz.

Figure 2 shows the impeller inlet, middle of impeller and impeller exit, corresponding
to positions P1, P2 and P3. The diffuser measurement is shown in position P4 and P5.
The volute sensors are indicated using clock positions and placed in positions P6 to
P11. Lastly, the static pressure at the exit of the compressor is measured at
position 12.

Figure 1. Experimental testing facility. 1 – volute, 2 – bellmouth, 3 – pulsating

device, 4 – plenum, 5 – v-cone, 6 – butterfly valve, 7 – motor, 8 – adapter.
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3 RESULTS AND DISCUSSION

3.1 Cycle average pressure ratio and efficiency

Cycle-average results of pressure ratio and total efficiency have been obtained for the
steady and exit pulsating conditions. It is worth noting that the cyclic average is the
numerical average of the data points collected within the pulse. This numerical average
operating point does not exist in reality but is a representative measure that is used
here to position the performance of the compressor under pulsating flow conditions with
respect to the steady flow conditions. Operating points with similar mass flow rates for
the steady and pulsating flow conditions are compared, so that the difference in per-
formance for the same swallowing capacity of the compressor system can be
determined.

The pressure ratio of the compressor system, P, is given by Equation (1), where P01 is
the cycle-average total pressure at the compressor inlet and P02 is the cycle-average
total pressure at the compressor outlet.

P ¼ P02

P01

(1)

The total-to-total efficiency is calculated using Equation (2) where T01 is the cycle-
average total temperature at the compressor inlet and T02 is the cycle-average total
temperature at the compressor outlet.

h ¼ Cp T02s � T01ð Þ
Cp T02 � T01ð Þ (2)

Figure 2. Location of different static pressure sensors. P1 – impeller inlet, P2 –

impeller midspan, P3 – impeller outlet, P4 – diffuser inlet near tongue, P5 –

diffuser outlet near tongue, P6 – volute at clockwise location 3:00, P7 – volute

at clockwise location 4:30, P8 – volute at clockwise location 7:30, P9 – volute

at clockwise location 9:00, P10 – volute at clockwise position 12:00, P11 –

volute at clockwise position 1:30, P12 – compressor outlet.
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Figure 3 shows the performance and efficiency of the compressor system for the
reference steady flow conditions at three corresponding locations, labelled A-C, and the
equivalent cycle-average pulsating flow operating points. Frequencies 30Hz, 46.7Hz
and 66Hz correspond to circle, dot and cross indicators respectively. On the pressure
ratio curve, it is clear to see that there is a drop in performance at operating point C for
the three pulsating frequencies, with the largest drop in performance seen for the 30Hz
frequency. At operating points A and B, the performance is similar or equivalent to the
reference steady conditions. In Figure 3, it can be seen that there is a drop in the cycle-
average efficiency for operating point C but this drop in efficiency is independent of the
frequency, on average.

At point A, the cycle-average performance for the pulsating conditions is similar to
the steady reference conditions however, the cycle-average efficiency drops with an
increase in exit pulse frequency and it is worst for the 66Hz case. In state B, the
difference in cycle average pulsating and steady flow performance and efficiency is
smallest relative to points A and C. At operating point C, the performance deficit for
pulsating exit conditions is most evident, with the largest drop in performance being
the 30Hz frequency. What can be immediately inferred from Figure 3 is that there is a
frequency effect on the performance and efficiency of the compressor system when
compared to a given reference operating point, this is in line with the previous stu-
dies. Note that OP D has also been recorded in steady conditions, however, it was not
possible to obtain this operating point in pulsating conditions as the throttling of the
flow reduces the maximum swallowing capacity of the compressor system. OP D has
been plotted on the Figure to show that OP C corresponds to the equivalent peak
efficiency condition if the flow was steady.

Figure 3. Pressure ratio and efficiency curve at operating points A, B and C

which correspond to low flow, mid flow, and high flow conditions for the

compressor system.
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Figure 4. 30Hz (Top) and 66Hz (Bottom) Trace from selected static transducer

locations 1 – 12. 1 – impeller inlet, 2 – impeller midspan, 3 – impeller outlet, 4

– diffuser inlet near tongue, 5 – diffuser outlet near tongue, 6 – volute at

clockwise location 3:00, 7 – volute at clockwise location 4:30, 8 – volute at

clockwise location 7:30, 9 – volute at clockwise location 9:00, 10 – volute at

clockwise location 12:00, 11 – volute at clockwise location 1:30, 12 –

compressor outlet.
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3.2 Static pressure measurement for one pulse

The static pressure is measured at different positions shown in Figure 2 and visually
represented in Figure 4 for 30Hz and 66Hz and operating points A, B and C. Figure 4 (top)
is 30Hz whereas Figure 4 (bottom) shows 66Hz. The static pressure for all measurements
(P1 – P12) have been mapped on one figure, volute measurements P9 and P10 have not
been included for simplifying the figure; The first measurement, position 1, is at the
impeller inlet and the measurement at position 12 is at the compressor outlet. From
position 1 (P1) to position 12 (P12), the pressuremeasurements effectively track the static
pressure rise through the compressor. Note, the figure shows one average pulse profile
which is an average of all the pulses recorded during data acquisition.

First, it is possible to notice that at operating point C (large flow) for 30Hz and 66Hz the
internal static pressure traces in the diffuser and volute section of the compressor (P4-
P8) do not follow the imposed static pressure at the compressor exit (P12). Additionally,
this variation from the imposed static pressure at the outlet is affected differently in the
30Hz case vs the 66Hz case.

Note that Figure 3 showed that at operating point C, for the same swallowing capacity or
mass flow rate, the compressor system with exit pulsating conditions was unable to
match the steady performance, and that the pressure ratio attained was lower for the
imposed frequency of 30Hz compared to 66Hz. In contrast, at operating point A there
was a similar performance for both pulsating frequencies and the pressure ratios were
close to the reference steady conditions. This drop in performance can be immediately
attributed to a few factors. First, the difference in pressure trace at OP A and OP C is that
the pulse is of a higher amplitude in OP C compared to OP A; the pulse amplitude
reduces as the operating point shifts towards lower mass flow rates for all frequencies
(note, the 46.7Hz case is not shown for conciseness of this paper). This is because the
amplitude of the backpressure wave is dependent on the amount of flow that is being
periodically blocked by the valve; at high flow rates, as the mass flow rate is higher.
When the valve closes, a large amount of mass is instantaneously stopped which cre-
ates a large localised static pressure; instantaneously a large deviation from mean
pressure takes place resulting in a backpressure wave of high amplitude. At low flow
rates, the backpressure wave does not have a high amplitude because there is less
mass to create the backpressure and therefore there is less deviation from mean
pressure. As the only controlled change has been the reduction of the flow capacity from
valve closure, this pressure wave must be a function of the flow rate in the system.

It is also possible to see that between OP B and OP C there is a transition in the way the
pressure wave propagates through the volute internally, see Figure 4. For and between
OP A and OP B the pressure wave propagation at all positions within the compressor
follows the imposed pressure profile closely and at OP A, there is a distinct pressure rise
for both 30Hz and 66Hz case throughout the compressor. However, Figure 4 shows that
between OP B and OP C, the static pressure within the volute does not uniformly rise.
There appears to be a transition point after which static pressure measurements at P4-
P8 are distinguishingly different from the static pressure measurement at P12, sug-
gesting that the pressure wave propagation has been altered.

It is possible that the reduction of performance for 30Hz and 66Hz for operating point C is
related to local variation or disturbance of pressure in the vicinity of the tongue. This local
disturbance is worse in the 30Hz case compared to the 66Hz case as local pressure seems
is out of phasewith the compressor outlet for at least half the wave cycle. In the 66Hz case,
only the maximum pressure signal appears stunted, when the backpressure drops, the
pressure near the tongue locally also drops. In the 30Hs case, when the overall back-
pressure at the compressor outlet drops, the pressure in the tongue vicinity does not drop
but stays high.
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This local disturbance could be due to a reflection of pressure waves at the tongue gap,
which is shown in Figure 5. For this compressor system, the behaviour is influenced by
the outlet pressure pulse wave. The pressure pulse wave travels downstream through
the collecting duct but also travels through the tongue gap. These two pressure waves
propagate in different directions and can therefore interfere. It is possible that it is
because of internal reflection of the pressure wave, that the local pressure is disturbed
at different wave positions, the 66Hz case is most disturbed at the wave peak whereas
the 30Hz is disturbed at the wave trough.

3.3 OP C ‘filling and emptying’ effect volute

The static pressure andmass flow instantaneous response can be seen in Figure 6 this is
characterised by a hysteresis behaviour, well established in the literature, refer to
Figure 2 for the location of the different pressures. It can be seen that there is a ‘filling
and emptying’ effect of the volume where the volume accumulates and dissipates mass
locally. The static pressure is normalised to the maximum static pressure obtained
during the 30Hz pulse. The x axis shows the mass flow range that is swept instanta-
neously during this operating point. There are four positions tracing back the static
pressure from the outlet imposed static pressure. As mentioned before, a hysteresis
behaviour is more ‘rounded’ if the inlet mass flow rate takes a longer time to respond to
the imposed static pressure, otherwise known as a ‘lagging’ response of the system and
indicative of more localised filling and emptying of the volume. It is interesting that
Figure 6 shows a difference in the location of a more rounded hysteresis behaviour for
the 30Hz and 66Hz case. In position 12 which is at compressor exit, 66Hz shows less lag
or filling and emptying in that location; the mass flow rate drops and rises in response to
the rising and falling of the static pressure at the outlet. However contrastingly position
12 for the 30Hz case shows that there is more lag in the mass flow response to the
outlet static pressure. However, different positions within the pulse respond differently.

In contrast, at position 10 shown in Figure 6, the static pressure at 30Hz shows almost
no lag to the inlet mass flow rate whereas the 66Hz case shows amore significant lag. At
position 11, which is around 180 degrees away from the compressor outlet and the half-
way point of the collecting duct, the hysteresis loop is bigger and rounder in 66Hz case
compared to 30Hz case, showing that the inlet mass flow rate does not coincide with

Figure 5. Schematic of pressure wave propagating through tongue gap and

disturbing the main flow.

153



the static pressure variation in this region. Interestingly, position 6, which is just
before the compressor tongue, shows two distinct features for the 66Hz case. First,
the static pressure trace for 66Hz shows less hysteresis behaviour than the 30Hz
case. In this position the mass flow rate follows the static pressure variation as seen
by the narrower hysteresis loop. However, there is a clear flat region of the pulse.
This same flat region corresponds to the flat region shown in Figure 4 and is due to
the pressure wave deviating at that location.

It is clear that filling and emptying of the flow is taking place within the volume,
however, it appears that it is occurring at different positions within the volume. For
the 30Hz case, it is occurring more near the compressor exit and around the tongue,
whereas for the 66Hz case it is occurring more away from the compressor exit.
Additionally, this is interesting because if the static pressure is different along the
volute, different passages of the impeller also perform differently. The overall per-
formance (based on the volute exit alone) reflects this difference in performance for
the different frequencies.

Additional to the location of the ‘filling and emptying’, the 66Hz case may be performing
better than the 30Hz case because the pulse acts for a shorter time. It is worth noting
that since 30Hz is near half the frequency of 66Hz, it has double the time period. The
time period can be thought of as the residence time of the pulse. As the mass in
the system has flow inertia, if the pressure changes faster than the flow can respond to
the changing pressure, then the flow is less affected by the changing pressure condi-
tions. Therefore, the instantaneous pressure propagation could be a function of the flow
inertial response. Since the 30Hz case shows localised ‘filling and emptying’, it is an
indication of localised flow inertial response that could be a reason for the larger drop in
performance for 30Hz case.

Figure 6. Static pressure hysteresis behaviour for OP C for volute locations

P12 – compressor outlet, P9 – volute at clock position 9.00, P10 – volute at

clock position 12.00, P6 – volute at clock position 3.00 for 30Hz and 66Hz

case.
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3.4 Quasi-steady vs unsteady OP A and OP C

As previous research has shown, the instantaneous performance under exit pulsating
flow conditions for a centrifugal compressor is different to the steady performance. For
a single operating point, instantaneously, the pressure drops and rises within a single
pulse and the mass flow rate rises and falls accordingly. Depending on the physical size
of the compressor system, there is a filling and emptying effect which affects the hys-
teresis behaviour. The inlet mass flow and outlet pressure are out of phase. For any
given compressor system, the hysteresis behaviour differs depending on the frequency
of pulsation, as the time to react to the imposed pressure reduces with increased
frequency.

Figure 7 shows the instantaneous hysteresis of compressor performance, given by the
instantaneous pressure ratio, at operating points A and C. Also indicated on the figure is
the quasi steady (QS) approximation of the performance for the same operating point.
The QS approximation is the performance of the system if the compressor was behaving
under steady conditions. It is approximated using the data from the steady perfor-
mance map and the instantaneous mass flow rate swept by the system. It can be seen
that, for both operating points A and C the hysteresis behaviour in the 30Hz case differs
from the 66Hz case. In the 66Hz case, the hysteresis behaviour is narrower than the
30Hz case; this indicates that the phase shift between the mass flow and the pressure is
smaller in 66Hz than the 30Hz case This is much more evident at OP A than at OP C.

It can also be seen that at OP C, for both frequencies the instantaneous pressure ratio is
much higher than QS pressure ratio. When the instantaneous mass flow rate drops to
the low-mass flow rate region, the instantaneous pressure ratio is larger than expected
compared to QS approximation, so instantaneously, it is possible for the compressor
system to generate a pressure ratio that is higher than would be achieved if in steady.
This high instantaneous pressure achieved under pulsating conditions is what leads to a
higher cyclic average calculation of pressure ratio compared to the Q-S approximation.
In contrast, in the low flow rate conditions at OP A, the 30Hz and 66Hz instantaneous
behaviour spans a much smaller flow range instantaneously compared to OP C.
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Figure 7. Instantaneous pressure ratio vs QS pressure ratio for Op A and C

steady, quasi steady and unsteady cyclic average efficiencies.

156



Figure 8 shows the steady, quasi steady and pulsating cyclic average efficiencies for the
full speed line. As before, the cycle average is representative of the pulsating perfor-
mance but does not exist in practice. First, it can be seen that, the steady flow effi-
ciencies, shown by the filled black dots, are higher than the cycle average and quasi
steady (QS) case for all operating points, as expected. At low mass flow rates, the
efficiencies predicted by the QS approximation closely match the unsteady cycle aver-
age efficiency for both 30Hz and 66Hz case; indicating that the QS approximation can
be applied when the flow rates are low. A deviation between the actual cycle average
and the QS approximation begins to appear strongly after a flow coefficient of �0.2 for
this system. Once this flow coefficient is surpassed, as the flow rate increases, the QS
efficiency prediction no longermatches the actual unsteady cyclic average, and is in fact
predicted to be much lower. However, the fact that the actual cycle average efficiency is
greater than the QS prediction is due to the large discharge pressures that are attained
instantaneously which pull the average up, as seen in Figure 7.

It is clear to see the benefit of pulsation with respect to the instantaneous effect on the
pressure rise in the system. If behaving in the QS manner, as a result of the large
amount of mass flow swept for each instantaneous operating point, the average per-
formance would be much lower. However, in reality, the performance instantaneously is
higher than quasi steady performance, pulling the average efficiency for high mass flow
rate conditions. In low mass flow rate conditions, the behaviour of compressor system
is close to quasi steady because the mass flow swept by the compressor system is much
lower. The compressor feels the benefit of the pulsation without the efficiency being
compromised. At high flow rates, the efficiency is compromised because the com-
pressor is less capable of producing a work output in the pulsating state.

Figure 8. Steady, quasi steady and unsteady average efficiencies for 30Hz and

66Hz.
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4 CONCLUSION

In this study, the performance and internal pressure distribution of the centrifugal
compressor under pulsating conditions was studied using data gathered from an
instrumented volute. The key findings from this paper are detailed below.

l As expected, both 30Hz and 66Hz pulses suffer from the drop in efficiency under
pulsating flow as well as a drop in performance because the compressor is unable to
produce the same amount of work. The performance drop is dependent on the fre-
quency; it is largest when the frequency is the lowest.

l The drop in efficiency is much more significant as mass flow increases due to an
increase in system flow inertia. When the compressor flow rate increases, the com-
pressor system has more mass, as the valve closes, a larger amount of flow is halted
resulting in an increase in localised pressure, which generates the backpressure
wave. This pressure wave amplitude is much larger compared to lower efficiency.

l The cycle average performance shows a deviation from the quasi-steady (QS) pre-
dictions as the mass flow rate increases for the 30Hz and 66Hz cases. In both cases
for high flow conditions, the cyclic average performance is higher than the QS pre-
dictions because instantaneously the pressure rise exceeds the steady performance,
resulting in a higher average than predicted. At low mass flow rates, the cycle aver-
aged behaviour closely matches quasi-steady approximations as the mass flow spans
a smaller range and the cycle behaviour , if present, is uniformly distributed around
the QS prediction.

l The filling and emptying effect of the flow within the volute occurs in different posi-
tions depending on the frequency of the pulse. For the 30Hz case, it is occurring more
near the compressor exit and around the tongue, whereas for the 66Hz case it is
occurring more away from the compressor exit. The filling and emptying for the 66Hz
case may not be significant because the pulse acts for a shorter time than the 30Hz
case, therefore the flow has less time to respond.

l The internal static measurements show that the static pressure trace within the
compressor volute at high flow conditions deviate from the outlet imposed pulse and
this deviation occurs in different positions for the 30Hz and 66Hz case. The reflection
of the pressure wave affects the performance of the impeller in the vicinity of the
tongue.

In summary, the average performance at 30Hz and 66Hz is different because of a few
differences in the way the volute responds to the imposed pressure, and how it carries
this information downstream. It is expected therefore that different passages of the
impeller will perform differently and the overall performance (based on the volute exit
alone) reflects this difference in performance for the different frequencies. At large flow
(OP C) and 30Hz frequency, the stage has the worst performance compared to the other
two frequencies due to more significant effects the tongue and the wave reflections that
follow.
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ABSTRACT

Decarbonisation of heavy-duty vehicles has an important impact on reducing emis-
sions. More specifically, in the United States, medium and heavy-duty trucks are
responsible for 23% of total CO2 emissions at present. Furthermore, the annual road
freight traffic is expected to grow by 54% by 2050. The recent growth in lithium-ion
battery use in Light Duty Vehicles (LDV) has resulted in reductions in battery costs.
However, for Medium and Heavy Duty (MDV and HDV) applications, fuel cells offer
important advantages in terms of energy density and refuelling time, which makes this
technology more attractive for these classes of vehicles. Recent US DOE targets for
Class 8 long haul trucks highlight the importance of even longer driving ranges and
increased efficiency demands for fuel cell systems. To this end, it important to design
and optimize the components of a fuel cell system, such as the compressor, not in iso-
lation, but as part of the integrated system under real-driving conditions, thus capturing
the strong co-dependencies among subsystems and the intricacies of real-life
operation.

This paper presents a novel methodology, that uses a system-level simulation platform
to create a complete vehicle model and simulate the performance of a fuel cell powered
truck in order to obtain the key fuel cell compressor operating points together with the
resulting residence time spent on each point based on real driving condition. The key
compressor operating points are then fed into a meanline compressor design optimi-
zation code which uses a map prediction model for a range of compressor speeds,
impeller diameters, hub diameters and axial length ratios to find the optimum settings
that meet the same weighting factor obtained from real driving conditions. This initial
flow path and design conditions obtained from the meanline design optimization are
then used by a 3D Inverse design method to generate an initial 3D impeller geometry.
Automatic optimization is then used to optimize the impeller geometry. The casing is
also designed by using a unique inverse design method and the performance of the
resulting stage is computed by using a 3D CFD simulation package. Furthermore, the
structural integrity of the compressor is analysed with a 3D structural analysis software
package. The resulting full stage compressor map is then fed into the system-level
model and the impact of the new design on the energy consumption over the actual
real-life driving scenario is assessed and analysed. The methodology highlights the
importance of rigorous simulation as a means for improving component performance
and system efficiency, while reducing time-to-market and thus development costs.
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1 INTRODUCTION

In the past ten years there have been increasingly ambitious reduction targets on CO2

emission and on pollutants such as NOx and PM. The powertrain market sees a trend to
go from diesel or gasoline engines towards battery electric and hydrogen fuel cells. Both
battery electric and hydrogen fuel cell powertrains have the potential for zero-emission
operation. However, battery electric vehicles have limits on driving range due to battery
capacity [1]. Recharging is required and battery temperature control is critical. For
heavy-duty vehicles fuel cells has the advantages in terms of energy density and
refuelling time. It is under active research and development in the recent years and will
be a more practical option in the foresee future. The fuel cell is pressurized by an air
compressor, which is electrically driven. The air compression system is important to the
overall performance. Compared to the previous turbocharger air compressors there are
some differences in the compressor operating requirements. The pressure ratio
required is generally lower than a turbocharger compressor. But the operating range
requirement is high. The electric motor also functions at lower RPMs. On the other hand,
the fuel cell exhaust temperature is much lower than that of an ICE, so there is not
enough energy to recover through a turbine to drive the compressor. Additional power
input from electric machine is needed. This makes the compressor efficiency very
important for power consumption. The air compression system needs to be redesigned
or optimized based on these changes [2].

In this paper, a novel design methodology is presented. The system-level simulations
(based on complete vehicle model) are used to provide real driving conditions for a fuel
cell powered truck. The compressor operating conditions are obtained from the simu-
lations. The residence time spent on different operating conditions is taken into con-
sideration when the compressor design is carried out. A multi-points design is carried
out first in the meanline analysis. Based on the initial sizing and design condition
selected a 3D impeller design is then generated in 3D inverse design method. The
volute is also created in an inverse design approach. They are used as the baseline
compressor design. Further impeller optimization is carried out in an automated work-
flow that couples the inverse design solver with an optimizer. The volute can also be
optimized to reduce the size by using over-hang cross sectional shape. Finally, the
performance of the optimized compressor design can be fed back to the system-level
analysis. The impact of the optimized design on the energy consumption overall the real
driving scenario can be evaluated. The methodology is relatively fast, which is impor-
tant to the reduction of development time and cost. It also demonstrates the impor-
tance of rigorous simulation when designing for a new powertrain system.

2 SYSTEM-LEVEL SIMULATION IN REAL DRIVING CONDITIONS

To establish realistic boundary conditions for the compressor design under real world
conditions, an example model of a heavy goods vehicle (HGV) with a fuel cell powertrain
from the simulation package GT-SUITE [3] was selected and a real-world drive cycle
was developed. The vehicle is a 6 � 2 tractor trailer with a total weight of 30,000 kg
including cargo. The drivetrain is powered by a single electric motor providing a peak
torque of 2800 Nm.

A drive cycle was created by imagining a typical journey of such an HGV from a shipping
port to a warehouse in the UK. For this study, the journey starts at the Port of Felixstowe
on the eastern coast of England (Oysterbed Rd, Felixstowe IP11 4SH) and ends at a
warehouse in Westhoughton, Bolton (BL5 3XU), northwest of Manchester, refer to
Figure 1. This 423 km journey takes slightly over 5 hours to complete and represents
typical traffic conditions that would be encountered if the vehicle departed on
Wednesday morning at 09:00. To generate the route, the start and end locations were
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entered into GT-RealDrive, a virtual route generation app in GT-SUITE. In addition, the
dimensions and weight of the truck were also input to ensure that the route is compliant
with any physical or legal restrictions. The route information contains road elevation
data along with traffic light locations to make it as realistic as possible.

Other routes were considered before making this selection, such as standard drive cycles
used for determining fuel consumption and emissions ratings, because they could produce
a wider range of driving conditions. However, due to emphasis on real driving cycles during
the past decade, it was decided that a realistic driving cycle should provide the realism
expected in modern times. Of course, it is possible that alternative cycles could produce
different average operating points. This could be a goal of a future study.

This route was used as an input to the model. The model has a simulated driver, which
targets the mean traffic velocity along the route as a function of vehicle distance and
stops were necessary (e.g. at traffic lights). The resulting vehicle velocity profile that
the driver produces while traveling along this route is shown in Figure 2, along with the
required power of the fuel cell compressor, which will be discussed as well.

Figure 1. Image of map coming from here in GT-RealDrive.

Figure 2. Vehicle velocity profile and compressor power.
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The velocity target is converted into torque and power demands on the e-motor and
ultimately the fuel cell. A high voltage battery in the system acts as a buffer to handle
the large increases in torque demand during vehicle accelerations and hill climbs as well
as store energy during regenerative braking events. Losses in between each compo-
nent in the system are accounted for.

The powertrain is a pair of fuel cell systems, which are both designed for a maximum
output of 110 kW. For each fuel cell, the open circuit voltage is 700 V and the current
at maximum power is 216A. The compressor maps in the model that force air
through the fuel cell stacks and system were generated using a methodology
developed by Casey and Robinson [4]. This methodology allows one to provide a
wheel diameter and 4 dimensionless parameters common to radial compressor
design to generate a full map. Gamma Technologies has added an option to enter the
speed, pressure ratio, mass flow rate and isentropic efficiency of the design point
from which the dimensionless coefficients are calculated. In this case the wheel
diameter is 40 mm and at the design point the speed is 200,000 RPM, the pressure
ratio is 2.0, the mass flow rate is 80 g/s and the isentropic efficiency is 73%. The
resulting coefficients at the design point are a tip speed Mach number of 1.21, a work
input coefficient of 0.503, a flow coefficient of 0.102 and a polytropic efficiency of
0.76. A visualization of the map with speed lines plotted over the efficiency contours
is shown in Figure 3 (left).

After the simulation was run, the residence time of the flow rates and pressure ratios of
the compressor was analysed to determine the points at which the compressor operates
most often. This data was used to develop a lug-line that could be used to design a
compressor with higher efficiency for these points with the goal to reduce the fuel
consumption. The compressor map with operating points averaged over 1 second
interval is displayed in Figure 3 (right) to show the range over which the operation took
place over this long cycle. In addition, the compressor power has been plotted on the
second vertical axis of Figure 2, to illustrate the demand on the compressor during the
drive cycle.

The ranges of operation for both the flow rate and pressure ratio were divided into 25
bins in both the flow rate and pressure ratio axes and the time fraction of operation
calculated by a macro in the post processing tool that comes with GT-SUITE, GT-POST.
The display was adjusted to show the compressor map with the coloured display of the
analysed bins. The small collections of coloured lines near pressure ratio of �1.2 and
mass flow rate of �0.015 kg/s stretching up to pressure ratio of �1.65 and mass flow
rate of 0.085 constitute the collection of operating points that resulted from the drive
cycle simulation with fuel cell system, including the compressor. The red lines represent
regions in which the operating point resided over 7.5% of the total duration of the cycle.
The region near pressure ratio of 1.65 and mass flow rate of 0.085 kg/s was above the
limits of display, with over 27% of the residence time spent in the white region inside
the dark red semi-circle.
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It can be observed that the compressor does spend a lot of time at a high operating
point, at maximum power of the fuel cell. This is due to the large percentage of time that
the vehicle is driving at maximum speed in the cycle, 100 kph. The other most sig-
nificant amount of time is at the low speed, essentially idling at a stop. As a result of this
analysis, a set of 3 operating points were selected to provide the targets for optimal
design of the compressor.

3 COMPRESSOR MEANLINE DESIGN OPTIMIZATION

After the compressor operating conditions are obtained from the real driving simula-
tion, the meanline design of the compressor can be carried out. In order to have overall
good performance, the various operating conditions have to be considered in the
meanline design stage. This was done using TURBOdesign Pre [5], which is a meanline
solver used for the sizing and design of turbomachinery components. From the basic
design specification (flow rate, rpm and pressure ratio) the solver uses a number of loss
models in the meanline calculation. The meridional shape and key dimensions of the
compressor will be provided after the calculation. Meanwhile, a performance map
(pressure ratio, efficiency, power and work coefficient versus massflow rate) prediction
is also produced based on one-dimensional models, experimental and CFD data. For
designs with consideration on various operating conditions, ‘multiple design points’ can
be specified. Then a Design of Experiments (DoE) will be carried out using the meanline
solver. The mass flow rate, total pressure ratio and weighting factor are specified for
each design point. The design is generated by finding a speedline for each design point,
see Figure 4. The overall weighted efficiency is optimized then to get the final design. In
this case three operating points were selected from the system simulation (Figure 3,
right). Table 1 listed the design points and their weighting factor.

Figure 3. Left: initial compressor map; right: compressor map with analysed

bins (close-up).
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A full factorial method is adopted in producing the seeds for DoE. For each design
variable, a number of levels and the range of variation need to be specified. The seeds
are linearly spaced in this range. The DoE has four input variables. The range and
number of levels are listed in Table 2. The solver then sizes the machine based on all
possible combinations of parameters seeded. Since each candidate calculation takes
only a few seconds the DoE results could be obtained within a few minutes.

Table 1. Selected operating points for compressor design.

Massflow

[kg/s]

Pressure

Ratio [-]

Weighting

Factor [-]

Operating Point 1 0.085 1.63 0.334

Operating Point 2 0.02 1.18 0.332

Operating Point 3 0.065 1.49 0.334

Figure 4. Compressor map prediction from meanline analysis to cover the

three operating points.

Table 2. Meanline DoE study range of variation.

Variable Level Minimum Maximum

RPM 50 60000 120000

Axial Length Ratio (L/D2) 5 0.275 0.325

Inlet Hub Diameter 5 10 16

Outlet Tip Diameter 10 45 55
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4 COMPRESSOR COMPONENTS DESIGN

4.1 Impeller design

From the meanline design an initial compressor sizing was obtained. Figure 5 shows the
meridional shape of the impeller and vaneless diffuser. The design condition and key
dimensions are listed in Table 3.

Then the detailed impeller design was carried out with 3D inverse design method
TURBOdesign1 (TD1). The method was developed and demonstrated in the previous
work [6] in 1990s. Since then, it has been used in compressor design and optimization
work extensively, especially in the turbocharger compressor design applications. Both
the full blade and full blade with splitter design can be generated with TD1 [7,8]. Unlike
in the conventional design where the impeller geometries are created by geometrical
parameters, the inverse design method produces blade geometries subject to certain
blade loading description. The circumferentially averaged bound circulation is used as
input to specify the impeller work. It is defined as:

r �Vq ¼ N

2p

ð2p=N
0

r � Vqdq (1)

The work coefficient is imposed by specifying the spanwise r �Vq distribution at the leading
edge and trailing edge of the impeller. r �Vq is normalized by the impeller outlet tip radius
and speed in TURBOdesign1. The normalized value r �V�

q is used specifying the loading.

For the splitter design the r �Vq ratio also needs to be specified. It is defined as the specific
work of the splitter blade divided by the total specific work of the impeller:

r �Vq ratio ¼ Dr �Vqð Þ
splitter

= Dr �Vqð Þ
total

(2)

Figure 5. Compressor meridional

shape.

Table 3. Compressor key dimensions.

Blade

number

7 full blade + 7 split-

ter blade

Design RPM 96,000 rev/min

Design
flowrate

0.065 kg/s

Hub diameter 10 mm

Shroud
diameter

30.8 mm

Tip diameter 54 mm

Impeller outlet
width

3.6 mm

Blade
thickness

1 mm (hub)/0.5 mm
(shroud)

Tip clearance 0.25 mm
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r �Vq ratio is normally based on the ratio of the meridional length of the splitter over the
overall meridional length, so the full blade and the splitter have similar level of maximum
loading. But it can also be varied during design optimization for better performance.

For compressible flow the meridional derivative of r �Vq is related to the enthalpy differ-
ence between the blade pressure surface and suction surface:

hþ � h� ¼
2p

N
Wmbl

@ r �Vqð Þ

@m
(3)

If in the boundary layer local compressibility is ignored:

Dh ffi
Dp

r

By prescribing the meridional derivative @ r �Vqð Þ
@m the pressure jump across the blade can be

controlled. The blade geometry is then computed by the inverse design procedure
(inviscid potential flow solver), which converges within a few seconds. In this way the
aerodynamic inputs (blade loading) can be used to generate blade designs, which gives
better control on the flow field. The blade loading on the full and splitter blades are
shown in Figure 6 (left). At the hub the blade is aft-loaded. At the shroud the blade is
mildly aft-loaded to have a good stall margin, as the required compressor operating
range is big for fuel cell applications. Four parameters (NC, ND, SLOPE and DRVTLE) are
needed to define a main blade loading curve. For the splitter blade, two parameters
(NC, DRVTLE) are needed to define the splitter loading near LE. The rest of the loading
will follow the profile of the main blade loading.

Another input specification is the stacking condition. The wrap angle variation along the
span can be specified at a chordwise location (impeller TE in this case). It can introduce
blade lean and add additional control of the spanwise pressure field. Therefore, it is
possible to use only 13 parameters to define a complex 3D impeller (with splitter)
shape. For the baseline design the wrap angle at the hub and shroud is the same at the
impeller TE. The generated impeller is shown in Figure 6 (right).

Figure 6. Left: baseline design loading; right: baseline design geometry.
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There are three major advantages of the inverse design method compared to the con-
ventional design based on blade angle description. Firstly, the design inputs are aero-
dynamic parameters, which imposes good control of fluid physics. For example, the
specific work is directly controlled by r �Vq and the blade surface pressure is controlled by
the loading parameters. Secondly, apart from obtaining a 3D geometry the flow field
information is also available after the solver converges. The designer can use the flow
field information to guide the design iterations before running the more time consuming
CFD analysis. The key aerodynamic parameters such as diffusion ratio can be used to
rule out poor design candidates. It can also be coupled to optimizer directly since the
inverse design solver is fast. Finally, the inverse designmethod can define a complex 3D
blade geometry with less parameters comparing to the methods that parameterize the
camber line geometries with control points etc. This makes it efficient when used in
optimization process, as it can explore a large design space with less degree of
freedom.

4.2 Volute design

The volute design was carried out using TURBOdesign Volute, which is a 2D inverse
design tool for the design of volutes. The inputs are volute inlet pressure, temperature
and velocity components, which can be extracted from the flow field upstream of the
volute. The cross-sectional area distribution is then calculated based on the mass and
momentum conservation equations [9]. This results in a good match between the
upstream component and the volute. Various cross-section shapes can be generated in
TURBOdesign Volute. For the baseline design an asymmetric circular cross section was
used. The tongue radius is also an input. The solver automatically generates the 3D
geometry with a smooth tongue. Figure 7 shows the volute generated for the baseline
design. Table 4 shows the key dimensions of the volute.

4.3 Steady CFD analysis

The baseline compressor stage performance was then evaluated in steady CFD simu-
lation. The computational domain and mesh are shown in Figure 8. The impeller and
vaneless diffuser mesh is structured mesh generated using TurboGrid. The volute mesh

Figure 7. Baseline compressor volute.

Table 4. Baseline volute key

dimensions.

Volute inlet radius 43 mm

Volute inlet width 3.47 mm

Tongue radius 2.5 mm

Maximum casing height 70 mm

Outlet tube length 55 mm
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is unstructured and generated using ANSYS Meshing. Average Yplus of the mesh is 1.37
and the total number of elements is around 3.3 million. Total pressure, total tempera-
ture and flow direction are specified at the domain inlet. Massflow rate is specified at the
volute outlet. The impeller domain is rotating. The inlet domain, diffuser and volute are
stationary. Frozen rotor is specified at the interface between the inlet block and impeller.
It is also used at the interface between the impeller and vaneless diffuser. The Stage
(mixing plane method) interface is used between the vaneless diffuser and the volute.
ANSYS CFX (2020 R2) is used in all the CFD simulations in this work. It uses an element-
based finite volume method and a pressure-based coupled solver approach. The solu-
tion variables and fluid properties are stored at the nodes (mesh vertices). A tri-linear
element shape function is employed to interpolate the diffusion term and a linear-linear
interpolation shape function is used for the pressure gradient terms. A high-resolution
advection (2nd order accuracy) is used with the SST turbulence model. The same
numerical setup has been used in centrifugal compressor simulations extensively.
Previous validation with test data was discussed in [10], where good agreement was
obtained for both subsonic compressor and transonic compressor cases.

The baseline compressor stage performance was shown in Figure 9. It can be seen that
the baseline design has achieved the pressure ratio at all three key operating condi-
tions. Meanwhile the efficiency of the overall compressor stage is reasonably good,
which means it can be used to set up the optimization workflow. With Casey and
Robinson methodology [4], the compressor efficiency is an input and the performance
map is produced from algebraic equations calibrated to match the test data. The pre-
vious turbocharger compressors tend to have relatively high specific speed in order to
reduce the wheel size (and inertia) for transient response requirement. The com-
pressors were quite often not designed at the optimum aerodynamic design space. The
fuel cell compressors do not have the requirement of low inertia. The aerodynamic
performance can be potentially improved with the proper design space selection. The
efficiency level therefore can be higher than the Casey and Robinson methodology’s
assumption and prediction (as shown in Figure 9), which was largely based on turbo-
charger database.

Figure 8. Compressor mesh detail.

169



5 COMPRESSOR COMPONENTS OPTIMIZATION

5.1 Impeller optimization

Apart from the compressor performance, the overall size is also an important factor for
fuel cell applications. To further improve the performance and to reduce the compressor
size, an optimization was carried out on both the impeller and the volute. The impeller
optimization was done within TURBOdesign Suite [11] using its embedded genetic
optimizer (TDOptima). A direct multi-objective genetic algorithm optimization was
conducted. Figure 10 shows the parameters used to describe the meridional profile.
5 parameters (normalized by the impeller radius) are used to allow the shroud, hub and
LE shape to vary. The range of the 5 parameters is shown in Table 5. The LEangle is
defined as the angle between the chord of LE contour (connecting shroud and hub) and
the vertical direction. The splitter position is also allowed to vary. The pink lines show
the smallest blade area and the blue lines show the largest blade area. The variation of
the meridional shape covers a large range. The impeller outlet diameter and width are
kept constant during the optimization work. The inlet shroud radius is also fixed.

Figure 9. Baseline compressor performance.

Figure 10. Meridional profile variation during optimization.
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As shown in Figure 6 (left), 12 loading parameters are needed to define a 3D blade
geometry. The stacking condition is defined with 1 parameter. 4 more parameter is used
to vary the spanwise distribution of r �Vq and r �Vq ratio. Linear distribution is used with the
mean value and shroud side value allowed to vary. The ranges of these parameters are
listed in Table 5. A few constraints are also used to rule out invalid designs. The throat of
themain and splitter blade is constrained so that the chokemargin is not smaller. The LE
lean and bow ratio are used to control the stress level near the blade LE. The blade angle
change near the LE at the hub is constrained to avoid sudden turning near the LE. For
the aerodynamic performance, the diffusion ratio (maximum relative velocity on the
blade surface divided by the relative velocity at the trailing edge) is constrained to avoid
flow separation. The maximum and minimum Mach number on the blade surface are
constrained to avoid high Mach number or low velocity. The leakage loss (related to
the blade surface velocities near the tip) is limited to avoid high tip clearance loss. The
objectives are set to minimize the blade profile loss and the secondary flow factor. The
profile loss factor is computed from the integration of the cube of the blade surface
velocity predicted by the inverse design code. The secondary flow factor is character-
ized by the loading difference between the hub and shroud. It is related to the hub-to-
shroud motion of fluid [12]. It is calculated in the inverse design code by using the

Table 5. Optimization variables range, constraints and objectives.

Optimization Input Variables

Blade Loading Meridional Profile

NChub 0.25–0.45 Yshr 0.6–0.64

NDhub 0.75–0.85 Yhub 0.3–0.35

Slopehub 0.7–1.0 LEangle �15–15

[deg]

DRVThub �0.25–0.4 Splitterposition 0.275–0.35

NCshr 0.25–0.45 LEanglesplitter 10–25

[deg]

NDshr 0.75–0.85

Slopeshr 0.3–0.6

DRVTshr �0.25–0.2

NChub,splitter 0.3–0.6

DRVThub,

splitter

�0.25–0.25

NCshr,splitter 0.3–0.6

DRVTshr,splitter �0.25–0.25

Stacking �4-4 [deg]

RVTmean 0.645–0.655

RVTshr 0.635–0.665

RVTRatiomean,

splitter

0.4–0.43

RVTRatioshr,

splitter

0.4–0.43

Optimization Constraints

Main blade throat +5%

Splitter blade throat +6%

Main blade LE lean <20 [deg]

LE bow ratio < 25%

Splitter blade LE lean <20 [deg]

Blade angle change

near LE at hub

<18 [deg]

Main blade diffusion

ratio

1.6–1.89

Splitter blade diffusion

ratio

1.6–1.89

Blade surface maximum

Mach number

<0.7

Blade surface minimum

Mach number

0.18–0.26

Main blade leakage loss <130

Splitter blade leakage

loss

<90

Optimization Objectives

Main blade secondary

flow factor

Minimize

Splitter blade secondary

flow factor

Minimize

Total profile loss Minimize
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velocity difference (downstream of 50% streamwise location) between the hub and the
shroud of the blade.

Figure 11 shows all the feasible inverse design solutions (the ones that don’t satisfy the
constraints are ruled out). In total, 679 feasible inverse design solutions have been
generated. A Pareto front is obtained between the two contrasting objectives. The size
of the bubbles represents the splitter blade secondary flow factor. A final ‘optimized
design’ is selected from the Pareto front.

Figure 12 (left) shows the meridional shape of the optimized design. It can be observed
that the optimized design has LE cut-back and the splitter LE is moved downstream. The
blade loading of the optimized design is shown in Figure 12 (right). The DRVTLE has
been adjusted for both the full blade and the splitter.

Figure 11. Feasible solution from optimization.

Figure 12. Left: meridional shape of optimized compressor; right: optimized

design loading.
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5.2 Volute optimization

To control the overall housing dimension the volute casing height is important. Since the
cross-sectional area is critical to the volute performance, reducing the cross-sectional
area will have a big penalty on the compressor performance. On the other hand, small
changes in cross sectional shape have less impact on the volute performance. In
TURBOdesign Volute an ‘over-hang’ volute is therefore used, as shown in Figure 13. The
flow ratio is used to specify how much volume flow is going through the upper region of
the cross-section. In this case 0.95 is used. This leaves 5% of the volume flow to go
through the lower region. The volute W/H ratio is kept as 1.0 to be close to circular. The
cylindrical wall has a width t of 2 mm. Figure 13 (right) shows the comparison of the
over-hang volute compared to the baseline volute. It can be seen that the casing height
has been reduced.

5.3 Steady CFD analysis of optimized compressor stage

The performance of the optimized compressor stage (with optimized impeller and over-
hang volute) was verified in the same CFD setup. The speedline performance is shown
in Figure 14. The results show that the optimized compressor stage has similar total to

Figure 13. Left: overhang volute cross section; right: overhang volute

compared to baseline.

Figure 14. Optimized compressor performance.
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total pressure ratio as the baseline stage. Meanwhile the operating points’ efficiency is
improved and the high flow rate performance is generally better. The stall margin is the
same as the baseline design. The optimized design managed to reduce the overall
compressor dimension without degrading the performance.

5.4 Static structural analysis

To evaluate the stress of the impeller, static structural analysis was carried out on a
single sector impeller with back plate. Fixed radius (0.75 mm) fillet was generated
between the blade root and the hub surface. This reduces the stress concentration.
3 mm thickness was applied to the back plate. The mesh is generated by using ANSYS
Meshing and the total number of unstructured elements is around 589,000 as shown in
Figure 15 (left). Themesh in the blade tip, hub fillet and the blade trailing edge is refined
further to better resolve the local stress level. Cylindrical support is specified at the hub
from the shaft. Fixed support is provided from the back plate. The material used in the
calculation is Aluminium 2014-T651, with a Young’s modulus of 72 GPa and a Poisson’s
Ratio of 0.33. The tensile yield strength is about 414 MPa at 25�C and 393 MPa at 100�C.
The rotational speed was 144,000 to leave some margin for overspeed.

The stress contours of the optimized designs are shown in Figure 15 (right). The max-
imum stress on the blade is at the pressure surface near the hub. It is around 314 MPa,
which is below the material limit.

6 FINAL PERFORMANCE EVALUATION IN SYSTEM MODEL

Upon completion of the optimized compressor design, the resulting map was entered
into a copy of the original system model and the simulation was run again. Like the
initial analysis, the residence times of the operating points were plotted over the com-
pressor map as a function of the fraction of the total time of the simulation to evaluate
how well the new design performed in the system.

Figure 15. Left: impeller model mesh detail; right: blade surface stress

contour.
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As shown in Figure 16, the operation of the fuel cell in this cycle straddles the maximum
efficiency of the compressor. The compressor operates at the region near 0.09 kg/s and
pressure ratio of 1.63 when the vehicle is driving at or near 100 km/hr. The compressor
operates at the region in the lower left of the map near pressure ratio of 1.02 during
many slower portions of the driving cycle, in roundabouts and so on. The compressor
speed is limited by a controller not to fall below 20,000 RPM, to ensure that there is
always some flow through the stack even at idling conditions. The fact that the max-
imum efficiency of the compressor is higher in this design provides an improved fuel
consumption of the vehicle in this cycle at 2.18% due to reduced power demand on the
electrically driven compressor, as shown in Table 6.

7 CONCLUSIONS

The methodology of coupling the system-level simulation with compressor design/
optimization has been demonstrated on a fuel cell application. A real-world drive cycle
was analysed and the operating conditions were used in compressor design/optimiza-
tion. Through system level analysis and state-of-the-art compressor design techniques,
it has been shown that there is potential to obtain fuel economy improvements for fuel

Figure 16. Compressor map including fraction of time spent at each operating

point.

Table 6. Fuel consumption comparison.

Vehicle Model

Compressor Peak

Efficiency

Fuel Usage

(kg)

Fuel Consumption

(kg/100 km)

Initial
Compressor

73% 25.763 7.709

Optimized
Compressor

81.5% 25.202 7.541

175



cell powered vehicles. This design and optimization approach is efficient and effective.
It shows the importance of coupling the component design with system simulation
during the development of a new fuel cell powertrain.

NOMENCLATURE

Roman symbols

D2 impeller diameter

DRVT @ r �Vqð Þ=@m

h enthalpy

H volute cross section width

L impeller axial length

m percentage meridional distance

N number of blades

p pressure

RPM revolutions per minute

r, R radius

rV q circumferentially averaged bound circulation

rV
�
q non-dimensionalized rV q

t volute cylindrical wall width

V velocity

W meridional velocity

W volute cross section width

X axial direction

Greek symbols

q circumferential direction

p 	 3:1415926 . . .

r density

Superscript


 blade pressure/suction surface

Subscript

LE blade leading edge

mbl meridional component on blade surface

mer meridional direction

TE blade trailing edge
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ABSTRACT

The sequentially connected configuration of two stage turbine in a regulated two-stage
turbocharger introduces a coupling effect of flow field between the high-pressure tur-
bine (HPT) and low-pressure turbine (LPT), thus the performance of these two turbines
will inevitably be affected by each other. However, most of current design methods of
turbines assume they as isolated devices. In this study, a newmethod which is based on
the control of flow-interaction between two stages is developed via experimentally
validated three-dimensional numerical method. The influence of different positions of
the bypass branch on the inter-stage coupling effects is investigated. Results manifest
that different positions of the bypass branch significantly change the performance of
low-pressure turbine and the flow interactions within the inter-stage. The detailed flow
field analysis of the inter-stage pipe, volute and rotor is conducted to reveal the flow
mechanism behind the inter-stage interactions.

Keywords: Turbocharger, two-stage turbocharging, Bypass, passive flow control, flow

field coupling

1 INTRODUCTION

The increasingly stringent regulations and legislation trends of emission are continually
keeping up the pressure on internal combustion engine (ICE) manufactures. In order to
actively alleviate the environmental crisis, ICE technology has been promoted towards
low-carbon and clean development in recent decades. As one of the most vital tech-
nologies to achieve the high performance of ICE, turbochargers have been widely used
in vehicle industry at an unprecedented rate [1].

The performance of the two-stage regulated turbocharging system is the key factor to
maximally exploit the potential of the ICE [6]. Therefore, an extensive number of
investigations have been studied on two-stage turbocharging, mainly concerning about
its matching methods and regulation strategies. In a regulated two-stage turbine sys-
tem, two turbines are the most crucial components that affect the optimum load dis-
tribution and regulation strategies [7]. With current design and optimization
techniques, it is feasible to demand turbines for the specific swallowing capacity and
efficiency at the design point. In the study of Zhang et al., it has been proven that the
control strategies of the bypass valve should be customized according to the swallowing
capacity and the efficiency of the two turbines. Particularly, the improvement of the

*Corresponding Author: dingl25172@163.com

DOI: 10.1201/9781003429746-11 181
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turbine efficiency can enhance the regulation capability [8]. In high altitude environ-
ments, the investigation of Yang et al. has confirmed that the swallowing capacity and
efficiency of the two turbines are still the most crucial factors to the altitude adaptability
of the engine with a regulated two-stage turbocharger system. A load division principle
of the two stage turbines was proposed to improve the altitude adaptability of the
engine [9]. The swallowing capacity and efficiency of each stage are the keys to the
design and optimization of two-stage turbocharging.

The turbine performance maps currently used to determine the matching method for
two-stage turbocharging are obtained through experiments or numerical simulations of
each stage turbine under independent operational conditions. In performance mea-
surements, the turbine is connected with straight pipes. However, due to the constraint
of the compactness of the engine, these two turbines have to be connected by exhaust
pipes with sharply steered junctions and elbows. The complicated and compact pipes
would deviate the realistic on-engine performance of the two-stage turbocharger from
the initial design point and may exacerbate engine performance.

Therefore, the research on the coupling effect of the regulated two-stage turbocharging
system is attracting increasing attentions. In the study of Zhao at al., it has been con-
firmed that the interaction between two sequentially connected turbines has a strong
impact on the efficiency of the downstream axial turbine. As the inter-stage coupling
effect is considered, the method of axial turbine counter-rotating is proposed to miti-
gate the negative influence of swirling flow and improve the power efficiency by 3.8%
[10]. His research illustrates that swirling is a concrete manifestation of the inter-stage
coupling effect. And it is widely acknowledged that the swirls are almost inevitable in
ICE exhaust manifolds and inter-stage elbows in the two-stage turbocharger. Ding et al.
focused on the swirls which came from the upstream high-pressure turbine (HPT) and
propagated along the elbow [11,12]. As the outcome generated by the HPT, this swirl
has a simple vortex core. It preserves this feature to reach the LPT and distorts inlet
flow. The effect of intensity and rotation direction of this swirl on the LPT has been
studied. It was found that the swirling intensity correlates with the efficiency reduction.
The opposite rotation direction introduces the different movements and deformation of
the vortex which mainly influences LPT performance. Although the flow mechanism
behind the two-stage turbocharging system still needs to be further unveiled, it pro-
vides an effective idea that the swirling flow can be constructed for the LPT demand to
improve performance.

The turbine performance research with bypass branch involved has not been inves-
tigated intensively, despite the main function of the two-stage turbocharging system
is achieved by its regulation. In the reported study, only Yang has investigated the
influence of stage-interaction on turbine performance when the bypass valve is open.
In his research, with the bypass flow injected into the exhaust manifold, the two
streams of swirling flow encounter at the junction of the inter-stage pipe and bypass
branch. They will entangle each other, and a new swirling flow will emerge down-
stream of the junction. This new swirling flow plays a decisive role in the performance
of LPT [13]. The swirling flow is deeply influenced by the bypass flow in such a case,
thus the bypass flows with different injected locations are expected to diversely
influence the turbine performance. Therefore, it would be more valuable to obtain
control principles of bypass branch location for providing favorable swirling flow to
low-pressure turbine.

2 NUMERICAL METHOD

In this paper, the regulated two-stage turbine employed in a heavy-duty diesel engine is
studied, as shown in Figure 1. The two turbocharger turbines are connected via an
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inter-stage pipe, which has an elbow near the HPT. A bypass branch connects the pipe
upstream and downstream the HPT, with an electrical bypass valve installed on it.

It is not convenient to investigate the flow control method experimentally, hence the
three-dimensional numerical simulation is adopted to investigate the influence of the
position of the bypass branch on the swirling flows and performance of LPT. The fluid
domain corresponding to the regulated two-stage turbine system is shown in Figure 2.
Commercial software ANSYS CFX is adopted to perform the computational fluid
dynamics (CFD) calculation. In the computational domains of pipes and two volutes, the
hybrid mesh method is used to achieve spatial discretization. As a representative of
final meshes, the mesh of LPT volute is shown in Figure 3 (a). There are 1.05 million
nodes in the HPT volute, 1.34 million nodes in the LPT volute, and 1.5 million nodes in
the rest of the domains of the pipes, respectively. As the key components of the tur-
bocharging system, the computational domains of the two turbine rotors are meshed by
the structured mesh. According to the grid independence study of the rotors, the opti-
mal first layer thickness is 2 � 10�6 m to guarantee reasonable y+. And the mesh of the
turbine rotor is shown in Figure 3 (b). There are 4.65 million and 4.43 million nodes in
HPT rotor and LPT rotor, respectively.

Figure 1. The investigated two-stage turbocharger system.

Figure 2. Computational domain of the two-stage turbocharger.
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Total temperature and total pressure experimentally are applied as the inlet boundary
condition. The outlet static pressure is set as the ambient pressure in all cases. All the
solid walls are assumed as non-slipping and adiabatic. The Shear Stress Transport
(SST) model is chosen to model the turbulence. To account for the non-uniformity of
azimuthal flow in volute and rotor, the frozen rotor method is employed to model the
interface between the volute and rotor.

To verify the credibility of numerical results, the computed turbine performance at dif-
ferent pressure ratios is validated against the experimental measurements. It is worth
mentioning that the experimental measurements of HPTand LPTare carried out on the
standard test rig separately. The numerical predictions of HPT and LPT are obtained
under the same boundary conditions. The turbine performance is generally character-
ized in Equations (1) � (3):

PR ¼ Pt�in

Ps�out

(1)

MFP ¼ m �
ffiffiffiffiffiffiffiffiffiffi
Tt�in

p

Pt�in

(2)

h ¼
1� Tt�out

Tt�in

1� Ps�out

Pt�in

� �
g�1
g

(3)

Figure 3. Mesh in the study.
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The validation results of swallowing capacity and efficiency are shown in Figure 4. The
numerical predictions of the two turbines shows good agreement with the experimental
results. The average deviation of calculated MFP all over the testing condition is about
1.6% for LPT and 2.3% for HPT. The average deviation of calculated efficiency is about
3.1% for LPT and 3.6% for HPT. In particularly, the discrepancy is more evident at low
pressure ratio conditions. Several factors can result in the discrepancies, among which
the uncertainty of temperature at turbine exit especially at low load conditions, the heat
transfer and geometrical differences (i.e. scallops of rotor) are considered to be the key
contributors. The numerical method is considered to be reliable and will be used in the
following study.

To reduce calculation costs, only the LPT and its upstream and downstream pipe are
considered for the further numerical calculations. It is worth mentioning that the part of
the inter-stage pipe from the HPT outlet to the elbow is too short. If the boundary
condition is set at the inlet of the short end of the inter-stage pipe, the boundary will
forcibly change the inherent influence of the elbow geometry on the flow. Therefore,
this section of pipe needs to be extended to eliminate this effect. The simplified com-
putational domain is shown in Figure 5.

In order to reflect the role of HPT and the exhaust manifold in the two-stage turbo-
charger, the velocity profiles and mass-average total temperature at the HPToutlet and
the exhaust manifold outlet connected to the bypass branch are extracted from the
complete two-stage numerical simulation results. Then the two velocity profiles and

Figure 4. Validations of CFD against experiments.

Figure 5. Simplified computational domain of LPT.
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total temperature are imposed at the inlets of the main pipe and bypass branch of the
new computational domain respectively as the boundary condition. The swirls and the
corresponding axial velocity distribution are shown in Figure 6.

The prediction results of the simplified model and the whole two-stage turbocharger
model are compared. It can be seen from Table 1 that the swallowing capacity and
efficiency have small discrepancies between the two methods. So that the simplified
model is proven to be reliable for the prediction of turbine performance as well as
flow field.

Three different locations of bypass branches are investigated, as shown in Figure 7.
With the main pipe fixed, the intersection of the main pipe and the bypass branch
changes with the horizontal direction of the bypass branch. The bypass branch locates
20mm to the left in Case I, while it stays in the middle as original and locates 20mm to
the right respectively in Case II and III. The coordinates of the velocity profile at the
bypass branch inlet shift with the corresponding bypass branch while keeping the
values of the velocity profile the same.

To focus on the impact of the bypass flow positions, the rotational speed and pressure
ratio of the LPT are set the same in three cases, which are 52100 rpm and 1.7 respec-
tively, corresponding to the working condition when the engine speed is 2200 RPM and
the bypass valve fully opened.

Figure 6. Swirls at two inlets.

Table 1. Comparison of LPT performance predictions of the simplified model

and the whole two-stage turbocharger model.

Pressure

Ratio

LPT/

RPM

Swallowing

capacity Efficiency

LPT in two-stage

domain

1.7 52100 9.1722 73.49

LPT in simplified

domain

1.7 52100 9.1063 73.34
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3 ANALYSIS OF INFLUENCE OF BYPASS FLOW ON TURBINE PERFORMANCE

Figure 8 shows the performance of LPT for the cases with different configurations. As
shown in subfigure (a), it is seen that the swallowing capacity can be altered notably by
the different placing of the bypass branch. Specifically, compared with the location in
the middle (case II), MFP can be reduced by placing the branch on the right side (case
III), while it be increased by placing the branch on the left (case I).

Subfigure (b) compares the efficiency among three configurations. The bypass flow on
the left and right has opposite effects on turbine efficiency. In particular, when the
bypass flow is on the left, it inserts a negative influence on efficiency and results in an
efficiency reduction of 0.8%�1.6%. When the bypass flow is on the right, it improves
the efficiency by about 1.1%�4.3%. And the efficiency discrepancy is more obvious at
three cases when the load is low. Therefore, it is a solid proof that the performance of
LPT can be notably improved by changing the position of the bypass branch.

Figure 7. Different positions of bypass branches.

Figure 8. Performance of LPT in cases of different bypass branches.
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In order to address the reason for the influence of bypass branch on turbine perfor-
mance, more detailed flow information is discussed in following contents.

The reaction of a turbine illustrates the division of expansion between the rotor and the
stator. In this study, the reaction degree (L) of the turbine is defined in Equation (4).

L ¼ T2 � T3

T1 � T3

(4)

As shown in Figure 9, the reaction degrees are all higher than 0.5 in three cases, illus-
trating the acceleration of the fluid in the rotor is higher than that in the volute. The
reaction degree of the turbine gradually decreases with the position of bypass flow
moving from left to right, implying slighter influence on the rotor.

To further investigate the effects of the inter-stage coupling on the volute and rotor with
the change of bypass branch position, the method used in Ref. [17] is adopted. The lost
efficiency in the volute and rotor is defined as the ratio of work difference between the
inlet and outlet of each component and the total work obtained by the turbine, as shown
in Equations (6) and (7) respectively.

LEvolute ¼
Wideal; volute inlet �Wideal; rotor inlet

Wideal; 1
(6)

LErotor ¼
Wideal; rotor inlet �Wreal

Wideal; volute inlet

(7)

In which

Wideal ¼ mcpT 1� Pin

Pout

� �
g�1
g

" #

(8)

Wreal ¼ Tor � w (9)

Figure 9. Comparison of the reaction degree of the LPT in three cases.
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The comparison of the lost efficiency of the three cases is shown in Figure 10. As the
bypass branch moves from left to right, the lost efficiency in the volute slightly increa-
ses and that in the rotor significantly decreases. Although the interval between the left
and middle bypass branches is the same as that between the right and middle, moving
the bypass position to the right has twice the impact on the LEvolute as moving the
bypass position to the left. But in terms of the lost efficiency in the rotor, these two
movement effects are similar, and both reduce the lost efficiency by about 3%. In
comparison with the performance of the volute, the performance of the rotor is more
significantly affected by the position of the bypass branch. Moving the bypass branch to
the right could notably alleviates the loss in the rotor and improves its efficiency.

The difference in LPT performance within the three cases results from the aerodynamic
reason. Strong aerodynamic interactions are happening in LPT. The mechanism of
aerodynamics will be discussed in detail in the following section.

4 INFLUENCE OF BYPASS FLOW ON FLOW INTERACTIONS

In order to further investigate the effects of the bypass flow, a detailed analysis of the
flow field inside the LPTsystem was carried out. The loss mechanisms in the inter-stage
pipe, volute and rotor are compared in three cases with different bypass branch
positions.

4.1 Flow field analysis of the inter-stage pipe

As shown in Figure 11, there is a particular interaction between the main swirling flow
and the bypass flow within the inter-stage pipe. With the comparison of three cases, it is
obviously seen that the different injection positions of bypass flow led to a large change
in the flow field structure and the interaction effects. In the upstream of the confluence,
the flow fields are similar in three cases, which indicates that the upstream region is
rarely affected by the interaction. The interaction effects in these three cases play an
important role at downstream of the junction, which results in completely different
flow field.

Figure 10. Comparison of the lost efficiency of three cases.
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The flow coming from HPT rotor is highly swirling and approaches towards the elbow
with rapid evolvement. The most interesting thing is that there are three kinds of flow
interactions when the swirling flow encounters the high-momentum bypass flow injec-
ted from different positions.

In Case I, the bypass flow enters the main pipe in the circumferential direction of the
main pipe. Since the bypass flow is fed to the main flow offset the central line, additional
tangential component of velocity is added to the main flow. This tangential flow is in the
same direction of the main flow and hence further enhances the strength of the swirling
of the main flow. Consequently, the enhanced swirling flow with a single vortex core
keeps developing and propagates to the LPT inlet, as shown in Figure 12 (a).

Figure 12. Entropy generation and velocity of flow interactions in three cases.

Figure 11. Inter-stage pipe flow field in three cases.
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As the branch pipe moves to the middle of the main pipe (case II), a large portion of the
main flow is pushed towards the other side of the main pipe by the injected bypass flow.
The bypass flow impinges with themain flow directly and the inner wall of themain pipe,
which forms a strong secondary flow structure including a strong vortex in the same
swirling direction as the main flow and a weak vortex in the opposite swirling direction.
Figure 12 (b) also proves that the secondary structure introduces more entropy gen-
eration. At the LPT inlet, the strong vortex dominants this region, and the weak vortex
locates at a small corner of inner wall and nearly vanishes.

When the bypass flow injects into the main pipe from the right side (case III), the
bypass flow is fed in the opposite direction of the main swirling flow, and hence weakens
the vortex of the main flow. A swirling flow in the opposite direction of the main flow is
generated at the position where the weak vortex lies in the case of middle bypass flow.
For the intense interaction between the bypass flow and main flow, there is no doubt
that the entropy generation is significantly enhanced at the downstream location of
main pipe. This phenomenon is also shown in Figure 12 (c). At the LPT inlet, a secondary
structure within shape of Dean vortex is formed. Each of them occupies half of the inlet
region and tends to conflict with each other.

4.2 Flow field analysis of the volute

It has been confirmed previously that the swirling flow at the LPT inlet is different in
three cases. The evolution of different swirling flows in the volute is analyzed. The
l2-criterion, as proposed in the reference [14], is used to identify the vortex core region
in this study. l2 is defined as the second eigenvalue of the symmetry square of the
velocity gradient tensor. The vortex core regions of all cases are visualized using this
criterion, as shown in Figure 13.

In Case I, there is only one vortex core staying at the bottom of volute inlet. This vortex
core first turns right along the bottom of entrance section, then turns left to the rotor
shroud side in the volute, as demonstrated in the subfigure (a). The movement is
accompanied by the appearance of Dean Vortices and enlargement of vortex core. This
vortex core approaches rotor inlet after passing the volute tongue, which forces the
vortex to enter the rotor earlier. This behavior is the main reason why the lost efficiency
within volute is smallest in Case I. In comparison, in Case II two vortices exist at the
volute inlet. The location of the weak vortex raises the strong vortex, then the weak one

Figure 13. Visualization of the vortex region by l2.
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dissipates in the entrance section, which makes the strong vortex core is far from the
rotor inlet. The strong vortex has to travel within the volute until it enters to rotor, thus
the lost efficiency within volute discussed above is higher than that of left bypass
branch. As for Case III, the pair of opposite vortices continue to conflict with each other
and move to the front left in the volute. This pair quickly dissipates in the volute, which
explains the highest lost efficiency within volute among three cases.

As discussed previously, drastically different kinds of secondary flow exist in the volute
under the three cases. The specific patterns of secondary flow and entropy generation
rate are demonstrated in Figure 14. It can be seen that the region with high entropy
generation approximately accompanies the large vortex or distortion flow in general.
This further verifies the conclusion that the loss is produced by or linked to this sec-
ondary flow structure. However, these three cases have different preferences for the
distribution of entropy generation.

In Case I, the entropy generation occupies the region near the shroud side. And the
strong inlet vortex manifests similar properties to a forced vortex. When the vortex
propagates azimuthally, a boundary layer separation on the inner-wall side is induced
by this strong vortex. The flowmovement is against a downward pressure gradient, and
eventually results in an opposite-rotating vortex, as shown in Section C. Moreover, the
strong vortex is always near the volute outlet until it decays, causing a serious blocking
effect. Therefore, the rotor performance is expected to be poor.

With a middle bypass branch, the region of high entropy propagates from up-left to
down-right, maintaining the same movement as the vortex core. Compared with the
case of left bypass, the swirling strength is smaller and the location of vortex core is
more central so that it does not cause boundary layer separation before decay. But the
vortex also moves near the volute outlet, which will result in poor performance of
the rotor.

As for Case III, this pair of vortices quickly decays through conflict with each other. Due
to the interaction of the pair of vortices, there is always a certain distance between the
vortex core and the rotor inlet, which greatly improves the inlet flow of the rotor.
Moreover, the vortex no longer exists in the volute from Section E. Therefore, the per-
formance of rotor will significantly improve under inlet conditions.

4.3 Flow field analysis of the rotor

The entropy distribution of the rotor at two blade heights (50% and 90%) is shown in
Figures 15 and 16 respectively. The volute tongue is located near passage 7. It can be

Figure 14. Evolution of secondary flow in the volute.

192



Figure 15. Blade-to-blade view of the entropy distribution in the rotor at mid

span.

Figure 16. Blade-to-blade view of the entropy distribution in the rotor at 90%

span.
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seen that the entropy distribution in rotor passages is strongly dependent on the sec-
ondary flow structures in the volute. High entropy is produced by the disturbance of the
volute tongue. At the mid span, a large flow separation occurs at the inlet of blades 5, 6
and 7 on the pressure surface in Case I. The same happens at blades 3, 4, 5 and 6 in the
case of middle bypass flow, although the separation on pressure surface involves more
blades, the degree of separation is much smaller than the former. In Case III, the
separation on the pressure surface only occurs at blade 6, where is a slight separation.

At the 90% span, it can be seen that stronger pressure side separation occurs in all
cases. The main reason is the influence of the tip leakage vortex. But there are still
many different behaviors among them. In Case I, the large entropy generation happens
at blades 3, 4, 5 and 6. In Case II and III, the entropy generation also occurs at blades 6
and 7. Case III shows the lowest entropy generation. As the above discussion, it is
clearly manifested that the bypass flow fed on the right side is capable of depression the
generation of tongue-induce entropy significantly than other two cases, and thus the
performance of LPT is notably benefited from this effect.

5 CONCLUSIONS

In this study, a new method based on the control of the bypass flow is proposed to
improve the performance of the regulated two-stage turbocharger. Under the premise
of the same injected angle and level, the eccentricity of the bypass branch to the main
pipe on the aerodynamic stage interaction and its influence on the performance of the
LPTwere studied. Three cases of left, middle and right bypass branches are investigated
in three-dimensional numerical calculation. The main conclusions are as followings:

1. The aerodynamic performance of the LPT is significantly influenced by changing the
position of the bypass branch. The swallowing capacity of the LPT in the case of
middle bypass flow is higher than that in the case of left and right. The efficiency of
the LPT is the highest in the case of right bypass.

2. The loss distributions of the LPT are analyzed by the reaction degree and lost effi-
ciency methods. The performance influence by the flow control is a balance between
the enhance of loss in the volute and reduction of loss in the rotor. As the bypass
branch moves from left to right, the reduction in efficiency loss within the rotor
exceeds the increase in loss efficiency within the volute, which improves the effi-
ciency of LPT.

3. Through the analysis of the flow field of the interstage pipe, the effects of the bypass
flow at different positions on the main swirling flow are revealed. Specifically, the left
bypass flow enhances the main swirling flow. The right bypass flow depresses the
main swirling flow. They eventually generate different swirling structures at the
LPT inlet.

4. This proposed flow control method is proved to be an effective measure to improve
the performance of the regulated two-stage turbocharger. Different arrangement of
the bypass branch brings about different inter-stage coupling effects, which can be
regarded as a tool to carve the main swirling flow coming from HPT and create a
favorable flow field to LPT.
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ABSTRACT

The radial-inflow turbines have been widely used in the turbocharger applications and
the most common challenges for designing turbocharger turbines are to obtain good
efficiencies for design point and off-design points, meeting the maximum mass flow
requirement, having low moment of inertia and maintaining a good stress level which
is quite difficult due to the very high tip speed and high turbine inlet temperature. The
conventional way of tackling this multidisciplinary problem is to perform CFD/FEA
analysis for a large number of designs (DOE) and build an RSM/surrogate model
based on the design matrix then use optimiser to find the optimal solution. Inverse
design method which is a 3D inviscid design method for turbomachinery blades has
been used in the same way with some post modification/treatment on the blade
geometry called radial-filament modification. In this paper, we proposed to use some
aerodynamic and mechanical performance parameters from inverse design solution
and a direct optimisation approach to perform the multidisciplinary optimisation. The
final optimised design shows similar aerodynamic and mechanical performance as the
baseline design (optimized through DOE) with significantly reduced number of CFD/
FEA simulations.

1 INTRODUCTION

Typical radial turbine losses include incidence loss, tip leakage loss, secondary flow loss,
windage loss and exit kinetic energy loss [1]. For radial-inflow turbines, the blade
designed using conventional method is always radial-fibred or radial-filament which
means the blade is stacked along the radial direction and the blade is always supported
by the blade element beneath it which minimises the centrifugal bending stress.
However, this type of blading severely restricts the designer’s choices when defining
blade shapes. Barr et al. [2,3] and Jason et al. [4] have used non-radial blading near LE
(back swept) to improve turbine’s off-design performance (low U/C) by reducing the
incidence loss.

Inverse design method, also known as Circulation method, has been widely used in the
design and optimisation of different types of turbomachinery blades including com-
pressors, turbines, pumps and fans etc [5–8]. The radial-inflow turbine blades designed
using the inverse deign method is three-dimensional (3D), which can provide a higher
aerodynamic performance but can result in high stress concentration on the blade
surface which may exceed the material strength especially for the turbocharger cases
where the turbine inlet temperature is extremely high. A number of different approa-
ches have been applied to tackle this problem including modifying the blade thickness
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[5] and carrying out post-adjustment on the blade wrap angle distribution for the
3D blades to get fully radial-fibred or partially radial-fibred blades [6,9–11].
Multidisciplinary optimisation of radial-inflow turbines using conventional design
methods usually involves a large number of CFD/FEA simulations [12–14].

In this paper, a direct optimisation methodology coupling the inverse design method
with Genetic Algorithm (GA) will be used to optimise the aerodynamic and mechanical
performance of a radial-inflow turbine blade without any CFD/FEA simulations. Instead
of using radial filament the geometry is controlled through geometry parameters
extracted from the inverse design solver.

2 OPTIMISATION METHODOLOGY

The baseline design used in this paper is an optimised design through DOE (design of
experiments consists of hundreds of CFD/FEA simulations), RSM (response surface
model) and MOGA (multi-objective genetic algorithm) [15]. This optimized baseline
design was able to improve the efficiency of a conventionally design baseline stage
subject to stress and modal frequency constraints. The objective of this paper is to
propose a new optimisation methodology which is numerically much more efficient
compared to the conventional DOE based method. The flowchart of the optimisation
methodology used in this paper is shown in Figure 1.

Baseline CFD and FEA analysis will be performed first and its CFD and FEA performance
parameters will be used as the reference. Some parameters will be defined based on the
inviscid flow field information from the inverse design method and geometrical para-
meters of the blade which will be used in the optimisation later to control the aero-
dynamic and mechanical performance of the design. A direct optimisation based on the
inverse design method and MOGA will be used for the given constraints and objectives
while varying the design parameters within the specified range. As a result, the optimal
design will then be selected from the Pareto front and its performance is validated
through CFD/FEA simulation against the baseline design.
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3 BASELINE CFD AND FEA ANALYSIS

The meridional geometry of the baseline design is shown in Figure 2 and all the main
dimensions and geometrical parameters are summarised in Table 1.

The nozzle blade (14 blades) and rotor blade (11 blades) are meshed using ANSYS
Meshing (unstructured mesh) and ANSYS TurboGrid (structured mesh) as shown in
Figure 3. The near-wall element size is 0.01 mm and there are 20 layers in the 0.5 mm
tip clearance region to resolve the tip gap flow. The total number of elements is around
1 million. ANSYS CFX is used for the steady-stage RANS simulations. As shown in the
Figure 4, the nozzle domain is stationary and the rotor domain is rotating. The stage
interface (mixing-plane) is used between the stationary and rotational domain. Inlet
boundary condition is set as total pressure (2.2 bar) and total temperature (403.2 K).
The inlet flow angle is set as 40� from the tangential direction. The outlet static pressure
is set as 1.0 bar. The RPM will be varying from 50,000 to 90,000 rev/min. k-e turbulence
model is used for the turbulence modelling. The resulting turbine mass flow rate and
efficiency are shown in Figure 5. The CFD model and setup have been validated against
test data by Zhang [11].

Figure 1. Flowchart of the optimisation methodology.
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Figure 3. Computational mesh for turbine nozzle + rotor.

Table 1. Meridional geometry parameters of the baseline design.

Meridional parameter Value Unit

Rtip 38 mm

Rhub 11.25 mm

W1 8.7 mm

W2 19.9 mm

L 28.55 mm

a1 10.2� –

Figure 2. Meridional geometry of the baseline design.
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The static structural analysis and modal analysis are also performed using the blade-
only model in ANSYS Mechanical. The mesh used is shown in Figure 6 (around
100,000 elements). A fix support is applied at the blade hub and the blade is rotating
with maximum speed of 120,000 rev/min. The von-Mises stress contour on the
blade surface is shown in Figure 7. It is noted that the stress values are normalised
by the material yield strength and all the values above 1.0 are shown in red. Since
the blade is completely radial-filament, the stress level on the blade is well below the
material strength. The stress concentration occurs near the LE and TE hub locations
which is mainly caused by the lack of modelling the fillet. The blade vibration mode
shape is shown in Figure 8 which is a typical exducer flex with natural frequency of
10,529 Hz.

Figure 4. Computational domain for turbine nozzle + rotor.

Figure 5. Baseline mass flow rate and t-s Efficiency for different RPM.
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4 INVERSE DESIGN BASED AERODYNAMIC AND MECHANICAL

PERFORMANCE PARAMETERS

A detailed derivation and formulations of the inverse design method can be found
in [16].

The main inputs are meridional geometry, blade thickness distribution, LE/TE rV�
q and

streamwise blade loading distribution (@rVq

@m ). rV�
q is a circumferentially averaged

Figure 7. Baseline normalised von-mises stress contour (left – suction side

and right – pressure side).

Figure 8. Baseline vibration mode shape.

Figure 6. Baseline mesh for FEA analysis.
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circulation term where r is the radius and Vq is the tangential velocity. rV�
q is normalised

by Rtip and Utip in Equation (1). For radial-inflow turbines, the LE rV�
q is equivalent to the

work/loading coefficient and has a typical value between 0.7–0.9. The TE rV�
q is ideally

to be minimised to have zero swirl at the turbine exit. The static enthalpy jump across
the blade surfaces is defined in Equation (2), where ’+’ and ’–’ means the pressure and
suction side, B is the number of blades, Wmbl is the relative meridional blade surface
velocity and @rVq

@m is the derivative of rVq along the meridional direction (m). In the inverse
design method, we use @rVq

@m to control the blade loading distribution and the blade
loading is defined by a three-segment method [17]. 4 parameters are used to define a
unique loading shape including LE @rVq

@m , NC, ND (meridional coordinates whose values
are between 0 and 1) and SLOPE which is the slope of the middle straight line.

rV�
q ¼ rVq

RtipUtip

(1)

hþ � h� ¼

2p

B
Wmbl

@rVq

@m
(2)

The 3D velocity field is divided into two parts including a circumferentially averaged
velocity and a periodic velocity. The mean tangential velocity has been given as an input
through rV�

q and @rVq

@m . Mean radial and axial velocities are solved through Stokes-stream
function. The periodic velocity field is solved using discrete Fourier transform in the
frequency domain. Once the full velocity field is resolved, the blade camber (wrap
angle) can be obtained through the boundary condition assuming that the blade surface
velocity is parallel to the blade surface with some initial camber values along a quasi-
orthogonal streamline (stacking condition). The pressure and temperature field are
then solved based on the ideal gas equation and conservation of rothalpy.

As a result, the output of the inverse designmethod will be the blade geometry (camber
distribution) and pressure/velocity field. The surface static pressure from the 3D
inverse design method generally matches well with CFD calculation of the same blade
geometry, see [18]. The following parameters can then be defined based on the inverse
design method output.

(I) The Diffusion Ratio is the ratio of the maximum relative velocity on the blade
surface and the relative velocity at the blade trailing edge.

(II) The Profile Loss is computed from the integration of the cube of the blade sur-
face velocity predicted by the inverse design code. Previous work [19] shows
that the entropy generation on the blade surface is largely proportional to
this value.

(III) UD_work is calculated by the volume flow averaged rVq variation between LE
and TE which is related to the turbine power through Euler’s turbomachinery
equation.

(IV) UD_LeavingKE is the area averaged leaving kinetic energy at the rotor exit.
(V) UD_RMSE calculates the root mean square error of all the wrap angle difference

between shroud and hub, between shroud andmid span, betweenmidspan and
hub, and between 15% span and hub near TE as shown in Figure 9. For a per-
fectly radial-fibred blade, all the wrap angle difference along the vertical
direction will be zero which leads to UD_RMSE = 0.

(VI) UD_MaxDeviation is the maximum value of all the wrap angle differences used
in the calculation of UD_RMSE.

(VII) UD_Wrap0.15HubTE is the wrap angle difference between 15% span and hub
at blade TE.
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(VIII) UD_0.9_MaximumBow calculates the maximum deviation from the linear span
at 90% of streamwise location (near TE). It is the normalised by the linear span
length as shown in Figure 10. For a perfectly radial-filament blade, this value
will be zero.

5 DIRECT OPTIMISATION AND RESULTS

A direct optimisation is carried out using the inverse design method and MOGA (NSGA-II
algorithm [20]). The range of design parameters are shown in Table 2. The constraints
and objectives are summarised in Table 3. The profile loss and the leaving kinetic energy
are closely linked to aerodynamic performance. They are set to be minimized. The
external loss (scallop, back disk flows, mixing loss etc) can be evaluated in more detailed
CFD model or test rig. Since the solution is at design point, the optimization aims at
improving design point efficiency. However, the off-design condition performance can

Figure 10. Illustration of UD_0.9_MaximumBow.

Figure 9. Wrap angle difference between different spanwise and axial

locations.
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also be controlled through proper loading prescription in the inverse design method and
key parameters such as throat and diffusion ratio can be monitored to help control the
overall performance characteristics. This optimization does not rule out any potential
improvements from refining the smaller details of the machine. These measures can be
applied on top of an optimized rotor blade design, which may bring more benefit to the
turbine performance. 40 (population size) x 40 (number of generations) designs will be
generated during the optimisation to search the optimal design for the given range of
design parameters and specified constraints/objectives. All the performance parameters
are calculated for the design point using the inverse design method.

The resulting Pareto front of the optimisation is shown in Figure 11. Design 543 is
selected as the optimal design for further CFD/FEA validation since it has the lowest
UD_MaxDeviation value and highest UD_work value (9.04 versus 8.74 for the base-
line). It has been found that the maximum blade stress increases significantly once the
UD_0.9_MaximumBow is greater than 12.0 or the UD_MaxDeviation is greater
than 5.0.

Table 2. Range of design parameters.

Min Max

rV�
q Hub TE �0.05 0.1

rV�

q Mid TE �0.05 0.1

rV�

q Shroud TE �0.05 0.1

LE @rVq

@m Hub �1 0.5

NC Hub 0.05 0.4

ND Hub 0.45 0.85

SLOPE Hub 1 2.5

LE @rVq

@m Shroud �1 0.5

NC Shroud 0.05 0.4

ND Shroud 0.45 0.85

SLOPE Shroud �8 0

Table 3. Constraints and objectives.

Diffusion Ratio <= 1.8

UD_Wrap0.15HubTE <= 6.125

UD_RMSE <= 10

UD_work >= 8.74

Profile Loss minimise

UD_MaxDeviation minimise

UD_0.9_MaximumBow minimise

UD_LeavingKE minimise

204



From Figure 12 it can be clearly seen that baseline design is purely radial-filament due
to the post modification on the 3D geometry while Design 543 is close to radial-filament
near the exducer region.

The comparison of mass flow rate and t-s efficiency obtained from CFD simulations are
shown in Figure 13. The mass flow rate of Design 543 is almost identical to the baseline
value at the design point condition while slightly lower (2–3%) than the baseline at high
RPM region. Design 543 has the same efficiency value as the bassline at the BEP and the
whole efficiency curve is shifted to the high RPM slightly.

Figure 12. Comparison of wrap angle contour between baseline and

Design 543.

Figure 11. Pareto front and selected optimal design.
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Von-Mises stress contour of Design 543 is shown in Figure 14 and it is very similar to the
baseline distribution where the maximum stress occurs near LE and TE of blade hub. On
the blade surface of Design 543, stress levels are quite low and only near the suction
side of the exducer hub region the stress is a bit higher but still less than the material
strength.

The modal shape of the Design 543 is same as baseline and its modal frequency is
11,999 Hz which is 14% higher than the baseline. The comparison of the blading of the
baseline and Design 543 at section A-A is shown in Figure 15. The blade tangential
thickness distribution does not change much due to the fact that the blade normal
thickness has been kept the same and the blade camber along the meridional direction
does not change much. As it can be seen that the main reason for the increased blade
stiffness is the non-radial blading above the 30% of the spanwise location while the
baseline (blue) has a completely radial blading.

Figure 14. Design 543 normalised von-mises stress contour (left – suction

side and right – pressure side).

Figure 13. Comparison of mass flow rate and t-s efficiency of baseline and

Design 543.
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6 CONCLUSIONS

In this paper an optimisation methodology using inverse design method and direct opti-
misation is presented. It shows that it is possible to obtained less 3D blade (not com-
pletely radial-filament) which has reasonable maximum stress values using inverse
designmethod and direct optimisation. This newly proposed methodology can be used to
design turbine blades which have similar aerodynamic and mechanical performance to
that obtained through DOE based surrogate model approach with much less computa-
tional resources (10 CFD and 2 FEA cases versus around 280 CFD and 80 FEA cases [15]).

NOMENCLATURE

3D three-dimensional

CFD computational fluid dynamics

DOE design of experiments

FEA finite element analysis

GA genetic algorithm

LE leading edge

MOGA multi-objective genetic algorithm

NC normalised streamwise location

ND normalised streamwise location

NSGA-II non-dominated sorting genetic algorithm-II

RSM response surface model

TE trailing edge

a1 blade LE angle

B blade number

(Continued )

Figure 15. Comparison of blade geometries at Section A-A view

(blue-baseline, green-Design 543).
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(Continued )

hþ static enthalpy on the blade pressure side

h� static enthalpy on the blade suction side

L blade axial length

m meridional coordinate

Rtip blade tip radius

Rhub blade TE hub radius

rVq radius x tangential velocity

rV�

q normalised rVq

@rVq

@m steamwise blade loading parameter

Utip blade tip speed

W1 blade inlet width

W2 blade exducer width

Wmbl relative meridional blade surface velocity
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ABSTRACT

This paper presents the analysis and results of the implementation non-radial fibre
blading radial turbines for waste heat recovery (WHR). WHR technologies, such as
turbo-compounding, have to operate at low pressure ratios and low speed conditions,
leading to lower centrifugal stress compared to traditional turbocharger turbines.
Removing this constraint introduces a new degree of freedom and allows more flex-
ibility in the blade design.

The design methodologies presented in this paper consist of a 3D parametric model
coupled with Computational Fluid Dynamic (CFD). The 3D parametric model generated
a sampling of about a hundred geometries and predicted the efficiency using single
blade passage simulations. The sensitivity analysis showed the effect of each design
parameter on efficiency. A radial fibre turbine geometry was optimised for maximum
efficiency. The optimum radial fibre geometry was set as the baseline for further non-
radial blading optimisation, based on a parametric-CFD approach. The efficiency
improvement between the optimum non-radial fibred design and the optimum radial
fibre design was found to be +2.0pp experimentally at the Imperial College turbo-
charger facility.

1 INTRODUCTION

Industrial processes, low-grade waste heat represents 50% of the total heat generated
[1]. Traditionally, low-grade heat is released into the environment due to the lack of
cost-effective and efficient technologies. With the growing environmental concern
about greenhouse gas emissions, research and development has focused on the
recovery of waste heat to reduce the fuel consumed and mitigate the environmental
footprint.

This situation is significant in the offshore oil and gas industry. Offshore facilities are
often isolated from the mainland power grid. These types of platforms have physical
space and weight limitations, requiring compact and simple solutions. Maintenance is a
complicated and costly task due to the difficulty of reaching offshore platforms, thus,
robustness and reliability are essential characteristics of the machinery installed in the
facilities. The literature on waste heat recovery literature on offshore oil and gas plat-
forms is limited, however, some authors assessed their potential [2] and studied the
implementation of WHR technologies, particularly organic Rankine cycle systems [3–7].
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Waste heat from engine exhaust can be recovered by turbocompounding systems that
transform it into mechanical or electrical energy. WHR technology has being applied to
heavy-duty and passenger vehicles [8]. No electric turbocompounding (ETC) imple-
mented in oil and gas applications has been found in the literature. However, the
potential for energy recovery on offshore platforms is significant, harnessing waste heat
streams which would otherwise be released into the atmosphere. Flare is another
important waste heat stream to consider for ETC. Flare is particularly intermittent, ETC
is a flexible technology with good unsteady response and performance as it originates
from automotive applications.

Traditional radial turbines are designed for turbocharger applications, which have
higher pressure ratios and rotational speeds than ETC applications. Therefore, when
using conventional high-speed turbines in ETC conditions (low pressure, PR = 1.1-1.3)
the performance is poor [9]. Radial turbines blades are commonly designed as radial
fibred [10]. This means that the blade fibres are aligned in the direction perpendicular
to the axis of rotation. As a result, the bending stress at the root and leading edge of the
blade are kept low, this is particularly important when the rotational speed and tem-
perature is high, which lead to high centrifugal forces and thermal stress. However, as
the ETC occurs at low speed and low temperature conditions, a departure from the
radial fibre constraint is possible. The design space can be widened using new cam-
berline distributions and different blade angles. The literature available on non-radial
blading is focused on turbocharger applications [11–13]. These applications are char-
acterised by high pressure, temperature and high rotational speed.

This paper investigates the effect of non-radial fibre blading with an automated
approach, at non-conventional low pressure and low speed turbine operating condi-
tions, compared to a standard radial turbine.

2 PARAMETRIC MODEL AND OPTIMISATION

A 3D parametric model consisting of the nozzle and the rotor was created and coupled
with a CFD commercial solver (CFX). The parametric-CFD based approach can assess
the impact of 3D geometric features, such as non-radial fibre blading, on the resulting
aerodynamic efficiency. This comes at a higher computational cost compared to 1D
design approaches such as meanline modelling. The next sections describe in more
detail the methodology and relevant parameters followed by the approach.

The 3D geometry of the nozzle vanes and rotor blades are based on the parametrisation of
the meridional profile, camberline and blade thickness distribution. Some parameters
defining the geometry are also modelled by the meanline methodology, while others have
exclusively a 3D effect and cannot bemodelled inmeanline or other low fidelity approaches.
The number of rotor blades and nozzle vanes was made based on the flow field analysis
fromCFD, ensuring enough guidance to prevent separation whileminimising friction losses.
The number of nozzle vanes and rotor blades was fixed to 19 and 11 respectively.

2.1 Nozzle parametrisation

The nozzle meridional geometry was set in the radial direction and constant blade height,
matching the rotor inlet blade height, b4, as shown in Figure 1(a). Two lines were set as
hub and shroud contours defined by the blade height and nozzle inlet and outlet radius.
The nozzle metal angle, anozzle was used for vane camberline definition, which was set to
be the same at nozzle inlet and outlet, anozzle;2 ¼ anozzle;3, see Figure 1(b).

2.2 Radial fibre rotor parametrisation

The rotor meridional curves are quadratic Bezier polynomials defined at the hub and
shroud. Figure 1(a) shows the meridional contour definition with the relevant
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parameters. Their definition consists of the two end points based on inlet and outlet
radii and axial position. The third point of the polynomial was set by the cone angles, y
of the hub and shroud curves at the two ends.

The cone angle is defined as the angle between the hub, shroud or any streamline
projected onto the meridional plane, and the z-axis at any point [10], as shown in
Eq. (1). In this study the cone angle is a parameter exclusively used in 3D geometry and
its effect on the performance of the turbine is not considered in the meanline prediction
method. For the same radii and blade height, different meridional profiles can be cre-
ated by varying the cone angle. The effect of this variation in efficiency can only be
measured using CFD.

cosy ¼ dzffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
dr2 þ dz2

p (1)

The design of the rotor blades for the ETC baseline was set to radial fibre. Figure 2
shows the section of a radial fibre rotor at different axial locations.

The rotor camberline is defined by the wrap angle, q, at a reference radius and the axial
position. Since the rotor is radial fibre, a single camberline defines the blade shape
entirely. The curve consists of a quadratic Bezier polynomial, the two ends are defined

Figure 1. 3D parametrisation: (a) meridional profile and (b) nozzle

camberline.

Figure 2. Cross section views of a rotor wheel showing the radial blade fibres.
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by the leading edge and trailing edge wrap angle, q, while the inner point is set by
tangential angles at both edges, as shown in Figure 3.

The relation of the blade angle, bblade, the camber angle, j and the cone angle, y at any
point of the blade is shown in Eq. (2) (10). The tangent of the camber angle is defined as
the derivative of the camberline, dq=dz.

tanbblade ¼ tanj cosy ¼ r

rref

dq

dz
cosy (2)

Therefore, the blade angle at the inlet was set to zero, bblade;4 ¼ 0�, since the camber
angle was set to zero too, j4 ¼ 0�. The blade angle at the trailing edge, bblade;6, was
determined by the cone and camber angles. In case of a cone angle equal to zero at the
trailing edge of the blade, j6 ¼ 0�, the blade angle and the camber angle are assumed
equivalent, as indicated in Eq. (3):

tanbblade;6 ¼ tanj6 ¼
r

rref

dq

dz6
(3)

The rotor blade was built by taking the radial fibre at each axial location turning them
the corresponding wrap angle, q, indicated by the camberline. Figure 4 shows a differ-
ent view of the axial sections of the rotor indicating the radial fibre and the wrap angle.

Figure 3. 3D parametrisation of the camberline of the radial fibre rotor.

Figure 4. Radial fibre and wrap angle of the rotor at two axial locations.
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In the rotor section at low z shown in Figure 4(a), the radial fibre can be identified very clearly
as the thick black line. The fibre, which is aligned with the axis of rotation, has an upper end,
which lays on the leading edge of the blade and a lower end, which corresponds to the hub
point. When the axial location, z, increases beyond the blade height, b4, the upper end of the
radial fibre shown in Figure 4(b) corresponds to the shroud point. The blade of radial fibre
designs was built based on the fibres at each axial location, from z ¼ 0 to z ¼ Zr. For the
parametrisation of non-radial fibre blades, extra parameters have to be introduced to define
the blade geometry. Non-radial fibre parametrisation is explained in the next section.

2.3 Non-radial fibre rotor parametrisation

The design flexibility allowed by the non-radial fibre design introduces more variables in
the parametrisation of the blade geometry. Figure 5 shows the overlapping sections of a
radial rotor the non-radial fibre modification at the same axial location. The non-radial
fibre rotor is built from the radial fibre rotor. The parametrisation of the non-radial fibre
is also shown in the figure and consisted of 3 steps, highlighted in black, blue and red in
Figure 5. Each of the parametrisation steps is described as follows:

1. A radial fibre (black) was built according to the wrap angle, q, distribution for that
axial location, z.

2. The radial fibre was transformed by changing its angular position according to the
lean angle, n, with the hub location of the radial fibre as centre of the transformation.
This leaned, straight fibre (blue) is non-radially arranged, therefore the lower end of
the fibre is not coincident with the axis of rotation of the turbine anymore. When
n ¼ 0� the leaned fibre is coincident with the radial fibre.

3. The non-radial fibre (red) was built as a quadratic Bezier polynomial with the upper end
and the lower end of the leaned straight fibre as outer nodes. The inner node was set by
the tangential angles at the ends of the b-spline, named as glower and gupper. These two
angles were defined as the angle between the tangential line (dotted red) and the
leaned straight fibre (blue). This means non-radial fibre with tangential angles set to
zero, glower ¼ gupper ¼ 0� corresponds to the leaned straight fibre itself.

Figure 5. Non-radial fibre blading parametrisation showing the radial fibre

(black), the leaned straight fibre (blue) and the non-radial fibre (red) on top

of overlapping sections of the radial and non-radial rotors.
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The number of parameters required to build the non-radial fibre of the blade located at a
certain axial position, z is four: wrap angle, q, lean angle, n, and two tangential angles of
the non-radial fibre, glower and gupper. Consequently, the distribution of each of the four
parameters with the axial location, z, needs to be defined to build the full blade, which
constitutes all the fibres from z ¼ 0 to z ¼ Zr.

Any distribution could be used to define non-radial blades to different levels of com-
plexity, but, for simplicity the following distributions were applied. The wrap angle dis-
tribution with the axial position is defined by the camberline, as shown in Figure 3. A
quadratic distribution was specified for n, where the lean angle at the leading edge was
set to zero, nLE ¼ 0, and nTE was set as a variable, as shown in Figure 6(a). A linear
distribution was specified for glower, which both glower;LE and glower;TE set as variables, as
shown in Figure 6(b). The distribution of, gupper was parametrised as a horizontal line
when z < b4 (effectively keeping the value of gupper constant at the first part of the rotor)
and as a straight line when > b4, shown in Figure 6(c).

The reason of setting a constant gupper;LE is that the upper end of the blade fibre (radial or
non-radial) corresponds to the leading edge when the axial location is lower than the
blade height, z < b4, as shown above in Figure 4(a). The blade angle at the leading edge,
bblade;4, is the angle between the tangential direction of the blade at the leading edge
(upper point of fibre when z < b4) and the radial direction at the same point. In the radial
fibre configuration, the blade angle at the leading edge, bblade;4 is set to zero, the leading
edge of the blade is aligned with the radial direction. However, the non-radial fibre is
allowed to have a non-zero bblade;4. At the leading edge of the non-radial fibre, n � 0when
z < b4, as shown in Figure 6(a). This means that the radial fibre and the leaned fibre are
almost coincident, therefore the upper point of the non-radial fibre is aligned with the
radial direction. As a result, the blade angle at the leading edge, bblade;4 is equal to gupper at
the leading edge.

As a result of the application of the presented parametrisation method, a non-radial
fibre rotor is built. Figure 7 shows the section of the non-radial fibre blades at different

Figure 6. Distribution of (a) lean angle, n, (b) tangential angle of the non-

radial fibre at the lower end, glower and (c) tangential angle of the non-radial

fibre at the upper end with the leaned straight fibre, gupper, which can be

expressed as function of the inlet blade angle, bblade;4 when z < b4.

Figure 7. Cross section views of a rotorwheel showing the non-radial blade fibres.
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axial planes. When comparing to the radial fibre rotor in Figure 2, these blades are
clearly non-radial, particularly at the low z, as shown in Figure 7(a) and (b). Then the
blade becomes straight, but leaned, (c), and finally recovers the radial alignment at the
trailing edge, shown in (d). This also reflects on the camberlines at different span
locations (hub, midspan and shroud), as shown in Figure 8.

2.4 Other 3D parametrisation

Nozzle and rotor blade thicknesses were defined by polynomials at leading edge, middle
section and trailing edge thicknesses. The thickness distribution for both the nozzle and
the rotor was kept constant in every design. The rotor tip clearance was set to e ¼ 0:5mm

for all ETC geometries. In this way the 3D geometry of the nozzle vane and rotor blade is
completely defined. Flow domains were then created from the geometries and exported
to external software for CFD simulation.

The parametrisation explained in this section is used for the generation of the nozzle
and rotor full 3D geometries. A detailed evaluation of the performance of the geome-
tries was carried out using numerical simulations. The next section presents the spe-
cifics of the CFD evaluation.

2.5 Numerical set up

Single passage nozzle and rotor simulations were set to run the geometry optimisation
coupled with the parametric model. The full stage simulation with the volute domain
was set up for validation and comparison with experimental results. ANSYS CFX 19.4v
was the CFD software used for meshing, solver and data post processing, integrated in
CAESES platform [14].

The flow domain for the nozzle and rotor consisted of extended hub and shroud con-
tours (2 times the wheel diameter for the exit pipe) and single blade passage, as shown
in Figure 9(a). The curves and contours were imported to TurboGrid to build the
structured mesh.

The CFD simulations were set to steady state and the turbulence model used was k � e.
The change of frame of reference between the nozzle-rotor and rotor-outlet interfaces
was set to mixing plane, based on the circumferential averaging of the flow field for the
single passage simulations and frozen rotor for the full stage simulations. While this
coupling approach based on single passage has some limitations regarding local flow
interactions, it is representative of a nozzled turbine, which provides a highly uniform
flow at the nozzle outlet.

Figure 8. Camberline comparison for the radial and non-radial fibre optimised

geometries at different span locations.
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Total temperature and pressure were imposed at the nozzle inlet and static pressure
was set at the outlet boundary of the exit pipe, placed at 2-wheel diameter length of the
rotor trailing edge to ensure fully developed flow. Periodic interfaces were set at lateral
boundaries of the nozzle, rotor and exit pipe domains. Figure 9 shows a picture of the
CFD domain highlighting the components and main boundaries.

Static Structural package from ANSYS was used for the structural calculations of the
rotor for ETC applications to ensure that non-radial fibre blade was structurally safe.
The FEA model consists of the full rotor with some holes on the front face of the rotor
that simulate the rigid attachment of the rotor to the shaft. The material chosen was
Al7075 T76, also selected for manufacturing. The most extreme conditions that could
be achieved experimentally were chosen as boundary conditions in order to ensure the
structural integrity of the designs during operation, the rotational speed was set to
50,000 rpm and the body temperature was set to 40 C.

2.6 Platform integration and optimisation algorithm

The parametric optimisation described in this study involves CFD calculations, which
implies high computational cost compared to other methods. Therefore, a global opti-
misation on a response surface was chosen as optimisation strategy for the CFD-
parametric model. The operating conditions used for the optimisation are set from the
exhaust of the engine (T01 ¼ 743K ; Poutlet ¼ 1:0atm;PR ¼ 1:2; _m ¼ 0:13kgs�1). The system is
expected to operate at steady state conditions, therefore a single operating point is
considered in during the design process.

A response surface is a statistical model built based on the relationship between the
variables and the objective function [15]. In this method, a genetic algorithm is con-
ducted on a response surface that is iteratively build-up. For the initial response sur-
face, the LHS carried out for the meanline calibration can be used. The best designs of
each generation are evaluated and added to the response surface. This updates and
improves the response surface in each iteration. With this approach, the algorithm aims
to reduce the number of computationally costly evaluations.

Figure 9. CFD domain: (a) single passage simulations and (b) full stage

simulations.
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The total-to-static efficiency was the objective function for:

l Optimisation of the meridional profile, nozzle and rotor blade angles and
rotational speed.

l Optimisation of the non-radial fibre blade defined by the non-radial fibre parameters
from the best meridional configuration in the optimisation above.

The area at the nozzle outlet throat was set constant. This effectively constrained the
mass flow to keep it close to the applications conditions. That means that the blade
height, b4, was an output, as indicated in Eq. (4):

b4 ¼ b3 ¼ Anozzle;throat=2 pr3cosanozzle;3 (4)

The set up for numerical simulations explained above allows for an accurate prediction
of the performance of turbine designs and provides detailed information of the flow
field. This helps understanding the impact of geometry modifications in the perfor-
mance of the turbine and the physics behind.

3 RESULTS AND DISCUSSION

This section introduces the sensitivity analysis and optimisations of the radial fibre and
non-radial fibre geometries following the methodology outlined above. In addition, the
experimental results obtained on the optimised geometries which further validate the
CFD analysis of the losses and flow structures.

3.1 Sensitivity analysis and optimised radial fibre geometry

The sensitivity study based on the sampling to create the response surface for optimi-
sation shows interesting results. The range set for each parameter in the sampling was
decided based on the physical constraints of the test rig, as well as manufacturing
considerations. Figure 10 summarises the effect of each design parameter on efficiency,
Figure 10(a) shows a clear correlation of increasing efficiency with increasing r4. Other
parameters determining the geometry of the rotor outlet, r6s=r4 and r6h=r4, have only a
small effect on efficiency, as shown in Figure 10(b) and (c), leading to slightly higher
performance for high values of r6s=r4.

Figure 10(d) shows the effect of anozzle;3 on efficiency, a better performance results with
lower values of anozzle;3. The correlation of bblade;6 with efficiency is not so strong, as shown
in Figure 10(e), since high efficiency designs are achieved with a wide range of blade
angles at the trailing edge, from �70� to �50�. Finally, Figure 10(f) shows an optimum
region of Nrpm for high efficiency, around 30; 000rpm.

The global optimisation carried out from the response surface resulted in the geometry
summarised in Table 1. This geometry is set as the radial fibre baseline design from
which the non-radial fibre blading investigation is carried out.

The maximum equivalent stress registered in the radial fibre design was found to be
89.2 MPa at the blade root close to the trailing edge. This value was well below the yield
strength of the material, 480MPa and sets a baseline to compare the stress of the non-
radial fibre design.
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3.2 Sensitivity analysis and optimised non-radial fibre geometry

After the radial fibre geometry was optimised, the blade is modified to investigate the
effect of non-radial fibre parameters. The radii and rotational speed are kept constant to
limit the number of variables for optimisation. A sensitivity study was carried out as part
of the surface response for the optimisation of the non-radial fibre parameters, with
which the impact of each parameter on efficiency can be assessed.

The results of this analysis are summarised in Figure 11. An optimum anozzle;3 around 68�

can be guessed from the correlation of the parameter with efficiency, as shown in
Figure 11(a). This trend is possibly due to the effect of anozzle;3 on the incidence angle. The
incidence angle, i, is the difference between the flow angle into the rotor in the relative
frame of reference, bflow;4 and the blade angle at the leading edge, bblade;4. Optimum inci-
dence, around �20 to �40� as reported in the literature [10], leads to low leading edge

Figure 10. Sensitivity analysis of htsas function of (a) rotor wheel radius, r4, (b)

rotor shroud radius to wheel radius ratio r6s=r4, (c) rotor hub radius to wheel

radius ratio, r6h=r4 (d) nozzle vane metal angle nozzle vane, anozzle;4, (e) rotor

blade metal angle at trailing edge, bblade;6 and (f) rotational speed N rpm and

fitting curves (solid line) for CFD-based sampling.

Table 1. Radial fibre optimised geometry.

Parameter

Geometry Variables Results

r4

(mm)

r6s/r4

(�)

r6h/r4

(�)

anozzle,4

(�)

bblade,6

(�)

Nrpm

(rpm)

b4

(mm)

hts

(%)

MFP (kg

s�1

K0.5

Pa�1)

Value 40.83 0.88 0.31 65.9 �66.98 30798 7.39 82.9 1.93e-5
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losses and high efficiency. Assuming there is no deviation and the free vortex effect in the
interspace is negligible, anozzle;3 is equal to the flow direction into the rotor in the absolute
frame of reference, aflow;4. This way, incidence angle can be expressed using velocity tri-
angles [10], as indicated in Eq. (5). A combination of anozzle;3 and bblade;4 that gives an
optimum incidence angle leads to high efficiency designs. Contrarily to anozzle;3, bblade;4
seems to have small correlation with efficiency (Figure 11(b)).

i ¼ bflow;4 � bblade;4 ¼ tan�1 C4sinaflow;4 �U4

C4cosaflow;4

� �

� bblade;4 ¼ tan�1 C4sinanozzle;3 �U4

C4cosanozzle;3

� �

(5)

The tangential angle at the upper end of the non-radial fibre with the leaned straight
fibre at the trailing edge gupper; TE and the lean angle at the trailing edge nTE, have a strong
correlation with efficiency as shown in Figure 11(c) and (d), respectively. However, the
effect is quite the opposite. Low, negative nTE and high, positive gupper; TE lead to high
performance. Minimum impact of the glower on efficiency was found, as the fitting curves
are flat for the leading edge and trailing edge shown in Figure 11(e) and (f).

The results of the sensitivity analysis were used for the optimisation, Table 2 sum-
marises the values of the non-radial fibre parameters and the resultant efficiency and
MFP of the optimised geometry. The radii and rotational speed were the same as the
radial fibre optimised geometry presented in the previous section and summarised in
Table 1. The achieved hts of the non-radial fibre design was +0.3 pp higher than the

Figure 11. Sensitivity analysis of hts as function of (a) nozzle vane metal angle

nozzle vane, anozzle;4, (b) rotor blade metal angle at leading edge, bblade;4, (c)

tangential angle of the non-radial fibre at the upper end with the leaned

straight fibre at trailing edge, gupper;TE, (d) lean angle at the trailing edge, nTE

and tangential angle of the non-radial fibre at the lower end with the leaned

straight fibre at (e) the leading edge, glower;LE, and (f) the trailing edge, glower;TE
and fitting curves (solid line) for CFD-based sampling.
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radial fibre design performance. The MFP also increased by 5.18%. In order to under-
stand and validate the small performance improvement of the non-radial fibre blading
design compared to the radial fibre baseline, experimental tests were carried out, as
outlined in the next section.

The non-radial fibre design showed a maximum equivalent stress of 139.9 MPa, an
increase of 44% compared to the radial fibre design. However, the value remained also
below the yield strength of the material (480 MPa), leading to a safety factor of 3.4,
concluding the non-radial fibre design is structurally safe like the radial fibre design at
these operating conditions.

3.3 Experimental results

The experimental data of this study was obtained with the turbine test facility at
Imperial College London, Figure 12(a). A detailed description of this experimental
facility can be found in the literature [16].

Total-to-static efficiency is calculated as the ratio between the actual power and the
isentropic power, as shown in Eq. (6). The actual power of the turbine is derived from
the torque, t, and rotational speed in revolutions per second, ns. The isentropic power is
calculated from the mass flow, _m, inlet temperature, T01, pressure ratio, PR and specific
heat at constant pressure, Cp:

hts ¼
_W act

_W isen

¼ tns

_m CpT01 1� PR
n�1
n

� � (6)

In order to limit the manufacturing cost a new stator assembly was designed consisting
of a single volute and two nozzle inserts, one for the radial fibre rotor and another one
for the non-radial fibre rotor, as shown in Figure 12(b). The volute, which has no area

Table 2. Non-radial fibre optimised geometry.

Parameter

Non-radial Fibre Geometry Variables Results

anozzle,3

(�)

bblade,4

(�)

gupper,TE

(�)

nTE

(�)

glower,LE

(�)

glower,TE

(�)

hts

(%)

MFP (kg s�1 K0.5

Pa�1)

Value 70.23 24.02 0.29 �9.66 14.05 19.47 83.2 2.03e-5

Figure 12. Experimental set up (a) Turbine rig and (b) Section view of the full

assembly consisting of common volute (purple), nozzle insert for radial and

non-radial fibre designs (orange) and radial and non-radial fibre rotor wheels

(grey).
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reduction, distributes the flow around the nozzle inlet and was printed using laser sin-
tering in glass fibre nylon polyamide 12. The nozzle inserts are secured to the volute by
6 bolts and were metal printed in aluminium.

The rotor wheels of the radial and non-radial fibre designs were manufactured by CNC
machining of Al7075, an aluminium alloy with zinc. Figure 13(a) and (c) show front and
top views of the radial fibre rotor, while (b) and (d) show the non-radial fibre rotor after
manufacturing.

The experimental tests of both designs were carried out at steady state conditions at
three different rotational speeds, 20,000, 28,000 and 38,000 rpm and at a range of static
pressure ratios, PR, varying from 1.06 to 2.4. Figure 14 shows the experimental results
of the two designs compared to the CFD results for one speedline, 28,000 rpm. Good
agreement was found in efficiency and mass flow parameter between CFD and experi-
ments (around 2.5 - 2.8 pp - percentage points - average deviation). At low velocity
ratios, 0.3 to 0.65 the non-radial fibre design shows a consistent improvement in effi-
ciency of 3.3 pp compared to the radial fibre design. Around the peak efficiency point,
velocity ratio around 0.7, the non-radial fibre design show 2.0 pp higher efficiency than
the radial fibre design in experiments. CFD results show smaller difference in perfor-
mance between the two designs at peak efficiency, only 0.9 pp. However, at high velocity
ratio, above 0.7, the radial fibre design performs better than the non-radial fibre design.
A greater performance improvement between non-radial fibre rotors and equivalent
radial fibre rotors at low velocity ratios compared to design point and high velocity ratios
has also been observed by previous studies [11,17]. This effect can be explained by the
lower incidence angle of the non-radial fibre design, which is closer to the optimum
incidence angle at low velocity ratios than the incidence of the radial fibre design.
However, at high velocity ratios the incidence angle of the non-radial fibre design is too
low, penalising the total-to-static efficiency more than in the radial fibre design.

Figure 13. Manufactured rotor wheels: (a) front view and (c) top view of the

radial fibre rotor, (b) front view and (d) top view of the non-radial fibre rotor.

Figure 14. Experimental (circle marker) and CFD (solid line) performance

results for the radial fibre design (red) and non-radial fibre design (blue) for

the design speedline, 28,000 rpm: (a) hts as function of the velocity ratio, (b) hts

as function of the PR and (c) MFP as function of the PR:
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Figure 14(c) also shows an increase in the swallowing of the non-radial fibre design,
especially at high pressure ratios (equivalent to low velocity ratio) to a maximum of
3.9% increase in MFP at the highest PR.

These experimental results also validate the CFD simulations used for performance
prediction in the parametric model calculations. Although the CFD results shown in
Figure 14 take into account the full assembly of the turbine (volute, nozzle, rotor and
outlet pipe), the performance and trend of the single passage simulations for the radial
and non-radial fibre designs are in agreement with the full stage simulations and the
experiments. This can be seen in Table 3, which compares the efficiency at design point
predicted by different CFD set up and the experiments. Discrepancy between experi-
mental and CFD simulations mainly come at the fact that back disk losses and leakage
are not accounted for in the numerical simulations. In addition, heat losses, although
small, have an impact in experimental efficiency and are not calculated in CFD. Average
uncertainty of the experimental results was found to be 1.3pp for the efficiency and
1.7% for the mass flow measurements.

3.4 Losses and CFD analysis

In order to further analyse and explain the difference in performance between the two
designs, the entropy generation across the different components was calculated, as an
indication of energy losses [18]. Furthermore, the rotor domain was divided in several
regions and the entropy generation across each of themwas assigned to a different loss
mechanism, the regions are highlighted in Figure 15(a). The loss breakdown, as
entropy generated per unit mass flow, across the rotor and the other components is
shown in Figure 15(b).

Table 3. Predicted efficiency by different CFD set up and experiments for the

two optimised geometries, the radial fibre and the non-radial fibre designs.

Design/

Predicted hts

Single

passage

Full

stage

Full stage with

volute Experiments

Radial fibre [%] 82.9 82.6 79.2 76.1

Non-radial fibre
[%]

83.2 83.1 80.2 78.1

Figure 15. Entropy generation for loss breakdown: (a) rotor domain division

(b) results for the radial fibre and non-radial fibre designs.
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Overall, the entropy generation across the whole turbine was lower for the non-radial
fibre design, Figure 15(b), in agreement with the higher efficiency found. When com-
paring the non-radial fibre design to the radial fibre design, exit duct and passage losses
increased 22% and 11%. Tip leakage losses remain the same in both designs. Nozzle
losses decreased only by 11% in the non-radial fibre design, but trailing edge and
leading edge losses were 39% and 80% lower in the non-radial fibre design.

The decrease in the leading edge losses is due to a better alignment of the flow with the
blade leading edge. Figure 16 provides more understanding in this matter showing the
incidence angle at the rotor inlet. As discussed in Eq. (5), incidence depends on
the relative angle of the flow when approaching the leading edge and the blade angle at
the leading edge. Figure 16(b) shows a lower (more negative) incidence angle for the
non-radial fibre design compared to the radial fibre design shown in Figure 16(a). The
averaged incidence for the radial fibre design was iradialf ¼ �20:45� and the non-radial
fibre design had an average incidence of inon�radialf ¼ �46:73�. Lower incidence reduces
the entropy generation at the rotor leading edge and reduce the flow separation in this
region.

Entropy generation can also be linked to total-to-total efficiency across the rotor,
htt�ROTOR, according to Eq.(7), where the total-to-total efficiency is a function of the
total-to-total pressure ratio across the rotor, P04=P06, and the specific entropy change
across the turbine, Ds, which corresponds to the entropy generation per unit mass for
adiabatic processes discussed in Figure 15(b). Comparing the total-to-total efficiency of
the two designs, the non-radial fibre rotor achieved a htt�ROTOR ¼ 90:1%, 0.3pp higher
than the radial fibre rotor. Since the pressure ratio across the rotor remained constant
for the two geometries, the reduction in entropy generation was the only factor
explaining the increase in htt�ROTOR.

htt�ROTOR ¼

_W act

_W iso;total�ROTOR

¼ 1�
DhROTOR

cpT04 1� P04

P06

�
n�1
n

� � ¼

P04

P06

n�1
n
� e

DsROTOR
R

n�1
n

P04

P06

n�1
n
� 1

(7)

Reduction in entropy generation implies reduction in losses and therefore, higher in
actual power recovered in the rotor. The increase in actual power in the non-radial fibre
design can also be observed when comparing the blade loading as shown in Figure 17.
The blade loading of the non-radial fibre improves at the midspan and tip, as indicated
by the arrows in Figure 17(b) and (c). The blade loading increase occurs at the leading
edge and at the middle of the passage. Higher loading means higher power recovered
which increases the efficiency of the turbine.

Figure 16. Incidence angle at the leading edge of the (a) radial fibre and (b)

non-radial fibre designs.
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4 CONCLUSIONS

A systematic study of the influence of traditional design parameters, but also 3D blading
parameters on efficiency of radial turbomachinery for electric turbocompounding (ETC)
applications was carried out in this paper. A 3D parametric model coupled with CFD was
developed to evaluate the effect of each parameter by performing a sensitivity study,
but also to optimise a radial fibre and a non-radial fibre designs.

The two optimised geometries were tested experimentally showing increased efficiency
of the non-radial fibre geometry compared to the radial fibre baseline geometry, of
2.0pp at the design operating point. The experimental results also validated the CFD
simulations which explained the improved performance. Non-radial fibre blading made
the second design more efficient than the radial fibre baseline by reducing the entropy
generation, especially at the leading edge and improving the blade loading.

Although more exhaustive research is needed to add more flexibility to the 3D blade
parametrisation, including mixed flow blade design and using the incidence angle as
design parameter, this research shows that non-radial fibre blades can achieve higher
performance than the radial fibre baseline.

NOMENCLATURE

b Blade height (mm) Greek Letters

C Absolute velocity (m s�1) anozzle Nozzle vane angle (�)

Cp Heat capacity at constant pres-
sure (J kg�1 K�1)

bblade Rotor blade angle (�)

CFD Computational fluid dynamics gupper Upper angle for non-radial
blading definition (�)

ETC Electric turbocompounding glower Lower angle for non-radial
blading definition (�)

i Incidence angle (�) j Camber angle (�)

_m Mass flow rate (kg s�1) y Cone angle (�)

(Continued )

Figure 17. Blade loading of the radial and non-radial fibre design along the

streamwise direction at different span location: (a) hub, (b) midspan and (c)

blade tip.
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(Continued )

MFP Mass Flow Parameter q Circumferential angle (�)

n Adiabatic coefficient (-) e Tip clearance (mm)

ns Rotational speed (rps) t Torque (N)

Nrpm Rotational speed (rpm) n Lean angle (�)

P Pressure (Pa) Subscripts

PR Pressure ratio (-) 1 Volute inlet

r Radius (mm) 2 Nozzle inlet

T Temperature (K) 3 Nozzle outlet

_W Power (W) 4 Rotor inlet

WHR Waste heat recovery 6 Rotor outlet

xupper Non-radial fibre upper point x-
coordinate

act Actual

yupper Non-radial fibre upper point y-
coordinate

isen Isentropic

z Axial position (mm) LE Leading edge

Zr Rotor length (mm) TE Trailing edge
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ABSTRACT

Decarbonization for a net-zero future has gained momentum in recent years due to the
impact of greenhouse gases on our environment. Various governments and industries
have announced their strategies to achieve low-carbon or net-zero carbon strategies,
which will require the use of renewable energy resources and alternative fuels.
Achieving a net-zero carbon future may take anywhere between 20–50 years. In the
interim, it is apparent that there is a need to make the current energy-producing devi-
ces such as internal combustion engines and gas turbines more efficient, helping to
bridge the gap. One such concept is waste heat recovery (WHR) from hot
exhaust gases.

In this paper, Aspen Plus software is used to model and analyze WHR systems, based on
different variations of the Joule Cycle: Inverted Joule Cycle, Closed Joule Cycle (CJC),
CJC with heat recuperation, two-stage Ericsson Cycle (approximated as a CJC with two
stages of compression with intercooling between the compression stages, two stages of
expansion with reheating between the expansion stages, and heat recuperation),
three-stage Ericsson Cycle (approximated as a CJC with three stages of compression
with intercooling between the compression stages, three stages of expansion with
reheating between the expansion stages, and heat recuperation), CJC with two stages
of expansion, reheating and heat recuperation, and CJC with two stages of compres-
sion, intercooling and heat recuperation. In multistage compression, the temperature
of the inlet stream into all the compressors was kept constant using intercoolers, and
equally, in multistage expansion, the temperature of the inlet stream into all the tur-
bines was also kept constant through reheaters. Air, argon, and carbon dioxide are
separately investigated as working fluids. Sensitivity studies of the exhaust gas tem-
perature and the system pressure ratio and their impact on the cycle thermodynamic
efficiency and specific net work output were carried out for the considered working
fluids and a comparative analysis of the different system models was also performed.
The results show that for an exhaust gas temperature of 600�C, theoretical cycle ther-
modynamic efficiencies up to about 40%, and specific net work output values up to
about 160 kW/kg of exhaust gas can be obtained, with the two-stage Ericsson cycle and
the CJC with heat recuperation and intercooling striking a pragmatic balance between
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system efficiency and system complexity. Also, the results show that argon is the most
effective working fluid at low-pressure ratios while carbon dioxide is most suitable for
high-pressure ratio applications.

1 INTRODUCTION

Increasing fuel prices, energy crises, and global warming are some key challenges the
current generation faces. Waste heat recovery (WHR) is a step toward resolving these
issues by making sure less fuel is burned to produce the same amount of work, gen-
erating less CO2 in the process.

Waste heat is rejected in a thermodynamic process and is usually rejected into the
surrounding. From the Kelvin-Planck statement of the second law of thermodynamics,
no heat engine can have a thermal efficiency of 100%, so some of the heat from the
source must always be thrown away into the surrounding [1]. By the year 2030,
49.3–51.5% of the energy consumed globally is expected to end up as waste heat, with
the transport sector accounting for 43% of the recoverable waste heat [2]. Therefore,
recovering waste heat from existing internal combustion engines such as marine
engines, and heavy-duty truck engines is a need of the hour.

The temperature of the exhaust gas is an important criterion in choosing the appropriate
WHR system [4] and WHR cycles are classified as high-temperature exhaust gas (>
400�C), medium-temperature exhaust gas (100–400�C), and low-temperature WHR (<
100�C) [4]. The work presented in this investigation mainly focuses on high- and medium-
temperature WHR systems based on variations of the Joule and the Ericsson cycles.

The Joule cycle was first fully described by the English physicist James Prescott Joule
(together with William Thomson, later Lord Kelvin) in 1852 [5]. It is composed of four
internally-reversible processes, isentropic compression, isobaric heat addition, isentropic
expansion, and isobaric heat rejection. It is sometimes termed the Brayton cycle because
American engineer George Brayton developed the first practical engine to successfully
operate on it, patenting his “Ready Motor” in 1872: however, Brayton received his patent
20 years after Joule’s original full analysis. Both Joule and Brayton envisaged or used
positive-displacement piston machinery to achieve the compression and expansion in
their engines; today the cycle is more usually associated with continuous-flow devices
(these not being available at the time of the original cycle description by Joule). It is
interesting to note that while one can make a case for naming the cycle after either man,
it was initially imagined and patented by another Englishman, John Barber, in 1791,
although he could not perform an accurate analysis of the cycle as Joule could do 60 years
later. The Joule cycle is normally considered as an open cycle, breathing from and
rejecting heat to the atmosphere, but a closed version of the cycle can be achieved by
replacing the combustor with a high-temperature heat exchanger for heat addition and
recirculating the stream after expansion through a low-temperature heat exchanger for
constant pressure heat rejection; as such, combustion takes place externally.

The Ericsson cycle was proposed by Swedish American engineer John Ericsson in 1853.
It is also made up of four processes: isothermal compression, constant pressure heat
addition, isothermal expansion, and constant pressure heat rejection. In this paper,
approximate Ericsson cycles are designed by modifying the CJC. Multi-stage compres-
sion and expansion are used while cooling the working fluid between stages of com-
pression to a temperature equivalent to that before compression and reheating the
working fluid between expansion stages to its initial temperature before expansion.
Theoretically, an Ericsson cycle can be obtained from a Joule cycle by introducing an
infinite number of stages of compression with intercooling between each of these
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stages and an infinite number of expansion stages with reheating taking place between
each of these stages. This is illustrated in Figure 1.

The working fluid in the cycle illustrated in Figure 1, behaves like a perfect gas.
Compression and expansion follow the isentropic process, and combustors, charge
coolers, and heat exchangers follow the isobaric process. Intercooling and reheating
are carried out to the initial temperature before compression and expansion respec-
tively. If we assume that the pressure ratios between adjacent stages of compression
and expansion are the same and denoted r, the working fluid has an adiabatic index of ɣ,
the effectiveness of the heat exchanger is e, and the number of extra stages of com-
pression is equal to the number of extra stages of expansion, it can be shown that the
efficiency of the cycle h is:

h ¼
nþ 1ð Þt 1� r

ɣ�1

� nþ1ð Þɣ
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� nþ 1ð Þ r
ɣ�1
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This is equivalent to the Ericsson cycle efficiency, and it can be influenced by varying the
number of compression and expansion stages and the working fluid. In the current
investigation, argon (a monoatomic gas), air (78% of its composition being nitrogen
and 21% oxygen, both diatomic gases) and carbon dioxide (a triatomic gas) are con-
sidered to study the effect on the system efficiency and specific work output.

Galindo et al. [6] explored the possibility of WHR from the exhaust gas of a family car
with an IC engine following a Joule cycle composed mainly of a heat exchanger and an
alternating piston serving as a compressor and an expander. The exhaust gas flow rate,
in this case, was low with varying temperatures. Therefore, the WHR system had to be
sufficiently small and lightweight. They reported that the system mainly experienced

Figure 1. Ericsson cycle with n + 1 compressors, n + 1 turbines, n intercoolers,

and n reheaters.
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losses due to pressure pumping, friction, and heat transfer, which together accounted
for almost all of the power that could be generated from the cycle. However, positive
results would have been obtained if there existed a hotter and more stable flow along
with more mechanically efficient equipment and more effective heat exchangers.

Sharma et al. [7] studied a supercritical CO2 regenerative recompression Joule cycle
coupled with a marine gas turbine for shipboard WHR. They reported that the overall
system efficiency increased by 10% and the power of the system increased by 25%.
They also found that the cycle was most sensitive to the pressure ratio such that even a
small departure from the optimum pressure ratio could cause a significant reduction in
cycle performance.

Chen et al. [8] analyzed the performance of a regenerative Joule cycle with internal
irreversibility and concluded that the power output of the system increased with
increasing regenerator effectiveness for a given pressure ratio.

Liu et al. [9] optimized the parameters of a closed Joule cycle to minimize the mass of
space power systems using the non-dominated Sorting Genetic Algorithm (NSGA-II)
method. They found out that a 4% change in the turbine inlet temperature from 1150K
led to a 6% change in the mass of the system. Also, increasing the regenerator effec-
tiveness led to an increase in the cycle efficiency, but led to a drastic increase in the
mass of the system. The optimal range of cycle efficiency was between 16% to 28% and
the optimal pressure ratio ranged from 1.9 to 3.

Finally, Turner and Togawa [10] investigated a complex open Joule cycle and then
proposed closing it in order to change the working fluid to argon. Their analysis, while
simple, suggested that significant gains could be made when the working fluid is
changed, and was the original motivation behind the work described here.

The above researchers have analyzed Closed Joule Cycle WHR systems with a single
working fluid. In this paper, various modifications have been made to the cycles to
understand their effectiveness in recovering waste heat and specific work output.
Simulations have been carried out at each stage with working fluids considered as a
variable, with the objective to obtain the most practical and efficient WHR cycle for
marine and heavy truck engine applications.

2 MODELLING OF WHR CYCLES

The WHR cycles considered particularly suitable for marine and heavy-truck engine
applications are explored and modelled using MS-Excel and Aspen Plus. The cycles
explored are briefly described below.

2.1 WHR cycles explored

2.1.1 Inverted Joule cycle (IJC)

This cycle has been proposed for use in waste heat recovery by other authors [16]. The
exhaust gas is passed directly through the turbine where it expands to sub-atmospheric
temperatures, with the turbine generating useful work. The stream is then cooled in a
heat exchanger and compressed in a compressor to raise its pressure allowing it to be
released into the ambient. This method however produces a remarkable back pressure
and damages the blades of the turbine as the exhaust gas holds by-products of com-
bustion. Also, the low pressure in the cycle means that the components of the WHR
system need to be significantly large unlike in closed Joule cycles where high pressures
can be attained, thus allowing for smaller components. In closed Joule cycles, different
working fluids with better heat exchanger properties can also be tested. The major
disadvantage of the closed cycles is the need to use extra heat exchangers which
increase the size of the WHR system.
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2.1.2 Simple closed Joule cycle (CJC)

The simple closed Joule cycle is a regular Joule cycle in which the working fluid is
recycled. Heating is carried out in a heat exchanger, where the working fluid is heated
by the hot exhaust gas. The expanded working fluid is cooled before it enters the
compressor to reduce compression work. Recycling allows for the usage of other
working fluids which are not readily available like argon and carbon dioxide.

2.1.3 Closed Joule cycle with heat recuperation

As the name of the cycle suggests, this cycle is an extension of the CJC. The expanded
working fluid from the turbine is used to preheat the compressed stream in a heat
exchanger before it is heated by the exhaust gas. This aims at recovering some of the
heat energy not used to supply useful work in the turbine.

2.1.4 Two-stage Ericsson cycle

As shown in Figure 2, a two-stage Ericsson cycle is a CJC with heat recuperation, an
extra stage of compression and an extra stage of expansion. The working fluid is cooled
after the first stage of compression to reduce the compression work of the second
compressor. Reheating of the working fluid is carried out after the expansion in the first
turbine in a bid to improve turbine performance.

The two-stage Ericsson cycle could be oversized for certain small-scale applications,
also, reheating is either done using a portion of the exhaust gas stream or by an
external heat source which significantly complicates the cycle, hence the motivation to
study a modification of this cycle: the CJC with intercooling, heat recuperation, and two
stages of compression.

2.1.5 Three-stage Ericsson cycle

The cycle is approximated as a CJC with three stages of compression with intercooling
between stages, three stages of expansion with reheating between stages, and heat
recuperation. This WHR cycle is a modification of the two-stage Ericsson cycle and is
expected to have higher thermodynamic efficiency.

2.2 Modelling of WHR cycles

2.2.1 MS-Excel

Initial modelling was carried out using MS-Excel to understand the cycles and supply
data to verify and validate the basic models designed in Aspen Plus. A basic Joule cycle
was chosen for comparisons with cycles designed in Aspen Plus as more complicated
cycles require a more vigorous variation of parameters and more complex formulae to

Figure 2. Two-stage ericsson cycle.
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characterize state properties in Excel. To further simplify the models, the working fluid
was assumed to be a perfect gas.

2.2.2 Aspen Plus

Aspen Plus is one of the leading process simulators in chemical engineering. A few of the
developed models were calibrated against the MS-Excel model and data presented in
the literature [16] before proceeding to more complex cycles.

Aspen Plus V12 was used to simulate all the thermodynamic cycles presented in the
subsequent sections. Calculations were performed using the Peng-Robinson equation of
state. The working fluids considered in the closed cycle were argon, air, and carbon
dioxide. The coolant in the cooling heat exchanger was water and the composition of the
exhaust gas was obtained from Pacific Green Technologies as detailed in the second half
of Table 1.

3 RESULTS AND DISCUSSION

Models developed using Excel and Aspen Plus have been tested and compared to verify
the accuracy of themathematical equations shown in the earlier sections. Data from the

Table 1. Details of parameters and exhaust gas composition considered in this

analysis.

Parameter Value

Exhaust gas temperature 600�C

Exhaust gas pressure 1.1 bar

Exhaust gas mass flow rate 5 kg/s

Working fluid temperature after the cold heat exchanger 20�C

Working fluid pressure in closed cycles after the cold heat exchanger 1 bar

Working fluid pressure in closed cycles after the last turbine 1 bar

Working fluid pressure in the IJC after the compressor 1 bar

Working fluid mass flow rate 5 kg/s

Turbine isentropic efficiency 0.9

Compressor isentropic efficiency 0.85

Heat exchanger effectiveness (for all heat exchangers) 0.9

Exhaust gas composition (dry basis)

O2 in exhaust 13.84%

CO2 in exhaust 5.54%

N2 in exhaust 80.31%

SO2 in exhaust 0.072%

NO in exhaust 0.237%

HCl in exhaust 0.0004%
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current simulations have been validated against the literature data found in reference
[16]. For brevity, these results are shown in Appendix A.

The first set of simulations was aimed at obtaining a better understanding of the closed
cycles by fixing the exhaust gas temperature at 873 K while varying the pressure ratio
between 1 to 8. The parameters detailed in Table 1 were used in all the cases described
unless otherwise specified. The thermodynamic efficiency (h) and specific net work
output for each cycle were calculated and plotted against the pressure ratio. For
instance, the efficiency of the two-stage Ericsson cycle, h is given by.

h ¼ net work output

heat input
¼ h7 � h8ð Þ þ h5 � h6ð Þ � h1 � h10ð Þ þ h3 � h2ð Þð Þ

h5 � h4ð Þ þ h7 � h6ð Þ

where hi is the enthalpy of the working fluid at position i in the cycle (Figure 4).

Pressure ratio; r ¼ P3

P10

In the second set of simulations, themost promising cycles from the first set were studied
in detail and compared to the inverted Joule cycle by observing the specific net work
output generated by each WHR cycle. For the closed cycles, the compression ratio and
the exhaust gas temperature were both varied and in the IJC, the expansion ratio and
exhaust temperature were varied. The resulting specific net work output in each closed
cycle case was plotted on a contour curve against the exhaust gas temperature and
pressure ratio, and for the IJC, against the exhaust gas temperature and the expansion
ratio. The specific net work output for the two-stage Ericsson cycle (Figure 2) is
given by:

w ¼ h7 � h8ð Þ þ h5 � h6ð Þ � h1 � h10ð Þ þ h3 � h2ð Þð Þ
mass flow rate of the exhaust gas

Simulations were also carried out to understand the impact of the isentropic efficiencies
of the compressors and turbines, the effectiveness of the heat exchanger and the
pressure loss in the heat exchanger on the overall cycle efficiency and specific net work
output. It was noted as expected that increasing the effectiveness of the heat exchan-
ger or the isentropic efficiencies of either the compressors or turbines led to an overall
increase in cycle performance while an increase in the pressure drop across the heat
exchanger led to poorer cycle performance. These parameters were kept fixed in fur-
ther simulations (Table 1) based on data from existing literature [8,12–14] and
deductions from the simulations.

The mass flow rate of the working fluids was chosen to maintain a fixed change in
temperature for all the different gasses used. This means that Argon for example would
have the highest mass flow rate since it has the lowest specific heat capacity of the
three gases being studied, and the temperature gain in the heat exchanger depends
only on the effectiveness of the heat exchanger and the temperature of the exhaust
gas. Considering the mass flow rate m, specific heat capacity c, and temperature T, the
heat exchanger effectiveness e has the following expression:

e ¼
mcDTð Þworking fluid

�mcDTð Þexhaust gas
¼

DTð Þworking fluid

�DTð Þexhaust gas

3.1 Thermodynamic efficiency of the closed WHR cycles

Figure 3 depicts the fraction of the heat absorbed by the hot heat exchanger
transformed into useful work by the various closed cycles. It can be deduced from
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Figure 3. Thermodynamic efficiency of closed WHR cycles with (a) air,

(b) argon, and (c) CO2 as the working fluid.
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Figures 3(a), 3(b) and 3(c) that the highest thermodynamic efficiency is observed in the
three-stage Ericsson cycle, followed by the two-stage Ericsson cycle. The CJC with heat
recuperation and intercooling exhibits a lower efficiency than those experienced in the
Ericsson cycles. The simple CJC exhibited the lowest efficiency values. It can also be
observed that the efficiency of the CJC with heat recuperation reduces to simple CJC at
a pressure ratio of about 4 when argon is used as the working fluid; this is because at
this present condition the temperature of the stream after expansion is as hot as the
compressed stream and hence the heat recuperator is bypassed. Similar trends are
observed when air and carbon dioxide are used as the working fluids, except in the CJC
with heat recuperation and air reduces to a simple CJC at a pressure ratio close to 6.4
and occurs at much higher pressure ratios when CO2 is used. This indicates how fast the
temperature of each of these gases increases when compressed, fastest in argon and
slowest in carbon dioxide. This is explained by the difference in the specific heat capa-
cities of the gases.

Overall, the argon cycles peak at lower pressure ratios, followed by the air cycles.
Although the highest thermodynamic efficiency recorded for all three cases is around
43% in the three-stage Ericsson cycle, it is not analyzed further as it is relatively com-
plex. Adding more stages of compression and expansion would make the cycle more
efficient and significantly increase its complexity. The simple CJC will not be analyzed
further either as it yields the lowest efficiency. Thermodynamic cycle efficiency plots
show the fraction of the heat transferred in the heat exchanger that is transformed into
useful work. To gain a better understanding of the WHR cycles, the net work output
generated per kilogram flow rate of exhaust gas (specific net work output) was also
calculated and plotted.

3.2 Specific net work output of WHR cycles

In this section, the cycles determined in the previous section were considered and
compared to the open inverted Joule cycle. In the case of the open cycle, the working
fluid is simply the exhaust gas, whereas, in the case of the closed cycle, it is a choice of
air, argon, or CO2. Figure 4 depicts the specific net work output of various closed WHR
Joule cycles and the open Joule cycle. It was noted that the two-stage Ericsson cycle
yielded the highest net work output values compared to all the other cycles when air
and argon are the working fluid. On the other hand, when CO2 is the working fluid, the
two-stage Ericsson cycle produces lower specific net work output values compared to
the IJC under pressure ratios of 4.

Also, it is noticeable that the CJC with heat regeneration and intercooling has a sig-
nificant gain compared to the IJC. Although the two-stage Ericsson cycle has higher
efficiency and specific net work output values, techno-economical and mechanical
complexities due to reheating make the CJC with heat regeneration and intercooling
more desirable.

From the simulations, the IJC yields lower thermodynamic efficiencies (less than 13%)
compared to the closed cycles (more than 30% in the CJC with heat regeneration and
intercooling) but produces comparably large amounts of work. This is because in the
IJC, the exhaust gas serves directly as the working fluid unlike in the closed cycles
where the heat must be transferred via a heat exchanger. This implies that the resulting
exhaust gas after WHR is much hotter in closed cycles than in the IJC, and as such, it
might be reusable in other heating processes. A good example is shown in Table 2,
where the air CJC with heat recuperation and intercooling and the IJC both yield near
equal amounts of net work but the IJC exhaust stream after WHR is 160K colder. This is
particularly useful in ships with enough space and mass allowance to install both WHR
systems to recover some of the waste heat through the turbine shaft and some of it for
heating purposes.

239



Figure 4. Specific net work output per kg of exhaust gas flow of WHR cycles

with (a) air, (b) argon, and (c) CO2 as the working fluid.
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For a pressure ratio of 4 and air as the working fluid, the values of the thermodynamic
efficiency, the specific net work output, and the exhaust gas temperature after WHR for
the IJC, the simple CJC, the CJC with heat recuperation, the CJC with heat recuperation
and intercooling and the 2-stage Ericsson cycle are shown in Table 2.

3.2.1 Impact of exhaust gas temperatures on specific net work output

Not all marine or truck engines have exhaust gases at 873K. Therefore, it is important
to understand the impact of exhaust gas temperatures on the WHR cycles. This is
achieved in this work by varying the exhaust gas temperature between 500 and 1000K
for different compression and expansion ratios as illustrated in Figure 5 using air as the

Table 2. WHR cycle results for an exhaust gas temperature of 600�C and

pressure ratio of 4 and air as working fluid.

WHR cycle

Cycle thermo-

dynamic

efficiency, %

Specific net

work output,

kW/kg

Exhaust gas

temperature

after WHR, K

IJC 16.6 101.8 460

simple CJC 20.5 80.3 512

CJC with heat
recuperation

31.6 85.2 629

CJC with heat
recuperation and
intercooling

36.4 101.5 620

2-stage Ericsson
cycle

40.3 171.1 713

Figure 5. Specific net work output of WHR cycles using air as the working

fluid with varying exhaust gas stream temperature and overall pressure ratio

for the (a) Inverted Joule Cycle, (b) Closed Joule Cycle with heat

recuperation, (c) 2-stage Ericsson cycle, and (d) Closed Joule Cycle with heat

recuperation and intercooling.
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Figure 5. (Continued)
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working fluid (Figures showing the impact of the exhaust gas temperature when using
argon or carbon dioxide as the working fluid are shown in Appendix B). At low-
temperature regions such as 500–550K, for all WHR cycles considered, the net work
output is small or negative in most cases, especially with increasing pressure ratios as
relatively more work is required to compress the working fluid than can be recovered
during its expansion. For such low exhaust gas temperatures per kilogram of exhaust
gas flow, about 21 kW net work output is obtained in the IJC and 24 kW in the 2-stage
Ericsson cycle (with air as the working fluid).

3.2.2 Impact of working fluid on specific net work output in CJC

Figure 6 depicts the impact of working fluid type on specific net work output in a closed
Joule cycle with heat regeneration and intercooling for varying exhaust gas tempera-
ture and pressure ratio. At any given exhaust gas temperature, CO2 shows to have the
highest pressure ratio operating regime and argon, the lowest operating regime. Using
argon allows for the best WHR at lower pressure ratios, with a maximum net work

Figure 6. Specific net work output of the CJC with heat recuperation and

intercooling with varying exhaust gas stream temperatures and pressure

ratios using various working fluids: (a) air, (b) argon, and (c) CO2.
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output being experienced at a pressure ratio of 4, while carbon dioxide allows for higher
pressure ratios to be used.

For an exhaust gas temperature of 600K, the approximate maximum possible specific
net work output values that can be obtained and the corresponding pressure ratios for
the various working fluids in a CJC with heat recuperation and intercooling are shown in
Table 3.

4 CONCLUSIONS

In this paper, approximated Joule cycle WHR systems operating with air, argon and
carbon dioxide separately as working fluids were modelled and analyzed. The results
obtained show that:

1. For a fixed exhaust gas temperature of 873K, the highest cycle thermodynamic
efficiencies were obtained with the three-stage Ericsson cycle (up to 43%), followed
by the two-stage Ericsson cycle (up to 40%), and then the CJC with heat recupera-
tion and intercooling (up to 38%). The IJC exhibited the lowest thermodynamic
efficiencies (below 16%) and higher efficiencies were experienced with the simple
closed Joule cycle (up to 22%). Although the three-stage Ericsson cycle has the
highest thermodynamic efficiency and specific net work output values, the two-
stage Ericsson cycle and the CJC with heat regeneration and intercooling are more

Figure 6. (Continued)

Table 3. CJC with heat recuperation and intercooling: results for an exhaust

gas with a temperature of 600K.

Working fluid Pressure ratio Specific net work output, kW/kg

Monoatomic 2.25 24.3

Diatomic 3 25.0

Triatomic 4 24.3
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desirable because they would likely be smaller in size and show fewer techno-
economic and mechanical complexities due to their having fewer stages of com-
pression and expansion. In the closed cycles, air, argon, and carbon dioxide cycles
had similar thermodynamic efficiency peaks, with argon being most suitable for low-
pressure ratio applications and carbon dioxide for high-pressure ratio applications.

2. Except for the three-stage Ericsson cycle, the two-stage Ericsson WHR cycle yields
the highest amount of specific net work output (up to 160kW/kg for exhaust gas with
temperature 873K and pressure ratio less than 8). Unlike the trend seen with the
cycle thermodynamic efficiencies, the IJC and the CJC with heat regeneration and
intercooling both have similar net work output values. This is because in the IJC the
exhaust gas serves directly as the working fluid unlike in the closed cycles where the
heat must be transferred via a heat exchanger. This implies that the resulting
exhaust gas after WHR is much hotter in the closed cycles than in the IJC, and as
such, it could be reusable in other heating processes. For example, the exhaust
stream after WHR is 160�C hotter in the CJC with heat recuperation and intercooling
with air as the working fluid than in the IJC for an exhaust gas temperature of 873K
and pressure ratio of 4. The CJC with heat recuperation showed slightly higher values
of specific net work output values compared to the simple CJC.

3. All the WHR cycles analyzed in this work became more efficient with increasing
exhaust gas temperature, being able to recover larger fractions of the exhaust gas
energy. For a 600K exhaust gas stream, 24–25kW/kg net work was recovered using
the CJC with heat recuperation and intercooling irrespective of the working fluid
used, however, the argonWHR cycle achieved this value at the lowest pressure while
the carbon dioxide cycle achieved the value at almost twice as high a pressure ratio
than the argon cycle.
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APPENDIX A: TOOL VALIDATION

1. Aspen Plus vs Excel models for an open simple Joule cycle

Figure A1. Simple open Joule cycle.
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Table A1. Data from Excel and Aspen Plus models.

Pressure

ratio, r

Efficiency in

Excel

Efficiency in

Aspen plus Error Error, %

2 0.240875 0.242140 0.001266 0.522643

3 0.353898 0.355603 0.001706 0.479648

4 0.423729 0.425648 0.001919 0.450868

5 0.472653 0.474692 0.002038 0.429400

6 0.509528 0.511638 0.002110 0.412421

7 0.538685 0.540840 0.002155 0.398390

8 0.562538 0.564721 0.002183 0.386610

9 0.582552 0.584752 0.002200 0.376182

10 0.599678 0.601889 0.002211 0.367314

11 0.614564 0.616781 0.002217 0.359407

12 0.62767 0.629889 0.002219 0.352290

13 0.639333 0.641551 0.002219 0.345831

14 0.649805 0.652021 0.002216 0.339928

15 0.65928 0.661493 0.002213 0.334499

16 0.667912 0.670120 0.002208 0.329479

17 0.675821 0.678023 0.002202 0.324816

18 0.683105 0.685301 0.002196 0.320465

There is a small error which is thought to exist because of the Excel models assume
the working fluid to be a perfect gas while in Aspen plus, the Peng-Robinson equation
of state is used.

Figure A2. Error plot characterizing the difference between results obtained in

Aspen Plus and Excel.
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2. Validation of simulations against results obtained in [16]

Table A2. Data from the simulated Aspen Plusmodel compared to results from

literature (16).

Results from Aspen Plus simulations

Results from

literature

Gas

used

Compressor

work, kW

Turbine

work, kW

Heat

added,

kW Efficiency Efficiency

Error,

%

N2 19.2628 63.5606 69.8807 0.6339 0.6339 0

Ar 15.4168 38.5954 39.7841 0.5826 0.5826 0

He 154.3748 385.12 396.6399 0.5818 0.5818 0

H2 270.5676 865.3963 940.8748 0.6322 0.6322 0

Figure A3. Closed Joule cycle with heat regeneration (a) from Aspen plus

model, (b) from literature (16).
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APPENDIX B: OTHER USEFUL PLOTS FROM ASPEN SIMULATIONS.

Figure B1. Specific net work output of WHR cycles using argon as the working

fluid with varying exhaust gas stream temperature and overall pressure ratio

for the (a) Closed Joule Cycle with heat recuperation, (b) 2-stage Ericsson

cycle, and (c) Closed Joule Cycle with heat recuperation and intercooling.
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Figure B2. Specific net work output of WHR cycles using carbon dioxide as the

working fluid with varying exhaust gas stream temperature and overall

pressure ratio for the (a) Closed Joule Cycle with heat recuperation, (b) 2-

stage Ericsson cycle, and (c) Closed Joule Cycle with heat recuperation and

intercooling.
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ABSTRACT

In recent years, the performance of turbochargers has been improved by adopting
complex blade shapes, multi entry turbines and optimized bearing systems. The com-
bination of multi entry turbines and sophisticated blade shapes requires special focus on
blade vibration behaviour. It is challenging to identify the blade vibration response
mode and measure the stress using conventional measurement techniques. In this
research, turbine blade vibrations under rotation at high temperature and speed are
visualized with Digital Image Correlation (DIC) technology using high-speed cameras.
By analyzing the resonance frequency and blade displacement, it is possible to deter-
mine the response mode and the dynamic blade loading.

1 INTRODUCTION

In recent years, the aerodynamic performance of turbocharger impellers has been
improved by adopting three dimensional aero-design techniques. On the other hand,
complex three-dimensional blades do not allow to avoid resonance modes within the
operating range. Research of countermeasure methodology and analysis techniques is
progressing to cope with this challenge [1–6]. Additionally, in attempt to reduce
exhaust interference and maximize its pulsation effect, twin scroll and dual volute tur-
bine housing designs are increasingly popular in multi-cylinder engine applications
[7,8]. However, impellers of Dual Volute turbines are in risk to be damaged due to blade
vibrations at resonance speed. The aerodynamic excitation forces are caused by alter-
nating exhaust pulsations [4,9].

To solve these durability and reliability issues, conventional technology is to attach
strain gauges to the blade and transfer the strain signals via slip rings or telemetry from
the rotating component. Similarly, a measurement technology based on the Blade Tip
Timing (BTT) method can also be applied. However, each method has its technical
challenges [10]. In this research, blade vibrations of an impeller of a Dual Volute turbine
stage with vaned nozzle was visualized with Digital Image Correlation (DIC) technology
using high-speed cameras. This method is new and helps to analyze blade vibrations of
turbine wheels, rotating at high temperature and speed. By analyzing the resonance
frequency and blade displacement, the blade mode of the response can be reliably
determined.

2 AERODYNAMIC EXCITATION MODE OF DUAL VOLUTE TURBINE

Adopting a Dual Volute turbine minimizes the cross flow in a V6 engine- the exhaust
pulsations of the right and the left bank are nearly separated. Pulsating waves of
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exhaust gas flow into the turbine with a typical V-angle phase difference. Under these
conditions, momentarily the left and right bank exhaust pressures differ greatly as can
be seen from the time resolved pressure traces in Figure 1.

Figure 2 shows the momentary spatial total pressure distribution in the turbine housing
under such conditions. During operation, the turbine impeller receives pressure fluc-
tuations of the inflowing gas along the circumference as shown in Figure 3. This leads to
strong unsteady aerodynamic forces on the turbine blades.

As a result, low order blade excitation with frequencies that equal multiples of the
rotational speed N are present. Due to the specifics of Dual Volutes higher 2N, 3N and
4N excitation has to be expected [4]. High blade vibrations can occur when the reso-
nance blade frequency especially of the low mode f1 and the excitation frequency of the
second (2N) or third order (3N) of the rotation match.

Figure 1. Turbine inlet pressure pulsation.

Figure 2: Momentary total pressure

distribution.

Figure 3: Total pressure fluctuations

at turbine impeller inducer.
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3 RESONANCE MODE ANALYSIS AT TURBINE BLADE DESIGN STAGE

The test turbine investigated in the article at hand was designed as a prototype during
the development process with the main purpose of improving aerodynamic perfor-
mance. Table 1 shows its specifications.

Generally, turbocharger turbines for series production are designed with natural fre-
quency f1 above 4N or 5N. The reason for this is the general decay of the excitation with
increasing excitation order [4]. Since the main purpose for the design at hand was to
improve aerodynamic performance, it was compromised in terms of blade stiffness.
Structural analysis confirmed that the resonance frequency f1matches the frequency of
the 3rd order of rotation (3N). The resonance is in the allowed rotation speed range. In
addition, it can be seen from the Campbell diagram in Figure 4, that for this prototype
turbine, the resonance excitation caused by the number of vaned nozzles exist at a
similar rotational speed, but for a higher blade mode shape.

Figure 5 shows contours of the f1 blade displacement and stress, estimated by forced
response Finite Element Analysis (FEA) considering the relevant excitation. In this
snapshot the amplitudes of the single blades are different since the calculation con-
siders also the wheel vibration. The relation between single blade vibration and wheel
vibration characterized by nodal diameters is explained in [1]. From such FEA for each

Table 1. Prototype turbine specifications.

Inlet diameter (Tip) 116.2 mm

Inlet diameter (Hub) 112.4 mm

Outlet diameter 88.2 mm

Number of blades 10

Number of nozzle vanes 18

Figure 4. Campbell diagram of test turbine.
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blade vibration mode, the correlation between local blade displacement and dynamic
stress distribution can be derived. From measurement of the displacement of the blade
tip or the displacement at any other blade location one can conclude the dynamic stress
level in the blades. Mistuning of real structures introduces some uncertainty, that can be
estimated [11]. Important is the ability to experimentally identify the blademode shape
for being able to correlate displacement and stress correctly.

4 BLADE VIBRATION ANALYSIS RESULT FROM HOOD TEST

The Optical Blade Vibration Monitoring System of HOOD (USA) is established as a blade
vibration analysis technology [12–14].

The prototype turbine was operated on a hot gas test bench as shown in Figure 6.

In order to match the flow ratio of the hot gas flowing into each entry of the Dual Volute
turbine to the conditions under pulsation in the actual engine, the flow path was bran-
ched at the exit of the burner, and an orifice was provided on one side to adjust the flow
ratio. The turbine inlet temperature was set to 620�C to respect the heat resistance limit
of the measurement probe. By measuring the passing timing of the tip of the blade with
the HOOD test equipment, the displacement caused by blade vibration is determined
(Figure 7).

With equal admission turbine inflow, no significant blade vibration was detected
(Figure 8-a). However, when an orifice was installed on one side of the Dual Volute
turbine inlets and the left and right expansion ratios were operated under the conditions
shown in Figure 2, large blade vibrations were detected, as shown in Figure 8-b. The
resonance frequency matches with the numerical results from calculation, but also
shows that the real structure is not ideal as it was expected. Mistuning is present and
widens the resonance range and also modulates the singe blade amplitudes.

Figure 6. Schematic diagram of the hot gas test bench installation.

Figure 5. Blade displacement and stress estimation in resonance mode f1.
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From the blade displacements shown in Figure 8 the generated stress can be deter-
mined utilizing the simulation results from Figure 5 since these describe the correlation
between blade deformation and dynamic stress. Following this procedure, Figure 9
exhibits normalized maximum stress for equal admission (without orifice-plate) and
unequal admission (with orifice-plate). As expected, the much higher blade loading for
the unequal admission can be seen. The assumption is here, that the blade mode f1 is
excited. This assumption is supported by analysis of a failed turbine wheel, that is
shown in Figure 10, since the origin of the fatigue failure matches with the calculated
position of the peak stress in the blade for mode shape f1.

In the HOOD test, from the Campbell diagram, it is not possible to differentiate between
different blademode shapes. From displacement measurements one cannot distinguish

Figure 7. Prototype turbine with HOOD probe installed.

Figure 8. Impeller tip displacement from testing with the HOOD system.

Figure 9. Blade stress comparison Figure 10: Damaged turbine blade.
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between the third order and the higher order nozzle count resonance shown in Figure 4
in the Campbell plot. In the evaluation in Figure 9, it was assumed that the vibration
stress was caused by the mode one f1 resonance in a third order 3N excitation.
Indications that underline this assumption are the slight difference in frequency of the
mode shapes and also the location of the origin of the fatigue failure shown in Figure 10.
Still, there was some uncertainty, that can only be eliminated utilizing a measurement
technology that delivers spatial resolved blade displacements.

5 VISUALIZATION OF TURBINE BLADE VIBRATION USING DIC

Examples of strain measurement with DIC using high-speed cameras have been reported
for fixed objects and propellers of wind turbines for wind power generation [15,16].

In this study, DIC using high-speed cameras with the target of visualizing low-order
blade vibrations was applied for the first time to a turbine rotating at high temperature
and high speed. In order to paint and fix the required random speckle pattern on the
turbine blades, it is necessary to apply a heat-resistant paint to the turbine impeller. The
paint is firmly applied after one hour in an oven with a temperature of 200�C. Figure 11
shows the turbine impeller after preparation.

To allow access of the high-speed camera to the rotating turbine impeller at high tem-
perature, the turbine outlet piping was arranged as shown in Figure 12.The images
were taken with two high-speed cameras through a quartz glass. Table 2 shows the
specifications of the high-speed camera used in this test.

Figure 11. Random speckle pattern painted on the turbine impeller.

Figure 12. Setup for the DIC test with high-speed cameras.
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Since the resonance speed and frequency of the test turbine have already been con-
firmed by the HOOD test, the DIC test conditions were set as shown in Table 3 in con-
sideration of the influence of the turbine inlet temperature.

The procedure to visualize the turbine blade vibration with DIC using a high-speed
camera is shown below. Images of the rotating turbine impeller are captured by two
high-speed cameras, and the results are analyzed by Fast Fourier Transformation (FFT)
to extract the frequencies where the blade displacement is large. Figure 13, top, shows
the spatial displacement at the selected frequency which is indicated with a red line in
the FFT spectrum of the maximum blade displacement amplitudes (Figure 13, bottom).

Table 2. High speed camera, DIC software and light source specifications.

High Speed Camera

Camera FASTCAM SA-Z (Photron: Japan)

Frame Rate 100,000 FPS(Hz)

Exposure Time 1/2,880,000s (350nsec)

Resolution 384(H) x 408(V) pixel

Lens F-mount 105mm

DIC Software

VIC-3D HS FFT System (Correlated Solutions: USA)

Light Source

Model LA-HLF100 (HAYASHI-REPIC: Japan)

Lamp Laser-Pumped White Light Source

Table 3. Hot gas bench DIC test conditions.

Turbocharger speed 90,000 rpm*1

Turbine inlet temperature 830�C

Left side volute inlet pressure 75% cycle average inlet pressure

Right side volute inlet pressure 125% cycle average inlet pressure

*1Differences in measurement methods and individual differences in test parts resulted
in a difference of 2000rpm resonance speed.
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In a next step, all blade displacements at the extracted frequencies are visualized.
Furthermore, the blade with the largest displacement is selected and the hub area is
fixed in its position to accurately visualize the local vibration of this blade. By compar-
ison with results from FEA, the blade vibration mode can be determined.

Figure 14(a) shows the visualization results of the displacement of the test turbine
blades, including the deformation of the entire impeller. These DIC results show a
maximum blade tip displacement of about 0.6 mm (peak to peak). By extracting a
single blade from this result and fixing the displacement at the hub, the resonance
mode shape can be visualized as can be seen in Figure 14(b). It shows a good
agreement with the calculation of the blade vibration at the design stage shown in
Figure 5. The mode 1 bending mode f1 is clearly visible. The result also shows good
correlation with the displacement from the tip timing measurements shown in
Figure 8-b.

Figure 13. Spatial FFT analysis result of the DIC visualized data.
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Figure 14. DIC visualization of the f1 displacements after FFT.
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Following listed items need consideration for employing the current DIC method:

1. It must be distinguished between the displacement of the rotor by shaft motion from
unbalance and the single blade vibrations. This can be done in a post processing as
described above.

2. Related to the currently realized optical access it is difficult to visualize the dis-
placement at the tip of the blade. Also blade vibrations on the inducer side of turbines
and the exducer side of compressors cannot be visualized by the DIC.

3. The random speckle pattern coating gradually peels off from the outer periphery
when driving at high temperature and high speed. The duration for measurements
needs to be limited. As a countermeasure, application of random speckle pattern
through laser marking can be considered.
For this issue, data extrapolation and interpolation can help to determine the blade
displacements also in areas where the speckle patterns are lost (Figure 15).

4. As shown in Table 2, maximum frame rate is currently 100kHz. A camera capable of
higher speed imaging with higher resolution is required for high-order blade vibra-
tion measurement at high rotation speed.

6 CONCLUSIONS

Until now, blade vibration measurement during rotation has been performed by direct
measurement using strain gauges and slip rings, telemetry, or by the Blade Tip Timing
(BTT) method. DIC using high-speed cameras is effective for the measurement of low-
order blade vibration stress by spatial displacement analysis and the identification of
mode shapes of turbocharger turbine impellers. DIC enables measurement under high
temperature conditions, which is challenging with the Blade Tip Timing (BTT) method.
By visualizing the spatial vibration of turbine blades using DIC, it is possible to identify
resonance modes, ascertain blade displacement and vibration frequency, and gener-
ated stress to ensure reliable designs.

Figure 15. DIC Turbine blade displacement visualized area
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ABSTRACT

Highly efficient turbine at high expansion ratio is required with the expanded application
of the Miller cycle to automotive engines. At high expansion ratio, turbine diffuser plays an
important role in turbine efficiency because of the increased leaving loss. In addition,
since the turbine operates under engine exhaust pulsation, the diffuser’s performance is
required to be robust over a wide operating range of velocity ratio. Therefore, internal flow
in a turbine diffuser is experimentally investigated under several velocity ratio conditions.

1 INTRODUCTION

As part of global warning countermeasures, regulations on automotive engine emis-
sions have been tightened around the world. The application of turbocharger is
expanding as a technology that contributes to the improvement of performance and
reduction of fuel consumption of the internal combustion engines, and the development
for the improvement of turbocharger performance has been carried out every year.

In recent years, the application of the Miller cycle has increased for automotive engines,
and turbochargers with high pressure ratio and high efficiency are required to maintain
engine power. In order to achieve higher turbine efficiency under such conditions, the
aerodynamic performance of the diffuser should be improved because of the increased
leaving loss at high pressure ratio. There are several investigations on diffuser perfor-
mance parameters of annular diffusers [1, 2]. Singh et al. experimentally studied the
effect of inlet swirl on diffuser performance and reported that the pressure recovery
coefficient under inlet swirling conditions is higher than under non-swirling conditions [1].

However, the radial turbine of the automotive turbocharger investigated in this study is
constrained by the size on the engine. To fit to their interface, diffusers tend to be
shorter than ideal length, and non-axisymmetric shapes may be designed. It has not
been clarified whether the knowledge of simple shape diffusers can be applied to
automotive turbochargers. Several researchers have tried to investigate flow phe-
nomenon in radial turbine diffusers. Yeo et al. measured velocity and flow angle at a
wheel exit, or diffuser inlet by laser-2-focus velocimeter [3]. Osako et al. measured not
only the turbine wheel outlet but also the internal flow with a laser Doppler velocimeter
and analysed the flow vectors and loss distribution [4].

Nakamura et al. measured velocity distributions in the turbine diffuser under pulsating
flow conditions by Particle Image Velocimetry (PIV) and concluded that transient losses
are affected by Strouhal number [5]. Kawabata also tried to visualize flow in the turbine
diffuser by using the 5-holes pitot tube, the oil flow, and the tuft grid methods [6].
In addition, Hasler reported visualization results of velocity and pressure distributions in
the turbine diffuser with two different types of wastegate valves [7]. Turbocharger
turbine designers have an interest in the influence on diffuser internal flow by velocity

15th International Conference on Turbochargers and Turbocharging
Institution of Mechanical Engineers, ISBN: 978-1-032-55154-8

262 DOI: 10.1201/9781003429746-16



ratio (U/C0) conditions because they have influence on the turbine performance and are
fluctuated during engine driven modes. However, little is known about it by these pre-
vious studies which have not focused on U/C0 conditions. Therefore, PIV and wall static
pressure measurements were conducted under several U/C0 conditions and influence
on diffuser internal flow by them are discussed.

2 MEASUREMENT DETAILS

2.1 PIV experimental equipment

A diagram of the experimental setup is shown in Figure 1. First, compressed air is
supplied to a temperature controller via a compressor. A temperature controller then
uses an electric heater to regulate the temperature. In a turbine inlet piping, the air flow
and another one with tracer particles mixed each. The atomizer pressurizes enough air
to pump out the tracer particles.

As shown in Figure 2, the turbine investigated in this study is designed for four-cylinder
engine and has four intake ports [8], so the turbine inlet piping is branched into four
lines. Six tracer particle injectors connected to the atomizer are inserted into the turbine
inlet pipe. Two of them are inserted into the upstream section and the others into the
branch downstream. The tracer particle injectors have 1mm diameter holes spaced
5mm apart.

The tracer particles are produced from DEHS (diethyl-hexyl-sebacate) liquid using the
atomizer. The particle size ranges from 0.2 to 1.0 microns and the total production rate
is 108 particles/cm3. The particle size is theoretically determined by considering the
effect of frequency response, particle sedimentation rate, and centrifugal force [9].

The PIV measurement section is shown in Figure 3. To enable laser irradiation of the
turbine outlet, the outlet pipe is made of acrylic and connected to the turbine housing
with silicone sealant. Two high-speed cameras are installed outside the measurement
section to capture images of passing tracers and obtain velocity information. Table 1
shows the direct distance between the PIV camera and the origin of the measurement
planes. As discussed later, four measurement planes (N1 to N4) are set in the mea-
surement section. The specification of the optical devices is shown in Table 2.

Figure 1. System diagram of PIV measurement.
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Figure 2. Structure of the turbine inlet pipe.

Figure 3. Configuration of the measurement section.

Table 1. Direct distance and stereo angle between PIV cameras and

measurement planes.

Measurement Plane L1[mm] L2[mm] a1[deg.] a2[deg.]

N1 and N2 345 384 46 77

N3 730 590 21 58

N4 880 326 64 30
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2.2 Turbine specification

The geometry of the turbine is shown in Figure 4. It consists of twin scroll, turbine wheel,
and non-axisymmetric diffuser. The PIV measurement section is set downstream of the
diffuser. The twin scroll is formed by a spiral flow path, which is divided into two axially by
a separation wall. There are four inlet ports and working fluid is supplied to all in full
admission condition, whereas to two in partial admission condition. Although the partial
admission conditions are more important for turbine performance [8], to investigate the
basic diffuser characteristics all measurements are conducted under the full admission
condition. This is because velocity non-uniformity at the wheel exit can be strengthen by
velocity distortion at the wheel inlet under the partial admission conditions [10].

The Turbine wheel is 45mm in diameter and has 11 blades. It rotates clockwise as seen
from the outlet. Non-axisymmetric diffuse with a wastegate valve is equipped down-
stream of the turbine wheel. Figure 5 shows a cross-section inside the diffuser. “Plane A”
is nearly axisymmetric, but downstream the flow path is non-axisymmetric due to
constraints on the arrangement of wastegate valve. The wastegate valve connects flow
path between the scroll and diffuser and controls the flow rate to the turbine wheel by
bypassing a portion of the scroll flow.

Table 2. Specification of measurement devices.

PIV camera Sensor Progressive scan CCD

Pixel number 2048 x 2048 px

Pixel size 7.4mm

Dynamic range 1:10000

Frame range 14fps

Laser Output 200mJ/pulse

Maximum frequency 15Hz

Wavelength 532nm

Beam diameter <6.35mm
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2.3 Turbine performance test

Figure 6 shows the results of a turbine performance test using air as working fluid,
showing that the velocity ratio of turbine peak efficiency is about 0.65. The test equip-
ment is the same as in Figure 1 except for the atomizer which is disconnected during the
performance test. The performance test is conducted under full admission condition,
with a pressure ratio of 2.5 and the inlet temperature of 80 degrees C to evaluate the
aerodynamic performance with the effects of heat dissipation eliminated as much as
possible, and the pressure ratio and velocity ratio are matched with the engine oper-
ating conditions. In addition to installing a drain separator at upstream of the turbine,
the turbine outlet temperature is monitored to ensure that it does not fall below room
temperature to minimize the risk of condensation.

Figure 4. Geometry of the twin-scroll turbine and the measurement section.

Figure 5. Cross-section planes in the diffuser.
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2.4 PIV measurement planes

The measurement planes are shown in Figure 7. In this study, four planes are defined to
analyse downstream of the diffuser outlet as well as the diffuser outlet. The distance
from the diffuser exit is 8mm for N1 and 18mm for N2. The distance from the turbine
wheel exit to the origin of N1 is 1.7 � D4. The rectangular planes of N3 and N4 are set
perpendicular to the diffuser outlet and perpendicular to each other. The measurements
of N1 to N4 are conducted separately. Approximately 500 instantaneous velocity ima-
ges are obtained for each measurement, and ensemble averaging method is applied to
evaluate the velocity distribution. The resulting velocity data are organized by velocity
components (Vx, Vy and Vz) defined as shown in Figure 7.

Figure 6. Results of the turbine performance test (Pts = 2.5).

Figure 7. Measurement sections and definition of velocity components.
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2.5 Wall static pressure measurement points

The locations of the wall static pressure measurement points are shown in Figure 8. A
Total of eight static pressure holes are provided in the diffuser. They are grouped into
“Group1” and “Group2”, and their positions are defined by Ldiff. The origin of Ldiff is the
beginning of the diffuser taper. The Ldiff values for eachmeasurement points are listed in
Table 3. The area expansion ratio at No.4 is almost twice the turbine wheel exit area.

2.6 Measurement conditions

The measurement conditions are shown in Table 4. Due to the limitations of the
experimental setup, the pressure ratio is set as 2.0, and the measurements are con-
ducted with U/C0 of 0.55, 0.60, and 0.65 to analyse the effect of swirling flow at the
turbine wheel outlet on the diffuser performance. U/C0 is defined by the below equation.

U=C0 ¼
pD3

N
60ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi

2Cp � Ttin 1� 1
Pts

� �k�1
k

r

Figure 8. Locations of wall static pressure measurement points.

Table 3. Ldiff values for wall static pressure measurement points.

Measurement point Ldiff [mm]

Group1 No.1 1.0

No.2 9.0

No.3 17.0

No.4 25.0

No.5 37.0

No.6 57.0

Group2 No.7 19.5

No.8 39.8
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3 RESULTS AND DISCUSSIONS

3.1 PIV measurement results at N1

The Vz contours of the N1 plane are shown in Figure 9, and the Vz distributions along X
and Y axes are shown in Figure 10. In Figure 9, black vectors represent the tangential
flow and purple circles represent the measurement failure sections. The measurement
failure sections are determined by observing the reflection of the turbine and halation.
As a result, it is shown that the high velocity region is distributed around X = �20mm to
X = 20mm at any U/C0 conditions. Because the turbine has a non-axisymmetric diffu-
ser, the extension of the turbine wheel rotation axis crosses at about X = 20mm.
Therefore, these results indicate the flow from the turbine wheel generally passes along
the axis and reaches the diffuser outlet. Focusing on the flow patterns under U/C0

conditions, it is shown that the lower the U/C0, the wider the low velocity region around
the center of the turbine wheel’s rotation axis. Because the static pressure recovery
coefficient (Cpr) depends on an effective flow area, diffuser performance may be
degraded in the low velocity region.

Illustrations of the turbine wheel outlet velocity triangle are shown in Figure 11. As
shown in Figure 6, the peak efficiency of the turbine is around U/C0 = 0.65, so the
counter-clockwise circumferential velocity component may be stronger under low U/C0

conditions. Since high velocity at the turbine wheel outlet under low U/C0 conditions are
prone to flow separation in the diffuser, the transport of flow separation along the
extension of the turbine wheel’s rotation axis may result in the low velocity region
surrounded by the bow-shaped region.

Figure 9. Vz contour and tangential vectors at N1.

Table 4. Measurement conditions.

Working fluid Air

Pts[-] 2.0

Ttin [deg. C] 65

U/C0[-] 0.55/0.60/0.65
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3.2 Diffuser performance analysis by PIV and wall static pressure

measurement

To quantitatively discuss the diffuser performance under U/C0 conditions, Cpr is eval-
uated by the results of PIV measurement at N1 and wall static pressure measurements.
Figure 12 shows the velocity evaluation area. The evaluation area is set to avoid mea-
surement failure sections near the wall. Vx, Vy and Vz are evaluated in the area, and V is
calculated by an equation below.

V ¼
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
Vx

2 þ Vy
2 þ Vz

2

q

Due to the relatively small circumferential velocity, the absolute flow velocity is eval-
uated to be minimum at U/C0 = 0.65, which is close to the efficiency peak. On the other
hand, when the velocity ratio is lower than U/C0 = 0.65, the absolute velocity tends to
increase as the circumferential velocity increases.

Figure 10. Vz distribution along X axis and Y axis at N1.

Figure 11. Illustrations of the wheel exit velocity triangle.
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The Vz evaluation results are compared with the measured mass flow rate in Figure 13.
The mass flow rate increases at lower U/C0 conditions. However, comparing the condi-
tions of U/C0 = 0.65, Vz is almost the same under the condition of U/C0 = 0.60, and Vz

decreases further under the condition of U/C0 = 0.55. This indicates that the flow dis-
tribution outside the evaluation area can be increased as the U/C0 decreases.

Evaluation result of Cpr of the diffuser is shown in Figure 14. Cpr is evaluated by the
following equation.

Cpr ¼
Ps � Ps1

Pt � Ps1

In general, Pt is defined at the diffuser inlet and Cpr describes how the diffuser recovers
static pressure from the dynamic pressure at the diffuser inlet. However, because PIV
measurement at the diffuser inlet is difficult due to layout constraints, Pt is defined by
the following equation. The density r is evaluated by the static pressure and tempera-
ture measured at the downstream of the PIV measurement section.

Pt ¼ Ps6 þ
rV2

2

From the evaluation results of Group 1, the diffuser Cpr is evaluated as the highest
under the condition of U/C0 = 0.65. Focusing on the distribution of Cpr in Group 1, the
rate of increase of Cpr decreases between No. 4 and No. 5 at U/C0 = 0.55 and U/C0 =
0.60. This may be due to the separation of flow between these measurement points,
which reduces the effective flow area. The extended low velocity region in the low
velocity ratio condition shown in Figure 9 may be caused by the transport of flow
separation occurring between these measurement points.

These measurements show that even under low U/C0 conditions (U/C0 of 0.55 and
0.60), the decrease in Cpr at measurement point No.6 is within 0.03 points. Although
there are technical challenges in inhibiting flow separation, the diffuser can maintain
robust performance as measured in this study.

Figure 12. Area-averaged velocity evaluation area.
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3.3 PIV measurement results at N2

The measurement results at N2 are shown in Figure 15. The figure shows that at U/C0 =
0.55 and 0.60, the flow from the turbine wheel expands and diffuses more compared to
N1. This indicates that the diffuser performance is relatively U/C0 of 0.55 and 0.60
conditions, while the flow less expands at U/C0 = 0.65 condition. “Low swirl and high Vz

region” will be discussed later.

Figure 13. Evaluation of Vz and measured mass flow rate.

Figure 14. Evaluation of the diffuser Cpr (Ldiff is listed in Table 3).
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3.4 PIV measurement results at N3 and N4

The measurement results at N3 are shown in Figure 16. The vectors at N3 indicates that
the flow at the diffuser outlet tends to expand radially, especially in U/C0 of 0.55 con-
ditions. The results at N4 are shown in Figure 17. As a result, it is found that in U/C0 =
0.55 condition, a low velocity region develops downstream of Z = �40mm, and the bulk
flow deviates to the +Y side. This may be caused by blockage on the -Y side of the
measuring tube due to relatively strong swirling flow at the diffuser outlet. However,
because the measuring tube used in this study is not long enough to equalize the flow
field at the outlet, it may be caused by the flow distribution at the outlet of the mea-
suring section.

Illustration of flow field in the measurement section is shown in Figure 18. Focusing on
flow transport between N1 and N2, PIV measurement captures the expansion of the
clockwise bow-shaped region. On the other hand, source of low swirl and high Vz region
in N2 are not captured in N1. Considering that High Vz region is captured near +Y
sidewall of N3 at U/C0 of 0.55, the sourcemay be in N1 andmeasurement failure region.
Due to themeasurement failure sections, the source is not clearly measured under U/C0

of 0.60 and 0.65.

Figure 15. Vz contour and tangential vectors at N2.

Figure 16. Vz contour and tangential vectors at N3.
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4 CONCLUSIONS

A twin-scroll turbine for an automotive turbocharger with a non-axisymmetric diffuser
is studied by PIV and wall static pressuremeasurements at U/C0 = 0.55, 0.60, and 0.65.
The outline of this study is as follows.

l These measurements show that even under low U/C0 conditions, the Cpr reduction at
the diffuser outlet is within 0.03 points. Although there are technical challenges in
suppressing flow separation under low U/C0 conditions, the diffuser can maintain
robust performance as measured in this study.

l From the measurements at U/C0 = 0.55 and 0.60, it is found that between Ldiff =
25 mm and 37 mm, blockage due to flow separation could occur and diffuser perfor-
mance could be degraded. Resolution of this blockage could lead to improved turbine
performance under low velocity ratio conditions.

Figure 17. Vz contour and tangential vectors at N4.

Figure 18. Illustration of flow field in the measurement section (Contours are

results under U/C0 = 0.55 condition).
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5 FUTURE WORKS

Based on the measurement results in this study, the accuracy of the CFD model will be
improved. The improved model will then be used to optimize turbine design. In addi-
tion, as mentioned above, a new series of measurements is conducted under partial
admission conditions that are very important to the performance of the twin scroll
turbine.

NOMENCLATURE

CFD Computational Fluid Dynamics

C0 Spouting velocity

Cp Specific heat at constant pressure

Cpr Static pressure recovery coefficient

D3 Inlet diameter of turbine wheel

D4 Outlet diameter of turbine wheel

N Number of revolutions

PIV Particle Image Velocimetry

p Pi

Pts Total to static pressure ratio (Ptin/Psout)

P Static pressure

Pt Total pressure

Tt Total temperature at turbine inlet

U Circumferential speed

V Velocity

k Specific heat ratio

r Static density

Subscripts

1 Wall static pressure measurement point No.1

6 Wall static pressure measurement point No.6

in Turbine inlet

out Turbine outlet

x X direction

y Y direction

z Z direction
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